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Abstract

This paper presents a novel elastohydrodynamic sealing concept for the
contactless sealing of spool valves. The basic goal is that the spool and the
sleeve can be manufactured with standard mechanical engineering precision.
High initial gaps are compensated for the elastic deformation of an elastomer
seal driven by a self-regulating hydrodynamic effect. The final gap reveals
a small leakage within the range normal for precisely manufactured spool
valves and also features a low friction since a direct, solid contact between the
seal and the sleeve is prevented. This sought-after behavior in ideal conditions
is compared with imperfect situations by means of a simulation study and
experiments. The simulation uses a Finite Element model which takes the
seal‘s elastic deformation, the mechanical contact, the sealing gap pressure
and the surface roughness into account. A simple prototype of the sealing
system was produced to test its functionality in real conditions. Leakages
of QLeak ≤ 18 ml

min @180 bar were recorded. However, an unexpectedly
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high friction occurred indicating an actual contact between the seal and
the sleeve. The component roughness was identified as the cause of this
behavior.

Keywords: Elastohydrodynamics, non-touching seal, spool valve.

1 Introduction

Gap sealings are standard in valves and special cylinders to ensure a very low
friction. Contacting seals – common in hydraulic cylinders – cause substantial
friction. The friction force Ff depends on various conditions, such as the
pressure, speed, viscosity and sealing material and type. A coarse estimate
of the order of magnitude is Ff ≈ p d π 0.01 N/(mm.bar), which reflects,
for instance, the measurements of [1]. For very small cylinder diameters
in particular, e.g. such as those used in exoskeletons, the friction forces
relative to the hydraulic forces increase due to the large circumference to area
ratio. A high friction hinders free movement, which is favorable in certain
phases of human locomotion, for instance during the swing phase when
walking. In precise valves, the manufacturing of narrow sealing gaps is still
a substantial quality issue which, in turn, is also a cost issue. The high costs
of servo-valves compared to proportional valves are substantially related to
their higher precision [2]. The diameter clearances of spool valves are in the
range of 4 to 20 µm [3], depending on the spool diameter, valve overlap and
valve type. The leakage increases with the third power of clearance and is
inversely proportional to the gap length. Hence a low leakage and low overlap
inevitably require high precision manufacturing, which conventional machine
shops cannot accomplish. This is an issue in the experimental testing of new
ideas in academic research, for instance, in the authors’ research group’s work
on hydraulic exoskeleton drives. The problems of high leakage in the first
prototype of a valve system for a digital cylinder drive for exoskeletons are
reported in [4].

This difficulty gave birth to the idea to investigate elastohydrodynamic
sealing concepts. The goal is to find a mechanism which compensates high
initial gaps by elastic deformation to reduce the leakage to acceptable values.
In addition, the mechanism has to avoid the direct contact of the seal with
its counter-surface to avoid dry friction forces. The idea of using elastohy-
drodynamic effects in hydraulics is not new. In [5] the wear problems in
valves of Diesel common rail injectors were found to be caused by an adverse
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elastohydrodynamic effect which created a high contact force between the
actuator piston and the bore. By making some small changes to the design, it
was possible to resolve these problems by reversing this effect and avoiding
contact by introducing a small design change. The pressure-induced elastic
deformation of the properly designed slender sealing lands of a fast switching
valve can have a similar centering effect for a valve spool to overcome valve
sticking [6]. The simulations and experiments reported in [7] demonstrate
that a sealing gap between the cylindrical rod and the multi-conical bore
of a plastic sleeve produces a pressure field which stabilizes the rod at the
centerline if there is either a difference in pressure between both gap ends or
the rod performs an axial motion. The essential mechanism consists of the
elastic deformation of the sleeve and the hydrodynamic coupling. Textured
radial shaft seals use elastohydrodynamic effects to create an oil film if the
shaft rotates when the seals touch the shaft during a standstill. A structure
such as this can even pump back oil from the air to the oil side under pressure
to make the leakage almost zero [8, 9]. A structured sealing surface is applied
in face seals to avoid contact when the system is running. If the shaft speed is
at a rated value, centrifugal forces can be used to compensate for a difference
in pressure over the seal for zero leakage [10, 11]. In [12] a sealing concept is
proposed for turbomachinery which employs self-adjusting, so called “hydro-
dynamic runners” to obtain very small but never-touching sealing gaps for a
very small leakage. To this end, sealing pressure forces which tend to close
the gap are counteracted by hydrodynamic forces in a self-adjusting manner.
In terms of quality, this operating principle is closest to the concept presented
in this paper. Other classical non- touching seals, like the standard gap seal,
the labyrinth seal and the threaded shaft seal, rely on small gap heights with
a high hydraulic valve manufacturing precision.

The basic idea of the sealing concept presented in this paper was first
proposed and studied in an approximate axisymmetric, analytical model and
corresponding numerical simulations in [13]. It differs from the established
sealing concepts due to its ability to compensate for high initial gaps and the
avoidance of contact. The present paper is more general in terms of geometric
situations, imperfections and the role of surface roughness and it employs
advanced mathematical models and experimental investigations. The sealing
concept is presented in Section 2. The Finite Element model to simulate
different imperfections is described in Section 3 and the experimental results
in Section 4. The conclusions and outlook in terms of further research work
are provided in the last section.
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2 Sealing Concept

Figure 1 depicts the basic sealing principle. The initial gap between the seal
and the sleeve is h0. It is assumed that since this is higher than in conventional
gap seals, it will cause an excessive leakage. The sealing principle should be
able to substantially reduce h0 as a result of the pressure-induced deformation
of the ring. If the gap height h(x) is constant, the pressure distribution in the
gap is linear, falling from pA to pB . The pressure on the inner face of the ring
is uniformly pA because the seal contacts the shoulder on the left side while
there is a gap to the right shoulder and a gap exists on the inner side. The
inner and outer pressure fields create a radial force which widens the ring and
decreases the sealing gap. This widening is not uniform, since the inner to
outer pressure difference ∆p(x) decreases from the B side to the A side. The
B side will be widened more, leading to a smaller gap there. The resulting
gap pressure field p(x) has a small or even negligible gradient on the A side
and a large gradient on the B side. This trend is more pronounced the smaller
the gap on the B side becomes and approximates a constant pressure field,
i.e. p(x) ≈ pA. In other words, ∆p(x) (see Figure 1) and its resultant radial

 
Figure 1 Operational principle of the hydrodynamic sealing concept: upper picture: seal in
the initial position with a uniform gap h0 and a corresponding linear gap pressure p(x); lower
picture: a deformed sealing ring with a variable gap height h(x), gap pressure p(x) and an
inner to outer pressure difference ∆p(x).
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Figure 2 Planned application of the seal for a spool valve; sealing lands 1 and 3 are analysed;
the sealing configuration of position 2 was not analysed.

force decrease the larger the deformation becomes and would become zero
if the seal were to contact the counter face on the B side. Thus, no contact
can occur and a certain gap always remains. In its current balanced state, the
elastic deformation of the seal and the pressures on both sides are equal.

For symmetry reasons, the principle works equally for a reverse differ-
ence in pressure difference (pA < pB). Then the ring is pressed on the A side
shoulder and the distribution of h(x) and p(x) are just the mirror images of
the case (pA > pB).

Figure 2 depicts the principal arrangement of the seals in a valve spool.
The seals are mounted loosely in circumferential grooves. The studied sealing
concept is intended for the lands of the valve (# 1 and # 3 in Figure 2)
where the counter face is uninterrupted. The sealing of land # 2, which forms
the metering edges of a spool valve, requires different approaches and is,
therefore, not addressed in this paper.

Pure PEEK (polyetheretherketone) is considered for the sealing ring. It
is the toughest plastic material in terms of strength and stiffness (modulus of
elasticity = 4200 MPa, tensile strength = 120 MPa, [14]) which is required
for the manufacturing of prototypes using conventional machining processes.
Furthermore, compared to other high tensile strength plastic materials like
PAI, PEI, PPS or Nylon, PEEK has a very low friction when paired with
steel components, which is advantageous for this application too, if mixed
lubrication occurs [15].

This qualitative model of the working principle is based on the assump-
tion of perfect geometries of the sleeve and sealing ring in terms of the shape
and surface (no surface roughness), the pure elastic deformation of the ring,
i.e. no plastic strains or creep. Furthermore, the relative motion of the seal to
the counter face is neglected, which has an influence on p(x) and h(x) and in
particular on the stability of the mechanism.
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3 Simulation Model

3.1 Purpose and Basic Approach

The qualitative considerations on the working mechanism cannot explain the
quantitative effects and the influence of the main design parameters thereon.
Purely an experimental investigation is challenging, since a measurement of
the gap height field, which is one of the main system states, is not feasible
with the sensors available. Therefore, a detailed analysis is carried out using a
numerical model of the sealing concept. This should reveal the detailed nature
of the deformation mechanism and its coupling with the gap pressure field.
The main outcomes are the gap height distribution, the pressure distribution
and the leakage flow. One further purpose is the analysis of the influences of
several imperfections related to manufacturing tolerances. Unfortunately, the
simulation model is not able to explore the role of the surface roughness in
sufficient detail and this is a game changer when it comes to mixed lubrication
with partial, solid body contact. According to [16] the roughness increases,
particularly static friction, if the sealing ring has contact with the counter face.
This effect is modelled in a simplified way by a contact condition between
both bodies. It becomes active where h(x) falls below a value representing an
equivalent surface roughness (hmin in Figure 3) of the seal and bore. With the
minimum gap hmin the existing flow passages are modelled in a simplified
manner due to asperities which allow leakages even in such contact situations.

It does not account for the anisotropy of the surface roughness, the possi-
bility of closing local or global flow passages and the influence of the contact
pressure on the flow passage situation of the asperities. Such effects are
studied in [17–19]. The sealing concept is modelled as a coupled solid-fluid
Finite Element problem, employing the Finite Element software ABAQUS.

 
Figure 3 Longitudinal section and modeling features of the Finite Element model in
ABAQUS.
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Table 1 The extremum values of the Reynolds and Froude number calculated for two cases:
small pressures with big gap heights and a big leakage; high pressures with small gap heights
and a big leakage

Name Parameter Value
Leakage, simulated Qmin...max 0.001. . . 0.01 l/min
Gap heights used for simulation hgap,min...max 0.1. . . 100 µm
Cross section, calculated Amin...max 7.85e-9. . . 7.82e-06 m2

Velocities, calculated vmin...max 0.021. . . 21.2 m/s
Reynold’s numbers, calculated Re1,2 〈0.0524, 0.0521〉
Froude numbers, calculated Fr1,2 〈0.096, 95.8〉
Ratios Re/Fr, calculated Re1,2/Fr1,2 〈0.54, 5.4e-4〉

Only the main components like the seal, the fluid gap and the interacting wall
are taken into consideration. The fluid film is modelled using what is known
as the Reynold’s user element, which results in a much faster operation than
the built-in procedure for solving the Navier Stokes equations [20]. This user
element, programmed in FORTRAN, allows the finite element discretiza-
tion of the Reynold’s equation [7, 13] which is extended to cover sealing
problems [21]. The Reynold’s equation is an approximation of the Navier
Stokes equation. It neglects inertial and gravitational terms [22] for flows in
small gaps. These simplifications are justified by a small Reynold’s number
(Equation (1)) and a small relation of the Reynold’s and Froude number
(Equation (2)). Both numbers are provided in Table 1 for the parameters
of Table 2.

Re =
inertial

friction
=
ρvL

η
� 1 (1)

Fr =
inertial

gravitational
=
v2

gL
;
Re

Fr
=

gravitational

friction
< 1 (2)

The Reynolds elements are coupled by a so-called tie contact to the
adjoining standard ABAQUS solid element which represents the seal (see
Figure 3). The nodal forces of the slave nodes (gap) are estimated from the
Reynold’s user element pressure and influence the deformation of the seal
elements.

The design parameters, the exemplary values applied in this paper, and
the used element types can be found in Tables 2 and 3. The used element
types are:

• C3D8 (8-node linear brick)
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Table 2 The model parameters and exemplary values used in this paper. The friction
coefficients chosen for the PEEK/steel pairing can be found in [23, 24]

Name Parameter Value

Length of the seal L 5 mm

Outer diameter of the seal D 25 mm

Height of the seal h 0.5 mm

Initial gap height h0 〈12, 32〉 µm

Modeled angle ϕ 180◦

Contact condition hmin 〈0, 4〉 µm

Dynamic viscosity η 0.035 Ns/m2

Density ρ 0.86 kg/dm3

Dry Friction (Neat PEEK/steel) µdry 0.25

Wet Friction (Neat PEEK/steel, oil 30cSt, small time duration) µwet 0.06

Table 3 Details of the finite element realization
Component Element Number Element Type Material Part

Seal 20 × 20 × 4 C3D8 PEEK 3D Deformable body

Gap 20 × 20 × 1 C3D8T Fluid 3D Deformable body

Wall 44 R3D4 Steel 3D Discrete Rigid

• C3D8T (8-node thermally coupled brick, trilinear displacement and
temperature, for the temperature potential, the hydraulic pressure is used
instead)

• R3D4 (4-node 3D bilinear rigid quadrilateral)

Contacts occur on the seal’s left head side and on its outer side if the
sealing gap tends to become smaller than hmin (see Figure 3). This contact
condition was also applied with the trivial value hmin = 0 µm in the cases
without surface roughness modelling in order to avoid negative gap values.
This could also occur in the case of the numerical iterations in ABAQUS
and would violate the model validity. In ABAQUS a tie connection has to
be defined between the Reynold’s element layer and the outermost solid
element layer of the sealing ring. The mechanical contacts are realized by
the ABAQUS “Mechanical Contact” – condition, also taking into considera-
tion the friction in the tangential direction, between the respective surfaces.
The system pressure acts as a load and is ramped up linearly during the
calculation run from pA = 0..250 bar. To save computation time, the seal was
modelled for only half of the circumference (180◦) with adequate symmetry,
boundary conditions.
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3.2 Results of the Simulation with an Ideal Geometry and No
Roughness

Figure 4 shows the displacement in the radial direction (the cylindrical
coordinate system was used, U1 is the radial direction) for an ideal geometry
(a perfectly cylindrical, homogenous sealing ring centrically placed in a per-
fect cylindrical sleeve and an overall constant initial gap height h0 = 12 µm)
of the sealing ring for the final step with the maximum applied pressure of
pA = 250 bar.

Figure 5 shows the seal deformation for different pressures. When a very
small gap is reached on the low pressure side for high pressures, a further
pressure increase of pA does not reduce but rather widens the gap on the
high pressure side (this can be seen bottom right in Figure 5). Figure 6 shows
the computed leakage flow over pA and the gap pressure distribution for a
maximum pA. The leakage (left picture) rises strongly for a very low pA,
because those pressures cause only a negligible deformation, the gap height is
approximately h0. But for pressures above pA = 5 bar, the leakage decreases
reaching a minimum at about pA = 40 bar to then rise again. Up to this
pressure, the deformation occurs mostly on the low pressure side leading
to a very small gap there. When the pressure is increased further, the gap
on the high pressure side increases which, in combination with the higher
pressure, results in a bigger leakage. The gap pressure is constant in the
circumferential direction for an ideal geometry. The highest pressure gradient
can be found at the smallest gap, i.e. on the low pressure side. Figure 7 shows
the evolution of the gap heights on both ends over pA. In the unloaded state,
the gap height is uniform. As the pressure increases, the height on the lower

Figure 4 Initial and deformed shape of the seal in the radial direction of the seal given a
boundary pressure of pA = 250 bar, pB = 1 bar and a displacement scale factor of 100; the
deformation unit is in meters.
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Figure 5 The seal in a deformed state for pressures pA = 0, 5, 60, 250 bar (upper left, upper
right, lower left, lower right), pB = 1 bar; displacement scale factor: 100.

Figure 6 Simulation results; left: Leakage as a function of pA; right: Axial gap pressure
distribution over the length for different pressures pA and pB = 1 bar.

Figure 7 Simulated gap height at both seal ends over pA.
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pressure side (x = 0) decreases and drops down to a very small value of
approx. h = 0.5 µm. The sealing gap on the high pressure side (x = L), as
already discussed above, widens with a higher pA.

3.3 Imperfection Analysis

The experiments reported in Section 4 revealed an unexpectedly high friction.
To find the cause of this and, in turn, identify measures to overcome this
problem, the role of several imperfections on the behaviour of the sealing
system are analysed in this section. Imperfections of the initial gap geometry
and the surface roughness were investigated. Of course, more types of devia-
tions from the ideal model of the last section are possible and could influence
the performance. Some examples are the non-uniformity of the sealing ring
cross-section dimensions or of the material properties or residual-stresses
which interfere with the stresses as a result of the deformation. The following
selection of imperfections is an attempt to find one or more candidates able to
explain the experimentally observed deviation from the behaviour expected.
The investigated imperfections are:

• Eccentrically placed sealing ring
• Uneven circumferential gap
• Conical gap
• Rough surface

3.3.1 Eccentrically placed sealing ring
The cylindrical sealing ring can be moved radially in the spool notch, hence it
may initially be placed eccentrically in the cylindrical sleeve. The initial situ-
ation is shown in Figure 8. The ring’s radial displacements should compensate

 
Figure 8 Eccentrical seal and piston in the sleeve; black: piston; red: seal; blue: sleeve.
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Figure 9 The initial and deformed shape of the seal in the radial direction of the initially,
eccentrically placed seal for pressures pA = 250 bar, pB = 1 bar and a displacement
magnification factor of 100.

Figure 10 Sealing ring radial displacements and the resulting gap heights for the final
pressure over the length of the seal.

for the eccentric placement. This may be hindered by the friction forces on the
B side due to the frontal contact of the ring and the spool. This simulation case
should clarify whether the sealing principle is strong enough to overcome this
friction force.

The resulting deformation for pA = 250 bar can be seen in Figures 9–11.
Despite the initial non-uniformity, the final gap is uniform in the circumferen-
tial direction, approx. h = 0.5 µm on the low pressure side. Correspondingly,
the ring displacement is non-uniform. For the circumferential position ϕ =
180◦ where the initial gap is h0

2 , the displacement is much less than for
ϕ = 0◦, where it is 3h0

2 . The deformation behaviour in the axial direction
is qualitatively the same as for the perfect case. A small gap is reached even
for moderate pressures on the low pressure side, while the ring moves away
from the sleeve for higher pressures on the high pressure side.
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Figure 11 Radial displacement and the gap height for different pressures at three different
angles in the circumferential direction on the low pressure side (point x = 0 mm).

Figure 12 Leakage over system pressure and pressure distribution for different pressures pA
in the gap at the point ϕ = 0◦.

The leakage given in Figure 12 differs only slightly from the ideal sealing
depicted in Figure 6. In conclusion, the sealing ring eccentricity does not
impair the functionality and cannot explain the high friction observed in the
experiments.

3.3.2 Uneven circumferential gap
An uneven initial gap in the circumferential direction in the form of a cosine
function h(ϕ) = h0(1+ 1

2cos(4ϕ)) is set with the same value for h0 = 12 µm
as for the perfect case (Table 2), so h(ϕ = 0◦) = 18 µm, h(ϕ = 45◦) =
6 µm, h(ϕ = 90◦) = 18 µm. The initial seal size remains the same. The
resulting deformation of the seal can be seen in Figure 13. As expected, the
seal’s deformation compensates for the uneven initial gap and the final sealing
gap is rather uniform. In Figure 14 the final displacements and heights of the
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Figure 13 Initial and deformed shape of the seal in the radial direction with an uneven
initial gap in the circumferential direction; boundary pressures: pA = 250 bar, pB = 1 bar;
displacement magnification factor of 100.

Figure 14 Sealing ring radial displacements (on the left) and the resulting gap heights for
the final pressure over the length of the seal (on the right).

gap over the axial gap length are illustrated. The deformation of the seal in
the angular position ϕ = 45◦ is smaller than at ϕ = 0◦ and ϕ = 90◦ as
the initial gap height is smaller. Figure 15 shows how the displacement and
the height react for different input pressures pA. Thus, the sealing principle
works equally for this imperfection but the final leakage (compare Figure 16
with Figure 6) is approx. Four times higher than for the ideal settings.

3.3.3 Material roughness
In view of the very small final gap on the low pressure side in the micron
or sub-micron range, the surface roughness of the seal and sleeve cannot
be disregarded and have to be considered in a realistic model. The contact
surface distance hmin of the model was approximated by the half sum of
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Figure 15 Radial displacement (on the left) and the height of the gap for different pressures
(on the right) at three different angles in the circumferential direction on the significantly low
pressure side (point x = 0 mm).

Figure 16 Leakage and pressure distribution of the gap at point ϕ = 0◦.

the measured surface roughness (average Rz value of three measurements,
see also Section 4) of the seal and sleeve as hmin ∼

Rz,seal+Rz,sleeve

2 ∼
5.4µm+2.6µm

2 ∼ 4 µm. This is a simple approach which delivered a reasonable
explanation of the experimental results for leakage and friction given in Sec-
tion 4. A more subtle consideration of the roughness, for instance according
to [25], requires statistical roughness values which could not be obtained
using the measurement device available. This was even more the case since an
orthotropic roughness must be expected due to the manufacturing processes.

The seal model differs from the previous ones in two respects: (i) To lower
the computation effort, a factually axisymmetric model is used. The ring is
represented by a single row of elements stretching over an angle of ϕ =
2.5◦, representing a sectorial cut with axisymmetric preserving boundary
conditions on the cutting faces. This approach is used because the Reynolds
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Figure 17 Initial and deformed shape of the seal in the radial direction computed by an
axisymmetric model with a displacement magnification factor of 20 considering the roughness
from a mechanical contact at hmin = 4 µm for pA = 250 bar.

Figure 18 Leakage and pressure distribution in the gap for different pressures pA.

element is only specified for two-dimensional gaps. (ii) A study was per-
formed for an initial gap height of h0 = 32 µm to confirm the experimental
data reported in Section 4.

Figure 17 shows the computed deformed shape. What is virtually an
asperity contact takes place on the low pressure side and the sealing ring
is slightly compressed there. The surface roughness, modelled with a contact
surface, leads to a much higher leakage than for smooth surfaces, which can
be seen in Figure 18. Furthermore, the pressure distribution over the axial
gap changes for higher values of pA, as the gap is partly parallel on the
low pressure side. The detailed radial displacement of the seal can be seen
in Figure 19. The modelled surface roughness zone is shown in transparent
light blue. Contact between the seal and the sleeve is noticeable for pressures
higher pA = 50 bar. Higher pressures extend the contact area which impacts
the friction force behaviour as is noticeable in Figure 19. The coulomb
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Figure 19 Radial displacements u over the length of the seal and the friction force F for
different pressures pA.

friction is calculated from the contact pressure of the elements multiplied
with the responding friction coefficient. Friction occurs due to contact only
and starts at pA ∼ 40 bar, rising approximately in a linear manner with the
pressure. This rise stems from the increasing contact surface and the contact
pressure.

3.3.4 Conical initial gap
The analysis of the effect of a conical initial gap on the sealing behaviour
is carried out in combination with the roughness model introduced above,
due to its significance [26]. An initial gap which diverges in the leakage
direction (A → B) (h0(x = 0) = 20 µm, h0(x = L) = 10 µm) and a
converging gap (h0(x = 0) = 10 µm, h0(x = L) = 20 µm) are simulated.
The initial and deformed states for both cases are sketched in Figure 20.
The piston and sleeve contours are marked by hatched areas. The red line
indicates the contour of the surface asperities where a contact condition is
formulated. The sloped initial gap is modelled by a correspondingly inclined
sleeve contour. The displacement scale factor of 20 is also applied to the
sleeve contour in order to show the gap evolution in a consistent manner.
For a converging gap, the pressure in the gap is close to pB in a wide
range, since the small gap on the A side absorbs most of the pressure drop
pA − pB . Thus, the seal is nearly loaded by a constant pressure difference
∆p(x) ≈ pA − pB and deforms like a cylindrical shell with a constant inner
pressure. This deformation pattern is disturbed by the contact forces where
the seal has contact with the surface asperities’ contact line (Figure 20a–d).

The behaviour of an initially converging gap is depicted in Figure 20e–h.
The seal has contact with the sleeve on the smaller gap side first. For
higher pressures pA the seal – sleeve contact stretches across the full length.
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a)      b)    

 
                                  

 

 
                                  

 
                                    

 

Figure 20 Deformed states of the seal for a diverging (cases a–d) and a converging (cases
e–h) gap with piston, sleeve and contact line (red) contours. The scale factor for deformation
is 20.

The converging gap cannot sufficiently counteract the detrimental role of the
surface roughness. The resulting leakages, friction forces, displacements, and
pressure drops can be seen in Figure 21. The higher friction forces result from
the, on average, smaller initial gap which causes the first contact to already
take place for small pressures.
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a)  Leakage     b)   Friction force 
 

 Radial displacements                              Pressure distributions 

Leakage                                Friction force 

  Radial displacements                               Pressure distributions 

Figure 21 Leakage, friction force, radial displacement and pressure distribution for different
pressure levels pA; diverging gap: a–d; converging gap: e–h.
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The imperfection analyses confirm the basic working principle but reveal
the strongly deteriorating role of the surface roughness. However, moderate
imperfections related to the main geometric dimensions of the sealing ring or
the sleeve do not lead to a malfunctioning.

4 Test Rig and Experimental Results

A simple test rig was designed to experimentally analyse the sealing concept.
Figure 22 portrays the piston with the seals in assembled and disassembled
states. It consists of the spool, two sealing rings made out of PEEK, two
groove rings and two screw nuts. The final parameters of the prototype can
be found in Table 5. The test rig is demountable for an easy change of the
seals. All of the components were manufactured in-house on a standard CNC
turning machine. Manufacturing the seal with this machine is challenging
due to the higher softness of PEEK compared to steel. It proved successful to
create the drill hole of the seal first, and to mount the seal on a mandrel with
the same diameter. Next, the outer diameter was turned and the ring was cut
off. It is important to note that the front faces of the sealing ring were carefully
ground to guarantee a smooth surface after the turning; without this step, the
seal did not function at all. Furthermore, the bore of the sleeve was honed
to achieve a smooth surface and reduce the effects of the surface roughness.
The surface roughness in the axial direction of the seal and the sleeve were
then measured with a perthometer as shown in Table 4. From those values
hmin was calculated as described in 3.3.3. Figure 23 shows a schematic of
the test rig and the assembled system with the measuring equipment. The two
seals, the washers and the screw nuts are mounted on the piston before it
is placed in the sleeve and covers are attached on both sides. To eliminate
friction between the cover bore and the spool rods, the piston is continuously
rotated and axially shifted while fixing the screws of the cover. A contactless
magnetic position sensor on the left side facilitates measuring the motion
and a piezoelectric force sensor allows the friction force to be measured

   
Figure 22 Piston with the seals and groove rings in an assembled (left) and disassembled
(right) state (piston, seals, washers, screw nuts).
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Table 4 Measuring equipment
Name Principle Type Brand
Electromechanical cylinder Spindle drive LH 15 ROSE + KRIEGER
Force sensor Piezoelectric 933 1B Kistler
Displacement sensor Magnetoresistive MSS-975R, Sony

HA-705LK
Perthometer Profile method M1 Mahr

Table 5 Parameters employed for the prototype
Name Parameter Value
Length of the seal L 5 mm
Outer diameter of the seal D 25 mm
Height of the seal h 0.5 mm
Measured initial gap height h0 28 & 32 µm
Contact condition hmin 4 µm

(see Table 4 for details). It is placed between the electric linear drive and the
piston. Fixating the system on the frame was done while permanently, slightly
moving the electric cylinder to avoid restraint forces. This step is necessary
after every mounting of the components, to obtain a smooth operation of
the system. The recording of sensor signals (displacement, force) and the
motion control of the piston via proper commands to the electric cylinder
(pulse width modulation) were accomplished using MATLAB/Simulink and
dSPACE. A simple PID controller, augmented with a velocity feed forward
term was used for position control and tested for the different displacement
points of the cylinder. A sine curve (amplitude s = 12 mm and frequency
f = 2 rad

s ) was selected as the desired position trajectory. For the measure-
ments, the pressure was adjusted in steps and the oil leakage was measured
with a measuring cup for a time of 10 minutes, separately for every step.
The leakage and force measurements were performed three times for each
pressure level to check reproducibility.

To analyse the plain friction and the leakage, the first measurements were
taken without any seal in the system. Figure 24 shows the leakage on the left
side and the resulting friction force on the right side. A theoretical gap flow
Qtheoretical = bh3

12ηl∆p is provided for reference purposes. This is computed
for the nominal gaps between the spool lands and the bore, which are 50 µm.
Manufacturing inaccuracies are responsible for the difference between the
left and the right leakage. The measured axial force for different pressures
pA shows some friction, most likely resulting from spool tilting [26]. This
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Figure 23 Test Rig: Schematic and photo of the experimental setup (1. Position sensor,
2. Assembled piston block, 3. Force sensor, 4. Guidance, 5. Electric cylinder, 6. Leakage
measuring cup, 7. dSPACE control system).

 

Figure 24 Leakage and friction force of the system without any seal for different pres-
sures pA.
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Figure 25 Measured and simulated leakage and total friction force for different pressures
pA and two different initial gap heights; left: h0 = 32 µm; right: h0 = 28 µm.

friction rises for higher pressures as the effect of tilting is stronger. These
experiments only went up to pA = 70 bar to keep the leakage measurement
in a feasible range. Next, tests were performed with seals, as described above.
The measured leakage and friction forces can be seen in Figure 25. Two
different types of seals were used with slightly different outer diameters. The
corresponding initial gap heights were h0 = 32 µm and h0 = 28 µm. For
higher pressures (pA > 20 bar) the measured leakage agrees well with the
expected and simulated values, but not for lower pressures (pA < 20 bar).
A leakage between the seal and the piston as result of small gaps on the
front face is assumed to be the reason, either due to surface roughness or
due to the imperfect planarity of the seal front face. These gaps are likely
closed for higher pressures pA. The simulated friction was calculated from the
contact pressure of the simulation model and a typical value for wet friction
of µwet = 0.06 (neat PEEK/steel with an oil lubricant of 30cSt, coefficient of
friction taken from [23, 24]).
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Figure 26 Measured friction force for different pressures pA for an initial gap height h0 =
32 µm.

The friction forces in Figure 25 are the mean values of the absolute
friction forces measured as shown in Figure 26. The measured friction forces
presented here are the sum of both seals; a single seal would create only half
of the value shown. For smaller pressures (pA < 20 bar) the real friction
forces measured are higher than for the simulated one. This is suspected to be
the result of the spool tilting of the piston which also creates friction between
the piston body and the sleeve. It should be noted that for the smaller initial
gap height of h0 = 28 µm, the friction forces are slightly higher in the mid
pressure range, but almost equal for the final pressure.

In conclusion, the measurements confirm the simulation results and the
basic working principle of the sealing concept. These simple seals reduce the
leakage of a standard gap seal system to approx. 1

100 with the same initial gap
height. Figure 26 shows that the working principle of the seal is not highly
affected by a moving piston, provided pressure pA exceeds a minimum value
of approx. 20 bar. The achievable performances concerning the leakage (as
shown in 3.2, which would ideally be more than 10 times lower) and the fric-
tion force (ideally zero) are mainly limited by the surface roughness. In the
test rig, the roughness of the seal dominated, reflecting the difficulty to attain
a high surface quality of the polymers using standard mechanical machining
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processes. Injection moulding could deliver a much better surface quality
bringing the sealing system into attractive performance ranges concerning
both the leakage and friction. For cost reasons, manufacturing of this kind is
generally serial production.

One weak point of the sealing concept is the unfavourable gap distribution
in the length direction, with a small gap on the low pressure side where most
of the full sealing pressure is absorbed. A different seal geometry with a
more even pressure distribution would with a high probability produce better
sealing results. A second deficiency is the high leakage at low pressures, as a
result of the frontal side leakage and high initial radial gaps.

5 Summary and Conclusion

In touching hydraulic sealing concepts the setting leakage and friction are
played off one against the other. The new concept presents a non-touching,
hence a low friction sealing, with an acceptable leakage and with moderate
manufacturing tolerances. The analysis of the concept in this paper confirms
that the principle basically works and is robust w.r.t. several geometric
imperfections but requires an extremely low surface roughness of the seal and
sleeve to actually avoid contact and dry friction. The practicability of such
surfaces in industrial manufacturing conditions, i.e. the injection moulding
of the seal and the honing of the sleeve bore, cannot be confirmed without
prototypes being produced. The intended elastic deformation does not have
a favourable form since it leads to a very small gap on the low pressure side
but gaps larger than the initial values on the high pressure side. This form
results from the bending effect of the cylindrical shell in combination with
the distribution of the gap pressure. The low gap which results in a very
small leakage is likely to fall below the surface roughness leading to the high
friction. Thus a sealing concept with a more even final gap distribution would
be a better solution. The authors started to analyse sealing concepts featuring
a different geometry, with which it was possible to adjust a minimum gap,
which did not exhibit shell bending effects.
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