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ABSTRACT

For a pipeline between a valve block and a cylinder, the second hydraulic resonance is
compensated by adding an appropriate mass in the most flexible part of the pipeline structure.
The second maximum in the magnitude of measured pressure can thus be reduced to 65%.
Frequency response functions between flow rate excitation and pressure as well as velocity
response are calculated from a plane analytical model, including junction coupling. Results
are validated against measurements in configurations with and without additional mass and
with different layers of rubber in between. Calculated pressure responses clearly reproduce
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the measured compensation effect, and the model also provides a rough approximation of

structural vibrations.

1. Introduction

The frequency response between hydraulic states of a
pipeline can be influenced by structural vibrations. In
fluid power systems, this influence has been observed
to increase with the order of the pipeline resonance.
Substantial changes in dynamic behaviour include the
possibility of vibration compensation, which sometimes
occurs by chance for a higher order hydraulic resonance.
In this paper, a pipeline structure is modified in such
a way as to compensate the second hydraulic pipeline
resonance peak.

The compensation of pressure pulsations in hydrau-
lic systems is widely realised by A/4- or Helmholtz type
resonators, which were extensively discussed by Ingard
(1953). The inconvenient size of such devices motivated
the development of compact vibration compensators for
hydraulic systems (Mikota 2002), and, in particular, the
invention of a vibration compensator featuring a hydrau-
lic spring (Mikota and Reiter 2003). This compensator
includes a lumped mechanical mass which oscillates
against the compressibility of a cavity connected to the
fluid side of the hydraulic system.

Fluid-structure interaction in pipeline systems was
studied by Lavooij and Tijsseling (1991), and three dif-
ferent coupling mechanisms were identified. Junction
coupling originates from unbalanced pressure forces
which cause a structural motion. Poisson coupling
describes the axial movement of the pipeline structure
due to radial compliance under pressure. Friction cou-
pling is caused by fluid friction, and is generally consid-
ered as weak. Liu and Li (2011), Liu et al. (2013), and
Xu et al. (2014) proposed transfer matrix methods for

the vibration analysis of fluid-structure interaction in
pipeline systems. These methods consider both junc-
tion and Poisson coupling; friction coupling is neglected,
and, moreover, fluid friction is not taken into account in
the hydraulic behaviour of the system. Transfer matrix
methods aim at a relationship between state vectors
that contain both motions and forcing functions; the
inclusion of boundaries, excitation and constraints was
treated by Xu et al. (2014).

A different view on fluid-structure interaction was
taken by modal methods. Finite element modal analyses
of fluid-filled pipelines were described by Li et al. (2011)
and Makaryants et al. (2015); modal tests from a struc-
tural viewpoint were reported by Yigang et al. (1987) and
Nurkkala et al. (2004). The experimental modal analy-
sis of fluid dynamics in hydraulic pipeline systems was
enabled by theoretical foundations from Mikota (2013)
and can be extended to fluid-structure interaction sys-
tems considering the theory of vibro-acoustical modal
analysis (Wyckaert et al. 1996). A modal test of a bent
hydraulic pipeline in a fluid power system was carried
out by Mikota et al. (2016a). This pipeline was investi-
gated further by simple fluid—structure interaction mod-
els (Mikota et al. 2016b), and it was predicted that the
second hydraulic resonance could be compensated by
adding a mass at the pipeline bend. However, an exper-
imental proof of this prediction and a more accurate
fluid-structure interaction model were still missing.

In this paper, the test stand resembles the set-up
from Mikota et al. (2016a, 2016b). The compensation
of the second hydraulic pipeline resonance is realised
in an experiment. In contrast to (Mikota and Reiter
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2003), this is done by mechanical measures from out-
side; an appropriate mass is added in a suitable posi-
tion of the pipeline. Various layers of rubber provide
different amounts of damping between the pipeline
and the additional mass. Experiments are supple-
mented by a fluid-structure interaction model that is
restricted to junction coupling. A frequency response
matrix is assembled which links flow rate and force
input with pressure and velocity output in five system
nodes and accounts for hydraulic behaviour as well as
axial tension and bending of the pipeline. Compared to
the methods from Liu and Li (2011), Liu et al. (2013),
and Xu et al. (2014), this system model includes fre-
quency-dependent friction. It readily incorporates
lumped parameter components in the system nodes,
and constraints can be approximated by an appropriate
choice of such components. Compared to the model
from Mikota et al. (2016b), a complete plane structural
description of the pipeline is included; model param-
eters are determined more precisely, and a large num-
ber of structural resonances are taken into account.
The model is validated by comparing measured and
calculated frequency response functions in all config-
urations of the system.

2. Experimental set-up

The pipeline that shall be studied is part of a cylinder
drive as shown in Figure 1. It leads from a valve block to
a hydraulic cylinder and includes two 90° bends. Near
the first bend, the pipeline is supported by a pillar. A
supply pressure of 20 MPa on the ring side of the cyl-
inder is balanced by an operating pressure of 6.5 MPa
in the pipeline. The valve block contains four 2/2 way
fast switching valves which can connect the pipeline
with supply or tank. Experiments are controlled by a
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2 ms flow rate pulse through one of the two supply sided
valves. Pressure sensors are mounted at the valve block
and both pipeline bends. The additional mass consists
of three large discs and a tuning mass that is attached
by a magnet. The discs can be screwed onto the fitting
at the first pipeline bend. This configuration is shown
in Figure 1; Figure 2 displays an optional layer of rubber
between the pipeline and the additional mass.

Apart from the pillar, all vibrating beams are situated
in the inclined plane spanned by the pipeline axis; the
pipeline is separated from the pillar by a layer of rub-
ber. An inclusion of the pillar would require a three-di-
mensional model as well as an identification of rubber
stiffness and damping, which is outside the scope of
this paper. Compared to the pipeline walls, the pillar
in series with the rubber seems more compliant. It is
therefore assumed that the influence of the pillar may be
neglected; the validity of this assumption will be assessed
by measurements in Sections 4 and 5. As an approxi-
mation, a plane model is used, which is described by
the schematic in Figure 3. Nodes 1-5 are introduced to
subdivide the model. The flow rate pulse enters the pipe-
line in node 1 and is reconstructed from a valve spool
position measurement. Hydraulic pressure is measured
in nodes 1-3; structural accelerations in three spatial
directions are measured in node 2. For simplicity, the
model terminates at the hydraulic capacity of the cyl-
inder in node 5.

3. Analytical model

The system under consideration includes a long hori-
zontal pipeline piece, an inclined pipeline piece, a short
horizontal pipeline piece and a cylinder bore, which
connect nodes 1-5 according to Figure 3. A state vector
p is defined as

Figure 1. Experimental set-up.
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Figure 2. Attachment of additional mass.
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with pressures p; in .nodes. j=1-5 ar.ld velocities v,, v,
and angular velocities @, in nodes j = 1-4. The corre-

sponding excitation vector
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contains flow rate excitations g,in nodes j = 1-5 and excita-
tion forces ij, fyj, and torques tj in nodes j = 1-4. In the
following, i denotes the imaginary unit and w the angular
frequency. It is intended to build up a frequency response
matrix G which relates the Laplace transformed excitation
vector Q and the Laplace transformed state vector P by

P(iw) = GQ(iw); 3)

since the frequency response functions G(1,1), G(5,1),
G(6,1), G(7,1), and G(9,1) can be determined from
measurements, this enables a validation of the model.

Considering frequency dependent friction, the
hydraulic behaviour of a pipeline piece between nodes
jand k is described by

S T || oo | _] Qo) |
T, S, || Puio) Q, (i)

N

with P, P, Q, anq. Q, as the Laplace transforms of p,, p;,
q; and g,, respectively,
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Vo

H = \/E_Z(lw) / Sin<f(lw)wjk>, )
VE/p

and
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according to Mikota (2013). Symbols for system param-
eters are described in Table 1, and ] and ], denote Bessel
functions of first kind.

On the mechanical side, undamped axial tension
behaves like the frictionless case of Equations (4-8); in
the appropriate state variables, this reads
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Figure 3. Simplified schematic of experimental set-up.



Table 1. System parameters.

Symbol Value

Fluid bulk modulus E 15-10° Pa

Fluid density p 860kg m~

Kinematic viscosity of fluid v 5-107° m%s™

Internal pipeline radius r 945-1073m

Internal pipeline cross-sectional A 2.81-10"*m?
area

Pipeline wall elastic modulus E, 2.1-10"(1 + 0.02i) Pa

Pipeline wall density [ 7800 kgm™

Pipeline wall cross-sectional area A, 2.06- 107 m?

Pipeline wall area moment of J, 126107 m*
inertia

Length of long horizontal pipeline I, 2.235m
piece

Length of inclined pipeline piece s 1.040 m

Length of short horizontal M 0.117m
pipeline piece

Length of cylinder bore Ls 0.370m

Fluid volume inside valve block v 03107 m?

Fluid volume inside cylinder Vi 0.1 m?

Valve block mass m, 100 kg

Valve block mass moment of L 2kg m?
inertia

Position of valve block centre of X, —0.14m
gravity

Fitting and sensor mass at first m, 1.7 kg
pipeline bend

Compensator mass m,, 8.154 kg

Fitting and sensor mass at second m, 1.35kg
pipeline bend

Cylinder mass m, 800 kg

Cylinder mass moment of inertia l 60 kg m?

Structural damping can be taken into account by an
imaginary part of the pipeline wall elastic modulus E, .

Pipeline bending is described by the ordinary differ-
ential equation

4
g]i%§2+ ASWED=0  (12)

for the Laplace transformed lateral deflection W (¢, s),
where ¢ is the coordinate along the pipeline axis, and
s denotes the Laplace variable. According to Thomson
and Dahleh (1998), the general solution of Equation (12)
reads

W(&,s) = A cosh (BE) + Bsinh (B¢)
+ Ccos (p&) + Dsin (p&), (13)
and
4 _ _pw w 2
P = £ (14)

Deflection and slope at both pipeline ends are given as

wW(0,s)=A+C (15)

W'(0,s) = B(B+ D) (16)

W(ljk,s> =A cosh(ﬁljk> + Bsinh(ﬂljk>

+ Ccos(ﬂljk) + Dsin(ﬁljk> 1
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W'(ljk,s> = ﬂ(A sinh <ﬂljk) + Bcosh (ﬁljk)

—Csin (ﬁljk> + D cos (ﬂljk>> (18)
such that
A W(0,s)
B W'(0,s)
c |z E(s) W(ljk,s) (19)
D W'(ljk,s>
with
1 0 1 0 B
0 i 0 B

E@) = cosh(ﬂl.

, ) smh(ﬂl]k) cos(ﬂljk> mn(ﬂl}k)

k
p sinh ﬁljk) ﬂcosh(ﬁljk) —-p sin(ﬂl]k) ﬂcos(ﬁl}k)

(20)
Using the expressions
M(é,S) = _EW]WW”(ér S) (21)
for Laplace transformed bending moment and
F(&s) =~-EJ,W"(&,s) (22)
for Laplace transformed lateral force, the relations
F(0,5) = =E, ], 8*(B - D) (23)
M(0,s) = ~E,J f* (A~ O) (24)
Fy(os) = =E,J,8* (A sinh( g1, ) + B cosh g1,
+C sin(ﬂljk> -D cos(ﬁljk)> (25)
M(ljk,s> =-EJ B (A cosh(ﬁljk) + B sinh(ﬁljk)
_Ccos<ﬂljk) —Dsin(ﬂljk)> (26)

are obtained at the pipeline ends and can be summa-
rised as

A F,0,5)
B M0, s)
FOIL - [= Fl(ljk’ S) 27)
P4 M)
with
0 ﬂ 0 -

1 -1 0
F(s) = —E,J,p* p sinh(ﬂljk) p cosh(ﬂ k) p mn(ﬂljk) -p cos(ﬂljk> i
cosh(/}ljk) smh(ﬂ k) —cos(ﬂl]k> —sin(ﬂljk)

(28)
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Combining Equations (19) and (27), taking the time
derivative of lateral deflection in the Laplace domain,
and setting s = iw leads to the matrix description

V,(io) Fy(i)

| Ve || Mie)
Ujli) Vo) | | Fulo) (29)

V] (i) M, (iw)

of pipeline bending, in which Vip Vi Vl; and V, are
Laplace transformed lateral velocities and angular veloc-
ities, respectively,

Itis noted that the directions of lateral velocities, angular
velocities, lateral forces and bending moments follow
usual beam theory conventions (Thomson and Dahleh
1998); if both velocities and forces as well as moments
comply with coordinate directions in Figure 3, the signs
of the matrix elements in Equation (32) must be adapted
for each pipeline piece.

Local inverse frequency response matrices of the indi-
vidual pipeline pieces are based on Equations (4), (9),
and (29). Appropriate dynamic descriptions of discrete
hydraulic capacities and mechanical masses are added
in accordance with continuity and force balance in the
system nodes. Coupling forces occur from hydraulic

. 1. . .
Ujk(lw) = —F(iw)E(iw), (30)  pressure at the pipeline piece ends, where axial veloc-
@ ities lead to corresponding coupling flow rates. In the
and coordinate system from Figure 3, the local inverse fre-
quency response matrix of the long horizontal pipeline
piece thus becomes
[ S, +iwC, -A 0 0 T, 0 0 0
A Q,, + iowm, 0 0 0 R, 0 0
0 0 U +iom, —U)+iwxm, 0 0 -uo -UY
s 0 0 U UL +iol, 0 0 v o
Thpp =
i T, 0 0 0 S, A 0 0
0 R, 0 0 -A Q,, +iom, 0 0
0 0 v’ v 0 0 U +iom, U,
m) n) 0) P)
B 0 =Up, =Up, 0 0 =U, =Uj, |
(33)
pA, with a valve block capacity C, = V|/E and system
p= EJ . (31) parameters according to Table 1. However, the fluid

For later use, the elements of the matrix U].k(ia)) are
denoted by

viscosity v is increased to account for the flow resist-
ance of fittings along the pipeline. An intermediate
fitting also changes the mechanical behaviour of the
long horizontal pipeline piece, which is taken into

U].;) U]l]? U;{) Uji) account by adapting the pipeline wall elastic modulus
U‘Ek) UQ U'i) U?{) E . These adjustments are based on a comparison
U, = U]i) U]j) U]k) Ujl) (32)  between measured and calculated frequency response
Kook Ck R functions and will be detailed in Section 4. The local
| Jk Ujk Jk inverse frequency response matrix of the inclined pipe-
line piece is given as
[ S, 0 -A 0 T, 0 0 0 |
0o -Ujy o0 Uy 0 -U;) 0 Uy
A 0 Q) O 0 0 R,, 0
179 £ 79 D)
S - 0 u, 0 U,; 0 U;, 0 U,, (34)
wolT, 0o 0 0 S, 0 A o |
0) ) Ko, )
0 U, 0 -=U, 0 U,+iom, 0 -U,),
0 0 R, 0 -A 0 Q,, +iwm, 0
) 1) 0) P)
[ 0 Uz 0 -Uy 0 Uz 0 Uy |

and the local inverse frequency response matrix of the
short horizontal pipeline piece reads
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[ s, A 0 0 T, 0 0 0
~A Q, 0 0 0 R, 0 0

0 0 -=U) U2 0 0 ~Ug), Uy

5o ; i

S = 0 0 -U; Uy 0 0 -Us; U, . (35)

LT, 000 0o S, -A 0 0
0 R, 0 0 A Q,+iom, 0 0

o o U) -U, o 0 UL +iom, U

[ 0o 0o UY -U2 o 0 U ~U? +iol, |

Since the short horizontal pipeline piece mainly consists
of fittings, the area moment of inertia J,,, will be adjusted
by a comparison between measured and calculated fre-
quency response functions to obtain a realistic bending
stiffness. The inertia of the cylinder is very large and will

S 0 00 04 05 055
Olhpp 08X9 [ Oy Sipp Ops [+] Ouxs
e 05 Oss Oy 0,5

almost lock the mechanical degrees of freedom in node
4; therefore, Table 1 only gives rough estimates of the
parameters m, and I,, and the distance between node 4
an the cylinder centre of gravity is not taken into account.

For the cylinder bore, rigid walls are assumed, and
equations reduce to the purely hydraulic case. The local
inverse frequency response matrix then reads

<

=

the influence of the cylinder is approximated by a
large capacity C, = V,/E. With global inverse fre-
quency response matrices expanded to the full system
dimension, continuity and force balance enable the
superposition

0

8x8

=G!

8x1
) + [ 012><12 012><5 (37)

e > 05><12 Scb

1x8 1x1

from which the frequency response matrix G according
to Equation (3) can be determined.

4. Experiment without additional mass

In a first experiment, the dynamic behaviour of the orig-
inal pipeline is investigated; the additional mass is not
attached. The pipeline is excited by a 2 ms flow rate pulse
from supply. Valve spool position, pressure and acceler-
ation signals are collected via dSPACE. Using the orifice
equation, the flow rate excitation q, is reconstructed from
the measured valve spool position and the measured pres-
sure p, assuming a constant supply pressure of 20 MPa.
Frequency response functions between the flow rate g,

(a)

measured
calculated

(b)

250 300 350 400 450 500

S 0 0 0 T,
0O 0 0 O 0
S,=| 0 00 0 0 ;o (36)
0O 0 0 O 0
T, 0 0 0 S, +iwC,
x10"°
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Figure 4. Without additional mass: frequency response functions between flow rate g, and pressure p. (a) magnitude, (b) phase.
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Figure 5. Without additional mass: frequency response functions between flow rate g, and pressure p,. (a) magnitude, (b) phase.
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Figure 6. Without additional mass: frequency response functions between flow rate g, and pressure p,. (a) magnitude, (b) phase.

and the pressures p,, p, and p, as well as the velocities v_,,
Vi and v, are determined by Matlab. These measured
frequency response functions are shown in Figures 4-9
along with their calculated counterparts from the model
in Section 3. Figure 9 only shows a measured result since
the plane model does not consider a velocity v ,.

To match the first and second hydraulic resonances,
the calculation uses an increased kinematic viscosity of
v =23-10"" m’s™". The triple peak around the third
hydraulic resonance only appears with appropriate
changes in structural parameters. The calculated fre-
quency response functions in Figures 4-8 are obtained

for a pipeline wall elastic modulus E |, = 0.78-E_ between
nodes 1 and 2 and an area moment of inertia J ,, = 7],
between nodes 3 and 4. Figures 4-6 show fair agreement
between measured and calculated pressure responses
although the triple peak is somewhat distorted by the
model. In Figures 7 and 8, measured and calculated
velocity responses are the same order of magnitude, but
differences appear in the frequency content. This may
be explained by the influence of the pillar, which also
causes some out-of-plane vibrations as shown in Figure
9. However, out-of-plane magnitudes are considerably
smaller than those in directions x and y.
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Figure 7. Without additional mass: frequency response functions between flow rate g, and velocity v,,. (a) magnitude, (b) phase.
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Figure 8. Without additional mass: frequency response functions between flow rate g, and velocity Y, (a) magnitude, (b) phase.

5. Experiment with additional mass

In Figures 4-6, the triple peak around the third hydraulic
resonance is an obvious result of fluid-structure interac-
tion. Two natural frequencies of the pipeline structure
come near the third hydraulic natural frequency of the
pipeline. The coincidence of natural frequencies is a well-
known condition for vibration compensation; to some
extent, the pipeline structure acts as a compensator for
the third hydraulic resonance. It will be possible to com-
pensate the second hydraulic resonance if the structure
is tuned in a suitable way. The natural frequencies of the
pipeline structure can efficiently be lowered by adding a

mass in the most flexible part of the pipeline. Therefore,
an additional mass is attached at the first pipeline bend.
The appropriate size of the mass is determined by several
experiments in which the vibration response to hammer
excitation at the first pipeline bend is evaluated by an FFT
analyser; this procedure shows the natural frequencies of
the pipeline structure and indicates the required changes in
mass. The final compensator mass m,_is given in Table 1.

Frequency response functions from hydraulic excita-
tion of the pipeline with the additional compensator
mass are shown in Figures 10-15. To match meas-
ured and calculated magnitudes around the second
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Figure 9. Without additional mass: frequency response function between flow rate g, and velocity v,,. (a) magnitude, (b) phase.
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Figure 10. With additional mass: frequency response functions between flow rate g, and pressure p,. (a) magnitude, (b) phase.

hydraulic resonance, the attachment of the compensa-
tor mass must not be considered as rigid. This attach-
ment is efficiently modelled by viscous dampers in
x- and y-direction, whose damping constants are set
toc,=¢,=15- 10° Nsm™". Consequently, the state
vector p is extended to include the velocities v and
V. of the compensator mass so that the extended state
vector reads

pe = pT Ve Y ; (38)

its Laplace transform P, is related to the Laplace
transform Q, of the extended excitation vector

T

a.=|d" f £ (39)
by

P, (iw) = G,Q,(iw), (40)

in which the extended frequency response matrix G, can
be determined from
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Figure 11. With additional mass: frequency response functions between flow rate g, and pressure p,. (a) magnitude, (b) phase.
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Figure 12. With additional mass: frequency response functions between flow rate g, and pressure p,. (a) magnitude, (b) phase.
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with the frequency response matrix G according to
Equation (37). Figures 10-12 show that this extension
of the model leads to good agreement between meas-
ured and calculated pressure responses. By adding the

05)(1 05)(1
—C,, 0
0 —Cy,
01()><1 010><1 (41)
C,, +iom,, 0
0 ¢, +iom, |

compensator mass, the triple peak has in fact been
shifted from the third hydraulic resonance to the second.
A comparison of Figures 5 and 11 demonstrates that near
the second hydraulic resonance, the maximum pressure
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Figure 13. With additional mass: frequency response functions between flow rate g, and velocity v,,. (a) magnitude, (b) phase.
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Figure 14. With additional mass: frequency response functions between flow rate g, and velocity v,,- (@) magnitude, (b) phase.

magnitude at the first pipeline bend has been reduced
to 65%. Measured and calculated velocity responses
roughly agree in Figures 13 and 14; the remaining dif-
ferences may be explained by the influence of the pillar,
which also causes out-of-plane vibrations as shown in
Figure 15. Out-of-plane magnitudes are still smaller than
in-plane ones; for an approximation, this justifies the use
of a plane model that neglects the pillar.

6. Experiments with additional mass and
damper

Vibration compensators can be optimised by an adjust-
ment of damping. In the present experiments, this is

attempted by inserting a layer of rubber between the
pipeline and the compensator mass. Experiments are
made with a 5-mm and a 3-mm layer of rubber. For all
tested configurations, Figure 16 shows the relevant detail
of measured frequency response functions between flow
rate excitation and pressure response at the first pipeline
bend. Although a direct attachment of the mass gives the
largest reduction in magnitude, intermediate results are
obtained with different layers of rubber. The damped
configuration can still be described by the extended
model from Section 5. The 5-mm rubber is modelled
by attachment damping constants ¢, = 8000 Nsm ™ 'and
€, =0 Nsm™’ for the 3-mm rubber, ¢, = 14000 Nsm™
and ¢, =0 Nsm™". Figure 17 shows the calculated
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Figure 15. With additional mass: frequency response function between flow rate g, and velocity v ,. (a) magnitude, (b) phase.
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Figure 16. Measured frequency response functions between
flow rate g, and pressure p.; detail of magnitude around second
hydraulic resonance.

counterparts of the measured magnitudes in Figure 16.
The model generates two intermediate results, which
resemble the respective measurements.

7. Conclusions

Fluid-structure interaction has been studied for a
hydraulic pipeline between a valve block and a cylinder.
By adding a mass of 8.154 kg at the first pipeline bend,
the second hydraulic pipeline resonance peak has been
successfully compensated. In the respective frequency
range, the maximum magnitude of the pressure at the
first pipeline bend has been reduced to 65%. This may
be useful for the dynamic performance of the overall
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Figure 17. Calculated frequency response functions between
flow rate g, and pressure p,; detail of magnitude around second
hydraulic resonance.

drive and demonstrates that the hydraulic behaviour of
a pipeline can be changed by appropriate measures in
the pipeline structure.

A plane frequency domain model has been validated
against measurements on the pipeline with and with-
out additional mass and with different layers of rubber
in between. Calculated frequency response functions
between flow rate excitation and pressure response
are in good agreement with their measured counter-
parts; the model also provides a rough approximation
of structural vibrations. This would be improved by
considering a third spatial dimension and including
the pillar that supports the pipeline. Further improve-
ments could be expected from a separate update of the
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structural model, an inclusion of cylinder dynamics and
an extension of the fluid-structure interaction model
beyond junction coupling. However, the simplified
model in this paper clearly reproduces the measured
compensation effect.
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