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ABSTRACT
This paper presents experimental parameter identification of a jet pipe electro-pneumatic servo 
actuator model, which represents a class of high performance fast actuation systems. Parameter 
identification is given including detailed representation of linear dynamics, hysteresis, and the 
mass flow rate characteristics of the jet pipe servo valve, besides the static friction model of 
the linear pneumatic cylinder. Model parameters are identified and the model formulation 
is validated through simulation and experimentation. The main contribution of this work is 
threefold. Firstly, the mass flow rate characteristics are identified using the pressure dynamic 
equation in one cylinder chamber without the use of a flow sensor. Secondly, a lag behaviour 
related to the non-modelled dynamics is found out by performing an experimental identification 
of the frequency response of the servo valve. Thirdly, a new experimental setup is presented to 
give the static friction model as a function of not only the relative velocity but also the pressures 
in the two cylinder chambers. The agreement between simulations and experimental data 
indicates that the Parameter identification methods presented are valid and constitute valuable 
tools, whether in the analysis and the design of actuation systems, or for use in model-based 
control. The modelling methodology used in this paper can be generalised to similar electro-
pneumatic servo actuators.

1.  Introduction

Electro-pneumatic servo actuators are commonly used 
in various applications, especially in positioning, because 
they have many advantages like low cost, lightness, dura-
bility and cleanness when compared with the hydraulic 
actuators. Also because of self-cooling properties, easy 
maintenance, good power to weight ratio, fast acting with 
high accelerations, and installation flexibility, besides the 
compressed air is available in all industrial plants. On 
the other hand, pneumatic actuation systems have some 
undesirable characteristics which limit their use in some 
applications that require big forces and torques. These 
undesirable characteristics derive from the high com-
pressibility of the air and from the nonlinearities presence 
in pneumatic systems, such as the nonlinear mass flow 
rate characteristics, dead zone, and hysteresis in the servo 
valve, besides the friction in the linear pneumatic cylinder.

The jet pipe electro-pneumatic servo actuator con-
sists of a jet pipe electro-pneumatic servo valve and a 
linear pneumatic cylinder. The main advantages of the 
jet pipe electro-pneumatic servo valve are: no dead zone 
nonlinearity and good linear behaviour of electro-me-
chanical part, besides miniature size, short dynamic 
response time due to low inertia, high magnetic stiffness, 
and high reliability due to simple construction (Toorani  
et al. 2010).

Electro-pneumatic servo actuators have been studied 
in literature. An analytical and experimental investi-
gation of a jet pipe electro-pneumatic servo actuator 
designed for use in the Utah/MIT dexterous hand has 
been performed by Henri et al. (1998). The nonlinear 
model, the nonlinear affine model, and the linear tan-
gent model of electro-pneumatic servo actuator have 
been presented by Brun (1999) and Girin (2007) which 
have been used for simulation and controller design 
purposes. A nonlinear mathematical model of pneu-
matic servo actuators with a new equation for valve 
flow rate has been addressed by Valdiero et al. (2011). 
Modelling and controlling of pneumatic actuator driven 
by proportional servo valves have been presented by 
Le (2011).

This paper is organised as follows: in Section 2, 
parameter identification of the jet pipe electro-pneu-
matic servo valve will be obtained. In Section 3, the 
model of the two cylinder chambers represented by the 
rate of change of the pressure inside each chamber will 
be presented. In Section 4, the mechanical equations 
including friction model will be given. In Section 5, the 
final nonlinear model of the jet pipe electro-pneumatic 
servo actuator will be offered. Finally, the experimental 
validation of the final nonlinear model will be presented 
in Section 6.
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2.  Parameter identification of the jet pipe 
electro-pneumatic servo valve

The single-stage open loop jet pipe servo valve, in-house 
developed, consists of a small diameter aluminium tube, 
which directs a high pressure air flow toward the orifices 
to each side of the pneumatic cylinder, fixed at one end 
with the rotor of a limited angle torque motor as shown 
in Figure 1. The armature (rotor) can rotate with small 
angle (±0.05236

[
rad

]
= ±3[°]) inside two parallel con-

trol coils and between a couple of permanent magnets 
separated by a magnetic insulator material (tin). The two 
magnets tend to keep the armature in a null position 
(θ = 0), for zero input voltage, the magnetic flux density 
in the four air-gaps is equal. That causes magnetic bal-
ance in the four air-gaps. By connecting an input voltage 
that can supply a current to the control coils, an unbal-
ance of flux density in the air-gaps is produced, which 
results in a new equilibrium of rotor position. Inherently, 
the high stiffness of the magnet makes it like a spring 
with a stiffness torque proportional to the angular posi-
tion, and the torque produced by the flux of the control 
coil is proportional to the current.

2.1.  Linear dynamic characteristics

The linear dynamic characteristics of the jet pipe elec-
tro-pneumatic servo valve system are based on the 
dynamic equations of the motor that are described by 
the differential Equation (1), besides the geometric 
Equation (2).

(1)

{
u −

(
��(i,�)

��

)
d�

dt
−
(

��(i,�)

�i

)
di

dt
− Ri = 0

Tm = J d
2
�

dt2
+ Kf

d�

dt
+ Ts(�)

Here, the flux linkage �(i, �) is a nonlinear function of 
the current i and the angular position �. The variables: 
Tm, Ts and Kf denote the motor developed torque, the 
stiffness torque, and the frictional coefficient, respec-
tively. The jet pipe length and the jet pipe linear position 
are denoted by r and x, respectively. J is the moment of 
inertia of the bundle of rotor and jet pipe. Because of the 
small range of operation of θ(±0.05236

[
rad

]
= ±3[°]), 

it can be assumed that Tm is directly proportional to the 
current, the stiffness torque Ts is directly proportional to 
angular position θ, and the differential ∂∅(i, θ)/∂θ term 
is approximately constant. If the other differential term 
∂∅(i, θ)/∂i is approximated to a constant value, then the 
Equations (2) and (3) can define an acceptable linear 
model.

where Tm = Kti, Ts = Ks�, L is control coil inductance, R 
is control coil resistance, and Kb is back electro motive 
force constant. By simple mathematical manipulation of 
the Equations (2) and (3), a third order transfer function 
can be given as follows with s is the Laplace-domain 
variable:

(2)x = r�

(3)

{
u − Kb

d�

dt
− L di

dt
− Ri = 0

Tm = J d
2
�

dt2
+ Kf

d�

dt
+ Ts(�)

(4)
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U(s)
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rKt

JL

s3 +
(

Kf

J
+

R

L

)
s2 +

(
RKf+KbKt+KsL

JL

)
s +

(
RKs

JL

) [m∕V]

Figure 1. The jet pipe electro-pneumatic servo actuator.
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J can be easily calculated based on the geometry and the 
materials of the rotating parts. r, R, L, Kt, and Ks can be 
easily measured in the same way suggested by Toorani 
et al. (2010). The difficulty is in estimating Kf and Kb. This 
problem has been solved by taking advantage of the two 
following methods during model validation of the servo 
valve in Section 2.4:

• � Kb affects the value of resonance frequency in fre-
quency response of the servo valve, so the value of 
Kb will be tuned such that the resonance frequen-
cy of the model is identical to the real resonance 
frequency.

• � Kf affects the amplitude at resonance frequency in 
the frequency response of the servo valve, so the 
value of Kf will be tuned such that the amplitude at 
the resonance frequency of the model is identical 
to the real amplitude at real resonance frequency 
of the servo valve.

All the parameters of the third order transfer function 
(4) will be shown after the model validation of the servo 
valve in Section 2.4 (Table 1).

Remark 1. The resonance frequency fr of the jet pipe 
servo valve has been easily measured using frequency 
generator and vibration sensor (In our case: fr ≈ 49 [Hz]).

2.2.  Hysteresis identification

There is a significant amount of hysteresis in jet pipe 
position vs. input voltage relationship that has an adverse 
effect on the actuator performance. This hysteresis can 
be identified by incrementally ramping the input voltage 
up and down until the position saturation of the jet pipe 
(±1 [mm]). The characteristic of major hysteresis loop 
has been obtained as depicted in Figure 2. The maximum 
separation between the halves of the major hysteresis loop 
is about 0.5 [V]. Therefore, comparing the maximum dis-
tance between the midpoints lines and the major loop 
0.25 [V] to the input voltage operation range 6 [V], gives 
maximum hysteresis of approximately 4%. So, hystere-
sis nonlinearity can be represented by midpoints lines as 
noted by Henri et al. (1998), which yield the Equation (5).

(5)u =

⎧
⎪⎪⎪⎨⎪⎪⎪⎩

−2.9x − 0.03 [V ] for�x� ≤ 0.46 [mm]

−1.674(x − 0.84) − 2 [V] for 0.46 [mm] ≤ x ≤ 0.84 [mm]

−5(x − 1) − 2.8 [V] for 0.84 [mm] ≤ x ≤ 1 [mm](5)

−1.3(x + 0.46) + 1.296 [V] for − 0.76 [mm] ≤ x ≤ −0.46 [mm]

−5.475(x + 1) + 3 [V] for − 1 [mm] ≤ x ≤ −0.76 [mm]

2.3.  Mass flow rate characteristics

The mass flow rate characteristics are a key part of the 
servo valve. The identification method of mass flow 
rate characteristics is based on a systematic series of 
experiments that have been performed on the test setup 
of Figure 3, in order to determine the mass flow rate 
through the orifices of the valve as a function of the 
valve’s control signal u (which is proportional to orifice 
area), and actuator chamber’s pressure p. The experi-
ments are performed with a constant supply pressure 
ps = 10 [bar], constant external pressure pAtm = 1[bar], 
and constant chamber_1 volume. The constant volume 
is measured by the potentiometer integrated with the 
piston rod and the measured dead volume; the ambient 
temperature remains constant at T = 298.15° [K] due to 
air cooling system. The variation of the air source tem-
perature (compressed-air tank to 80 [bar]) and the leak-
age in the cylinder are neglected. The pressure sensor 
range is 10 [bar], the accuracy is 0.05% FS, and 1 [KHz] 
bandwidth (from EFE). Temperature is measured with 
an exposed type K thermocouple with accuracy 1° [K].

Remark 2. Since the valve orifices 1 and 2 have identi-
cal mechanical structures, the pressure p1 and p2 are con-
sidered symmetric with respect to the control voltage. 
So, using only the chamber_1 for modelling is sufficient 
as noted by Le (2011).

In each experiment, charging process (for control input 
|u|) and discharging process (for control input −|u|) of 
chamber_1 with a constant volume have been performed. 
The pressure variation in chamber_1 that is being charged 
or discharged is measured in real time with sampling 

Table 1. Parameters values of the third order transfer function.

Torque motor constant K
t
[Nm∕A] 2.4

Back electro motive force constant K
b
[Vs∕rad] 0.1

Control coil resistance R[Ω] 193
Control coil inductance L[mH] 16
Rotor moment of inertia J[kgm2] 6.8 × 10−6

Frictional coefficient K
f
[Nms∕rad] 6 × 10−5

Magnetic stiffness constant K
s
[Nm∕rad] 0.8

Jet pipe length r[mm] 22.5

Figure 2. Hysteresis in jet pipe position vs. input voltage and the 
midpoints lines.
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the variation of poly-tropic index in the actuator cham-
ber during charging and discharging is close to 1 in 
the majority of the charging and discharging processes 
as shown in Figures 4 and 5, besides the region where 
n = 0.72 is not attainable in the real work of the elec-
tro-pneumatic actuator within the closed-loop control 
system because its settling time is less than 0.5 [s]. So, 
the process can be considered as an isothermal process 
with an acceptable error (less than 5%).

The mass flow rate is obtained by differentiating, with 
respect to time, the perfect gas law equation of state of 

time ts = 1 [ms]. This was carried out for control voltage 
values: |u| = {0, 0.29, 0.57, 1.15, 1.73, 2.29, 2.86, 3.4} [V].

During charging and discharging, the air inside 
the actuator chamber can be treated as undergoing a 
poly-tropic process with poly-tropic index (n), and the 
term n/(n − 1) represents the slope of the relationship 
between ln(p) and ln(T) as cited by Thorncroft (2007). 
By setting the pressure and temperature sensors inside 
the cylinder chamber, a major charging and discharging 
test with maximum input voltage (|u| = 3.4 [V]) is car-
ried out with sampling time ts = 10 [ms]. Consequently, 

Figure 3. Test setup to determine the mass flow rate characteristics.
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Figure 4. Polytropic index (n) variation during major charging and discharging test with T in Kelvin and p in bar.
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The mass flow rate characteristics are obtained by 
fitting the experimental data (the curves of mass flow 
rate vs. input voltage and pressure for all values of |u|) 
with a nonlinear fifth order function with a maximum 
absolute error about 0.0005 kg/s] which corresponds to 
a maximum relative error about 5%.

The mass flow rate characteristics as a nonlinear func-
tion of the input voltage and the chamber pressure is 
given by Equation (8) and shown in the Figure 7.

2.4.  The nonlinear model

After obtaining and identifying the mass flow rate 
characteristics (8), the theoretical model of the jet pipe 
electro-pneumatic servo valve can be presented by the 
block diagram in Figure 8, where the third order transfer 
function is that one given in Equation (4), the hyster-
esis approximation by midpoints lines is described in 
Equation (5), and the mass flow rate characteristics are 
given in Equation (8). This theoretical model must be 
validated by comparing the frequency response of the 
theoretical model with the frequency response of the 
servo valve (the real system). Here, the intended fre-
quency response relates the input voltage in [V] to the 

(8)

q
(
u, p

)
= (3.562 + 1.233 u − 2.037 p + 0.1701 u2

− 0.7901 up + 0.6697 p2 + 0.1335 u3

− 0.1801 u2p + 0.3379 up2 − 0.1243 p3

+ 0.01195 u4 − 0.01784 u3p + 0.03335 u2p2

− 0.0413 up3 + 0.008227 p4 − 0.007284 u5

− 0.0005998 u4p + 0.0003319 u3p2

− 0.001838 u2p3 + 0.001729 up4

− 0.0001519 p5)∕1000 [kg∕s]

the air contained in a known constant volume. The per-
fect gas law is given in Equation (6).

 

where V, r and T are constants (V is the volume of 
chamber_1, T is the temperature of the air source, and 
r is the perfect gas (air) constant), p is the pressure in 
chamber_1, and m is the mass of air in chamber_1. 
Differentiating Equation (6) and rearranging it yields 
the Equation (7).
 

In practice, the differentiation of the experimental pres-
sure signal gives bad signal because of the noise. So, to 
overcome this problem, one of the robust differentiator 
algorithms (adaptive super twist differentiator algo-
rithm) via sliding mode technique is tuned and used 
off-line in order to estimate the derivation of the noisy 
pressure signal (Refer to Dridi (2011) for further details) 
and zero phase lag is assured.

In each charging and discharging experiment, 
the input voltage |u| is applied on the servo valve for 
4.4 [s] (charging process); then the input voltage −|u| is 
applied on the servo valve for 1.8 [s] (discharging pro-
cess). During these processes, the pressure vs. time data 
inside cylinder chamber is measured, and by applying 
Equation (7), the mass flow rate vs. time data is obtained. 
Consequently, the mass flow rate vs. pressure data (two 
curves) can be deduced as shown in Figure 6, and then 
the two curves of the mass flow rate vs. pressure are 
redrawn as function of input voltage and pressure as 
shown in Figure 7. The same procedure will be repeated 
for the other values of |u|.

(6)pV = mrT

(7)ṁ = q =
V

rT
ṗ
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Figure 8. The theoretical model of the jet pipe electro-pneumatic servo valve.
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Thereafter, the final nonlinear model of jet pipe elec-
tro-pneumatic servo valve can be presented by the block 
diagram in Figure 9.

The frequency responses of the complete practical 
model and the real system are shown in Figures 10 and 11 
for input amplitude 0.8 and 1.9 [V], respectively. A step 
response test confirmed the correctness of the modelling is 
shown in Figure 12. The servo valve is under damped with 
rise time of 6 [ms] and a 5% settling time of 36 [ms]. The 
hysteresis effect is clear in frequency responses (Figures 
10 and 11). The hysteresis affect mainly the bode gain 
diagram and cause big error for small amplitude input 
signal at low frequencies, and this error becomes smaller 
in higher amplitude input signal and high frequencies.

3.  Chamber model

Assuming air is a perfect gas undergoing an isothermal 
process, the rate of change of the pressure inside each 

(10)Gjpd(s) =
X(s)

U(s)

=
4.96310

8e−0.002 s

s3 + 1.207 10
4s2 + 2.43 10

6s + 1.419 10
9
[mm∕V]

mass flow rate in [kg/s]. The valve is fed by a flow of com-
pressed air with a constant supply pressure ps = 10 [bar] 
and forced to move periodically by input sine wave with 
frequency range (1–70 [Hz]) and the output mass flow 
rate is obtained in the same way as mentioned in Section 
2.3. The frequency response of the servo valve (the real 
system) shows extra delay and lag behaviours when com-
pared with the theoretical model. The delay behaviour 
is about 2 [ms] which is associated with the electro-me-
chanical part as proved by Toorani et al. (2010), and 
the phase-lag behaviour that is modelled in Equation 
(9) is necessarily related to non-modelled dynamics as 
the mass flow rate dynamics, temperature error, pipe 
dynamic effect, differentiation, etc.
 

After tuning the parameters Kf and Kb in the same 
way as mentioned in Section 2.1, the characteristics of 
the third order transfer function (4) are shown in Table 
1. Subsequently, the evaluation of the third order transfer 
function (4) according to Table 1 accompanied with the 
delay behaviour yields:

(9)GLag(s) =
1 + s∕220

1 + s∕155
[V∕V]

Figure 9. Nonlinear model of the jet pipe electro-pneumatic servo valve.
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where p is the pressure inside the chamber, q is the mass 
flow rates into or out of the chamber, r is the universal 
gas constant, T is the gas temperature, y is piston posi-
tion, S is the effective piston area, and v is the piston 
velocity. V1

(
y
)
 And V2(y) are chambers volumes as a 

function of piston position, which are given in our case 
as follows:

(13)
{

V1

(
y
)
= 0.005433y + 0.0001533 [m3]

V2

(
y
)
= −0.005433y + 0.0001915 [m3]

cylinder chamber can be expressed as in Equation (11) 
for the chamber in case of expanding and as in Equation 
(12) for the chamber in case of shrinking (refer to Girin 
(2007) for further details), knowing that u1 = u = − u2 in 
our case, and T1 = T2 = T due to the isothermal process.

(11)
dp1
dt

=
rT

V1

(
y
)
(
q(u, p1) −

S

rT
p1v

)

(12)
dp2
dt

=
rT

V2

(
y
)
(
q(−u, p2) +

S

rT
p2v

)
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where Ff is the friction force, v is the relative velocity, Fe is 
the external force, F(v) is an arbitrary function that looks 
like Figure 13, and FS is the static (breakaway) force. A 
common form for the friction function F(v) is given by 
the following equation:

where FC is Coulomb friction, Fv represents viscosity 
factor, vs is called Stribeck velocity, and δ is an empiri-
cal parameter. Refer to Ali et al. (2009), δ = 2 gives the 
Gaussian exponential static friction model as follows.

The frictional characteristics of pneumatic cylinder are 
mainly affected by guide seal rings, piston seal rings, and 
surface of cylinder bore (See Figure 14) and the pres-
sure inside cylinder chambers as addressed by Heipl and 
Murrenhoff (2011). The pressures in cylinder chambers 
will change the stress state of the seal rings, and then the 
friction force will be different. When chamber pressure 
increases, the seal rings are pushed more firmly against 
the cylinder wall and the piston rod. So, the friction force 
will increase too. Evidently, the static friction model of 
the pneumatic cylinder depends not only on the pis-
ton rod relative velocity but also on the pressures in the 
two cylinder chambers. Subsequently, the Equation (17) 
must be changed to look like the following equation.

The following task will be the identification of the 
static friction model parameters: FC

(
p1, p2

)
, FS

(
p1, p2

)
, vs

(
p1, p2

)
, and Fv

(
p1, p2

)
.

4.2.1.  Experimental setup
To obtain the data for the parameter identification of 
the static friction model, a new experimental setup 
for measuring friction force in the pneumatic cylinder 
during sliding regime has been developed. The sche-
matic diagram of the experimental setup is depicted in 
Figure 15. Where 1 is a hydraulic cylinder, 2 is a force 
sensor, 3 is the tested pneumatic cylinder which is 

(16)F(v) = FC +
(
FS − FC

)
⋅ e

−
||||
v

vs

||||
�

+ Fv ⋅ v

(17)F(v) = FC +
(
FS − FC

)
⋅ e

−
(

v

vs

)2

+ Fv ⋅ v

(18)

F
(
v, p

1
, p

2

)
= FC

(
p
1
, p

2

)
+
(
FS
(
p
1
, p

2

)
− FC

(
p
1
, p

2

))

⋅ e
−
(

v

vs(p1 ,p2)

)2

+ Fv
(
p
1
, p

2

)
⋅ v

4.  Mechanical equations

4.1.  Newton’s second law

The model of the mechanical part is obtained by applying 
the fundamental principle of mechanics to the mobile 
part in translation. The balance of forces applied on the 
mass M of piston and its accessories is:

• � The air forces in the actuator cylinder: S
(
p1 − p2

)
.

• � The friction forces on the piston: Ff.

So, two state equations are obtained as follows:

4.2.  Static friction model

The friction in the linear pneumatic cylinder arises 
mainly in the contacts of the piston and the rod seals 
with the cylinder walls; it has many diverse aspects that 
cause control problems such as static errors, limit cycles, 
and stick-slip, which limit the using of pneumatic cylin-
der in high precision positioning and low velocity track-
ing. Many models were developed to explain the friction 
phenomena. These models are based on experimental 
results rather than analytical deductions. The friction 
model which captures most of the friction behaviour 
in pre-sliding and sliding regimes is the LuGre friction 
model that is given by De Wit et al. (1995). When using 
the LuGre friction model, controller design becomes 
difficult because: (i) the friction parameters appear in 
a nonlinear fashion, and (ii) the system’s internal state, 
which depends on unknown parameters, is not meas-
urable. In this paper, the pneumatic cylinder is manu-
factured to work in sliding regime and supplied with a 
motion sensor that is not sensitive enough to sense the 
pre-sliding micro motions. So, Gaussian exponential 
static friction model, which can describe the friction 
phenomena of pneumatic cylinder in sliding regime, can 
be used in order to achieve precise position control and 
compensate friction in sliding regime, as cited by Ali  
et al. (2009), knowing that many experimental works have 
proved that a good static friction model in sliding regime 
can approximate the real friction force with a degree of 
confidentiality of 90%, as mentioned by Tijani Ismaila  
et al. (2011). The classic Gaussian model is represented 
by the friction force as a function of instantaneous slid-
ing velocity, and it captures two basic frictions: Coulomb 
and viscous, besides the stribeck effect.

The general static friction model is (Refer to Serafin 
(2004)):

(14)

{ dy

dt
= v

dv

dt
=

1

M

[
S
(
p1 − p2

)
− Ff

]

(15)Ff =

⎧⎪⎨⎪⎩

F(v) if v ≠ 0

Fe if v = 0 and��Fe�� < FS
FS ⋅ sgn(Fe) if v = 0 and��Fe�� ≥ FS

Figure 13. The static friction model.
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The second objective is to release the movement of 
pneumatic cylinder’s piston from the rest when the shut-
off valve is opened, and during this phase, the data acqui-
sition card is used to record the data of the four sensors. 
The moving range of the hydraulic cylinder (0.1 [m]) is 
more than that one of the pneumatic cylinder (0.05 [m]), 
and the maximum load resulted of the closed hydraulic 
circuit when the shut-off valve is opened (350 [N] at pis-
ton velocity 0.6 [m/s]), which is less than the pneumatic 
force (550 [N]) resulted of pressure difference (1 [bar]) 
between the two chambers of the pneumatic cylinder.

The pressures in the two chambers of the pneumatic 
cylinder are controlled by the two pressure regulating 
valves separately. The displacement of the cylinder rod 

in-house manufactured, 4 is the displacement sensor, 5 
is 2/2 way directional control valve with lever operated 
(shut-off valve), 6 and 7 are pressure sensors, 8 and 9 are 
pressure regulating valves, 10 is the pneumatic power 
source, 11 is the high-performance data acquisition card, 
and 12 is a personal computer. The motion of piston in 
the pneumatic cylinder is performed by self-pneumatic 
force resulted of the pressure difference between the two 
cylinder chambers. The closed hydraulic circuit is filled 
with hydraulic oil. It has two objectives.

The first objective is to stop the movement of the 
pneumatic cylinder’s piston during the adjustment of 
the pressure in the two chambers when the shut-off valve 
is closed.

Figure 14. Piston and guide seal rings in the actual pneumatic cylinder.

Figure 15. Schematic diagram of the experimental setup.
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which cover roughly the set I as follows (p1and p2 in 
bars):

The data of sensors resulting from the previous twen-
ty-six experiments have been saved in the computer for 
the identification of friction parameters as detailed in 
the next section.

4.2.3.  Parameter identification method
The parameters of the static friction model are obtained 
from the analysis of the experiments data that have been 
carried out according to the test procedure detailed in the 
previous section. The Parameter identification method 
will be repeated for each experiment, and it is sufficient 
to explain this method for one experiment. So, one of the 
entry phase experiments, that has been performed with 
pressure values 

(
p1, p2

)
= (1 [bar], 6.93 [bar]) is chosen 

to apply the method of parameter identification, which 
is summarised in two essential steps as follows:

4.2.3.1.  Identification of the breakaway force and the 
stribeck velocity.  By plotting the friction force vs. 
velocity as shown in Figure 17, the breakaway force and 
the stribeck velocity cannot be deduced accurately from 
the stribeck effect region. So, the diagram of the friction 
force vs. time and the diagram of velocity vs. time must 
be drawn on the same time scale as shown in Figure 16. 
By comparing the two diagrams, it is clear that the 
stribeck effect, which is the decreasing of friction force 
with an increasing of velocity until the so-called Stribeck 
velocity vs as explained by Virgala and Kelemen (2013), 
has appeared between the two points of time 1 [ms] and 
4 [ms]. Thus, the breakaway force is FS = −95.16 [N] at 
the point 1 [ms], and the stribeck velocity at the point 
4 [ms] can be directly read from the velocity vs. time 
diagram at the point 4 [ms]. As result, vs = −0.015 [m∕s].

4.2.3.2.  Identification of the viscosity factor and the 
Coulomb friction.  The experimental data of the friction 
force vs. the velocity outside the stribeck zone must be 
depicted as shown in Figure 17. By fitting this data with 
a Straight line, the inclination of this line represents the 
viscosity factor Fv, and the intersection of this line with 
the friction force axis represents the Coulomb friction FC
. In this example, the fitting line equation is 3470 v − 55. 
Thus, Fv = 3470[Ns∕m] and FC = −55[N].

(
p
1
, p

2

)
∈ {(1, 9.92), (2.22, 9.9), (4.15, 9.92), (7.18, 9.9),

(1, 9.15), (1, 6.93), (1, 5.04), (1, 3.96), (1, 1.65),

(2.2, 8.87), (4.23, 8.89), (6.15, 8.88),

(8.01, 8.94), (3.21, 7.89), (5.16, 7.85),

(7.02, 7.9), (2.22, 6.87), (4.17, 6.88),

(5.98, 7.05), (3.02, 5.89), (4.98, 6.04),

(2.01, 5.07), (4.07, 5.07), (2.99, 4.2),

(1.98, 3.2), (8.54, 10.08)} [bar]

is collected by the displacement sensor with accuracy 
of 0.03% FS. The force sensors range is 500 kgf and its 
non-linear error is less than 0.03% FS. The pressure sen-
sor range is 10 bar, with the accuracy of 0.05% FS as 
mentioned before. All the signals of the sensors are col-
lected by a data acquisition card (DAC) and transferred 
to the computer. All measurements have been made in 
real time with sampling time ts = 1 [ms] with constant 
supply pressure ps = 10 [bar], and constant external 
pressure pAtm = 1 [bar]. The analysis program in the 
computer helps in treating the measured data and docu-
menting the results. The analysis program calculates the 
friction force Ff using the experiment data by applying 
Newton’s second law on the bundle of the piston and its 
accessories of mass M as follows:

where S is the effective piston area, a is the acceleration of 
the piston and its accessories, FL is the load force caused 
by closed hydraulic circuit and measured by the force 
sensor. Beside p1, and p2 are the pneumatic pressures 
in the two cylinder chambers as is shown in Figure 15.

Remark 3. The velocity and the acceleration have 
been obtained by the off-line derivation of the position 
signal using a robust differentiator algorithm: ‘adaptive 
super twist differentiator algorithm’ which is given by 
Dridi (2011) via sliding mode technique, to attenuate 
the noise related to differentiating process.

4.2.2.  Test procedure
By using the setup in Figure 15, each experiment is 
performed with two different values of pressures p1,  
and p2 in the two cylinder chambers. Here, two differ-
ent phases can be distinguished. First phase is the entry 
phase in which p2 > p1 and the piston rod moves to inside 
the pneumatic cylinder, in this situation, the displace-
ment and the velocity of the piston rod are idiomati-
cally negative. Second phase is the exit phase in which 
p1 > p2 and the piston rod moves to outside the pneu-
matic cylinder, here, the displacement and the velocity 
of the piston rod are idiomatically positive. The test pro-
cedure in the entry phase (exit phase) is as follows: (1) 
Put the piston rod of the pneumatic cylinder in the most 
outer (inner) position. (2) Close the shut-off valve. (3) 
Adjust the two pressures values p2 > p1 (p1 > p2) in the 
two pneumatic cylinder chambers. (4) Begin collecting 
data from the four sensors by the data acquisition card. 
(5) Open the shut-off valve until the piston rod moves 
to the most inner (outer) position. (6) End collecting 
data from the four sensors by the data acquisition card. 
(7) Save the collected data in a text file on the com-
puter. (8) Repeat the steps 1…7 for the set of values  
I =

{(
p1, p2

)
:p1 < p2,

(
p1, p2

)
∈ [1, 10]2

}
 in entry  

phase, and O =
{(

p1, p2
)
:p1 > p2,

(
p1, p2

)
∈ [1, 10]2

}
 in 

exit phase. Practically, the test procedure in entry phase 
has been performed for a finite set of twenty-six values 

(19)Ff = S
(
p1 − p2

)
− FL −Ma
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The parameter identification of the static friction 
model in exit phase is accomplished in the same way as 
the entry phase, but with a less number of trials, taking 
advantage of the fact that the surfaces which represent 
the parameters of the static friction model in exit phase 
are planes as in the entry phase, and the fact that the 
plane is determined by two intersecting lines, so the 
experiments of set O which lie on two intersecting lines 
in the plane 

(
p1, p2

)
 are sufficient to identify the parame-

ters of the static friction model in exit phase. Practically, 
the test procedure in exit phase has been performed for 

(22)Fven

(
p1, p2

)
= 53.8 + 265.2 p1 + 450 p2 [Ns∕m]

(23)FCen

(
p1, p2

)
= −15.52 + 8.413 p1 − 7.028 p2 [N]

The application of the previous method on the twen-
ty-six experiments in the entry phase gives the four 
parameters of the static friction model in the twenty-six 
states of the pressures in the two cylinder chambers. In 
other words, the four parameters of static friction model 
are given as a function of the pressures in the two cyl-
inder chambers. The fitting surface of each parameter 
is a plane with a maximum relative error less than 5%. 
The equations of the planes have been identified as in 
Equations (20)–(23), that are depicted in Figures 18–21, 
respectively.

(20)FSen

(
p1, p2

)
= −27.31 + 12.95 p1 − 11.6 p2 [N]

(21)
vSen

(
p1, p2

)
= −0.00752 + 0.00097 p1 − 0.00122 p2 [m∕s]
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Figure 18. The breakaway force as a function of the pressure in the two cylinder chambers in the entry phase.
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Figure 19. The stribeck velocity as a function of the pressure in the two cylinder chambers in the entry phase.
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Figure 20. The viscosity factor as a function of the pressure in the two cylinder chambers in the entry phase.
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A check test of the friction model has been carried out by 
applying Newton second law on the bundle of the piston 
and its accessories as in Equation (19). The check process 
has been fulfilled taking into account the static friction 
model Ff

(
v, p1, p2

)
 which has been obtained previously 

in the case of no load (FL = 0). The Newton second law 
can be represented by the block diagram as shown in 
Figure 26, where y, ẏ, ÿ are the position, the velocity, 
and the acceleration of cylinder piston, respectively. In 
the check process, two real ‘pressure maps’ have been 
applied (by the servo valve) in the two cylinder chambers 
as depicted in Figure 27, and the real trajectory result-
ing of these ‘pressure maps’ has been recorded. After 
that, the computed trajectory resulting of the applying 

(26)

Fvex

(
p1, p2

)
= −407.6 + 325.8 p1 + 355.6 p2 [Ns∕m]

(27)FCex

(
p1, p2

)
= 26.16 + 8.575 p1 − 11.72 p2 [N]

a finite set of eleven values of the set O, which represent 
nearly a two intersecting lines in the plane 

(
p1, p2

)
, as 

follows:

The fitting surface of each parameter of the static friction 
model in exit phase is a plane with a maximum relative 
error less than 5%, and the equations of the fitting planes 
have been identified as in Equations (24)–(27) that are 
depicted in Figures 22–25, respectively.

(
p
1
, p

2

)
∈ {(1.78, 1), (4.015, 1), (4.96, 1), (6.89, 1),

(7.97, 1), (8.98, 1), (10.0075, 1),

(10.115, 8.89), (10.225, 6.955),

(10.205, 4.195), (10.15, 2.105)} [bar]

(24)FSex

(
p1, p2

)
= 26.39 + 12.4 p1 − 14.43 p2 [N]

(25)
vSex

(
p1, p2

)
= 0.00928 + 0.00122 p1 − 0.00097 p2 [m∕s]
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Figure 21. The Coulomb friction as a function of the pressure in the two cylinder chambers in the entry phase.
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Figure 23. The stribeck velocity as a function of the pressure in the two cylinder chambers in the exit phase.
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Figure 24. The viscosity factor as a function of the pressure in the two cylinder chambers in the exit phase.
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Figure 26. Block diagram represents the Newton second law application on the bundle of the piston and its accessories.
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pressure inside each chamber of the pneumatic cylinder, 
and the mechanical equations applied to the piston and 
its accessories including the friction force model.

6.  Experimental validation of the nonlinear 
model

The nonlinear model of the jet pipe electro-pneumatic 
servo actuator must be validated in the frequency and 
time domains. So, a validation process has been per-
formed by comparing the frequency and time responses 
of the nonlinear model with the measured frequency and 

of Newton second law, and the real trajectory have been 
depicted in Figure 28. By comparing the two trajecto-
ries, the computed trajectory and the real trajectory 
are almost identical. As result, the static friction model 
Ff
(
v, p1, p2

)
 can simulate the real case accurately.

5.  The nonlinear model

The complete nonlinear model can be represented by 
the block diagram shown in Figure 29. It is the result 
of assembling the nonlinear model of the jet pipe elec-
tro-pneumatic servo valve, the rate of change of the 

Figure 29. The nonlinear model of the jet pipe electro-pneumatic servo actuator.
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of the nonlinear model and the real system to a square 
wave input (0.6 [V] peak, 0.1122 [Hz]) and (3 [V] peak, 
0.97 [Hz]) are shown in Figures 32 and 34, respectively. 
The error between nonlinear model and real system in 
time responses characteristics are shown in Figures 33 
and 35. The frequency responses characteristics of the 
nonlinear model and the real system are close in fre-
quency range (1.6–70 [Hz]) for small and big ampli-
tude. Time responses characteristics of the nonlinear 
model and the real system to square input signal are 
close for small and big amplitudes. Finally, the validation 
process confirms that the nonlinear model represents 
the real system with acceptable error (less than 12% in 
gain response, less than 12% in phase response and less 
than 12% in position time response). This error is due 

measured time responses of the jet pipe electro-pneu-
matic servo actuator (the real system) with the same 
input signals. Here, the intended frequency and time 
responses relates the input voltage in [V] to the output 
position in [m]. In frequency response, the jet pipe elec-
tro-pneumatic servo actuator is fed by a flow of com-
pressed air with constant supply pressure ps = 10 [bar] 
and forced to move periodically by input sine wave with 
frequency range (1.6–70 [Hz]). All measurements of 
input and output signal have been made in real time 
with sampling time ts = 1 [ms].

The frequency responses characteristics of the non-
linear model and the real system to a sine wave input 
0.3 [V] peak, and 1.5 [V] peak are shown in Figures 30 
and 31, respectively. The time responses characteristics 
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Figure 33. The error between nonlinear model and real system in time responses characteristics with square wave input 0.6 [V] peak, 
0.1122 [Hz].
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Figure 34. Time responses of nonlinear model and real system to square wave input 3 [V] peak, 0.97 [Hz].
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to the servo valve modelling error, friction modelling 
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dynamics.

7.  Conclusions

This paper presents a general procedure of parameter 
identification for a jet pipe electro-pneumatic servo 
actuator; however the derived model is only valid for 
the exact set up of the chosen actuator. A nonlinear 
model of the jet pipe electro-pneumatic servo valve 
has been built and validated. The Gaussian exponential 
static friction model, which can describe the friction 
phenomena of actuator cylinder in sliding regime as 
a function of the piston relative velocity and the pres-
sures in the two cylinder chambers, has been identi-
fied and checked. Subsequently, the final nonlinear 
model of the jet pipe electro-pneumatic servo actuator 
has been built by assembling the nonlinear model of 
the jet pipe electro-pneumatic servo valve, the model 
of the two cylinder chambers represented by the rate 
of change of the pressure inside each chamber, and 
Newton’s second law applied to the piston and its acces-
sories including the static friction model. Finally, a val-
idation process has been performed by comparing the 
frequency and time responses of the nonlinear model 
with that of the real system. The validation process has 
shown that the nonlinear model can represent the real 
system with an acceptable error (less than 12% in gain 
response, less than 12% in phase response and less than 
12% in position time response) which is due to servo 
valve modelling error, friction modelling error, and the 
non-modelled phenomena as the friction dynamics. The 
main drawback in this modelling is that the complexity 
of the non-linear model causes a difficulty in the control-
ler design. To overcome this problem, the fast dynamic 
of the servo valve represented by the third order transfer 
function with lag behaviour can be neglected vs. the slow 
dynamic of the servo actuator and the nonlinear model 
of the mass flow rate can be converted to a nonlinear 
affine model with control signal, then nonlinear con-
trol techniques can be applied to design the appropriate 
controllers.
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