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ABSTRACT
This paper investigates the static and dynamic behaviour of a pressure control valve with
nonlinear negative characteristics. The pressure control valve has both reducing and relieving
capability and is actuated by a solenoid. The static characteristics have been measured over the
entire working range, covering the dynamic response of the solenoid, as well as the complete
valve. Amodel is proposed that considers the flow as amix of laminar and turbulent flow and flow
forceswith a flowangle that varieswith the stroke of the spool. Themodel showsgood agreement
with measurements. The investigations show that the flow forces decrease with higher flow rates
as a result of a flow angle that tends to go towards a vertical angle. This results in an increase in
pressure with flow during pressure reducing mode. A linear analysis is also presented, explaining
this as a negative spring constant in the low frequency range. Stability is, however, maintained.
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1. Introduction

A pressure control valve is one of the most common
components in any hydraulic system.Usually it is in the
form of a pressure relief valve, keeping the maximum
allowed pressure in the system to a defined value. The
other type of pressure control valve is the pressure
reducing valve, designed to maintain a certain pressure
regardless of the inlet pressure. A proportional pres-
sure control valve is a combination of the two. As it
is actuated by a solenoid, the pressure is proportional
to the current. These valves can be found in typical
applications such as automatic gearboxes and as pilot
stages for spool valves.

In a closed-centre electro-hydraulic power steering
system, see Dell’Amico (2013), such a valve could serve
as an interesting solution. Themain purpose of a power
assisted steering system is to reduce the driver’s work-
load when turning the steering wheel. This is done by
controlling the level of assistive pressure with a hydro-
mechanical open-centre valve. By replacing the open-
centre valve with proportional pressure control valves
with closed-centre, the solution offers the possibility to
realise active steering or automatic control of vehicles
as it also reduces energy consumption.

As for all pressure control valves, these come both
as single stage valves and two-stage valves, where the
former is simple in its construction and much cheaper.
Its performance is, however, limited by the size of the
valve and especially the electro-mechanical actuator,
the solenoid. A two-stage valve usually has very good
static characteristics. Due tomainly cost and packaging
properties, the single stage valve is considered in this
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work. A potential candidate is the Hydac PDR08-11
proportional pressure control valve, which is primarily
designed as a pilot stage for a spool valve. Measure-
ments show non-typical behaviour, where the pressure
reducing curves have negative static characteristics, i.e.
a positive slope in the flow-pressure curve. This sug-
gests that it is important to consider in detail the flow-
pressure relationship and flow forces of the valve, as
well as the solenoid’s characteristics when modelling
the valve. These subjects have all been investigated by
several researchers. In control design, it is important to
have a clear overview of the valve and a detailed model
will be beneficial.

Merritt (1967) gives a good overview of different
types of fluid flow. The flow is usually turbulent and the
discharge coefficient can be assumed to be a constant
value. The flow is then proportional to the square root
of the pressure drop. In cases where the flow is more
laminar, the discharge coefficient is insteadmodelled as
a functionof the square root of theReynolds number. In
a strict laminar case, this yields that the flow is directly
proportional to the pressure drop. If a pure square root
model is assumed, numerical issues can be encountered
at very low pressure drops since the derivative tends to
go to infinity. Ellman and Piché (1996) propose a two-
region flow model in order to handle this. This is also
done byÅman et al. (2008),whouse a cubic spline curve
for the laminar and transition region. This method has
proven to be computationally effecient compared to the
traditional orifice flowmodel. Another way is proposed
by Wu et al. (2002), where an exponential model of
the discharge coefficient as a function of the Reynolds
number is used. Since the Reynolds number itself is
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dependent on the flow, this model requires an iterative
process or a pre-defined look-up table to solve. The flow
can also be divided into a linear term and a nonlinear
term. This is adapted by Borutzky et al. (2002) where a
single formula for the discharge coefficient is proposed,
with purpose to handle the numerical effeciency. This
results in a linear and a quadratic term in the pressure
flow relation.

The flow forces of the open-centre directional valve
were measured and analysed by Amirante et al. (2006).
Depending on the position of the spool, the flow forces
initially act to open the valve, whereas they change
direction to close the valve after a certain opening. Sta-
tionary flow forces were also analysed on compensated
spool valves by Borghi et al. (2000). Computional Fluid
Dynamics (CFD) was used to analyse the jet flow angle
and the flow forces in general for different designs.
These works show that the general assumption of a
static jet stream angle is far from the reality in some
cases and which should be considered.

Pressure control valves in different configuration
have been investigated and analysed by several resea-
rchers. Merritt (1967) provides an analysis of single
stage pressure relief and reducing valves, with a focus
on the dynamic response. A pilot-controlled solenoid
pressure relief valve is modelled and analysed using the
bondgraph technique by Dasgupta andWatton (2005).
With a simplified model of the solenoid, the paper
presents a good model of the valve. A more detailed
model of a solenoid is presented by Vaughan andGam-
ble (1996). By measuring the current and voltage of
the solenoid, the magnetization curves can be derived,
which also include hysteresis effects. A direct acting
solenoid valve for cluctch control is modelled and anal-
ysedbyWalker et al. (2014).Anonlinear detailedmodel,
where the solenoid characteristics are mapped, is pre-
sented. Themodel agrees well with both step inputs and
steady state. A PWM-driven solenoid for ABS valves is
modelled byBranciforte et al. (2011). The fast dynamics
are modelled using a fractional order system, while
the hysteresis is covered by using neural networks. A
general linearised analysis of a pressure relief valve is
presented in Palmberg et al. (1983). It is shown how
most valves can be characterised by a dominating break
frequency and compliance and the system being con-
nected to the valve by the hydraulic capacitance and
the flow-pressure coefficient. This was also verified by
experiments. A design process for a proportional pres-
sure relief valve is proposed by Erhard et al. (2013).
An inverse simulation technique is used to derive a de-
sign for both the hydraulic subsystem and the solenoid
characteristics. The valve is simulated using both CFD
for the hydraulic subsystem and the Finite Element
Method for the solenoid. What can be seen is that
different approaches exists to model and analyse the
valve depending on the purpose. In this work a 1-

Figure 1. Simplified schematic of the valve. Solid flow path is
from pump to load. Dashed flow path is from load to tank.
Forces acting on the spool are also shown.

D model and simulation for both the solenoid and
hydraulic is adapted, which facilitates the analysis and
future control design.

Themain aim of this paper is to find a suitablemodel
that explaines the negative characteristics of the valve.
The model is divided into two subsystems: the solenoid
and the hydro-mechanical subsystems. An orifice flow
model is proposed that covers laminar to turbulent flow
without requiring an iterative solution. The flow forces
are also modelled considering how the flow jet angle
changes over the spool stroke. Experiments have been
conducted for both static and dynamic measurements
for both the solenoid and the complete valve and com-
pared to the simulation results. A linear analysis of
the system is also presented that explaines the valve’s
behaviour.

2. System description

The main purpose of the valve is to maintain a certain
pressure corresponding to the input signal regardless
of variation in the load flow and supply pressure. How-
ever, this is only true in the ideal case and the static
characteristics of the valve determine how much the
pressure will fluctuate with variations in for example
flow. The input signal is a PWM-modulated voltage,
but typically it is the current that is of interest. A certain
currentwill correspond to a certain static pressure level.
Obviously, the valve can take different shapes with the
same functionality. A simplified schematic of the valve
studied in this paper is shown in Figure 1. Parameter
data can be found in Table 1 in the appendix.

The valve is a direct acting single-stage valve. This
means that an electro-magnetic actuator, a solenoid,
exerts a force directly on the spool of the valve. In the
opposite direction to the solenoid force, the load pres-
sure acts on a predefined surface, together with a small
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spring. The reference pressure is thusmodulated by the
solenoid force. Once the load pressure has reached the
reference pressure, the spool will be in equilibrium. If
no load flow is required, the spool will be in the closed
position and no flow is going through the valve except
for leakage. If the load pressure becomes lower than the
corresponding reference pressure, the spool opens to
pump, like a reducing valve. If the pressure is too high,
the spool opens to tank to reduce the pressure, like a
relief valve. The valve is therefore self-regulating.

A small restrictor is placed between the load volume
and a much smaller volume above the spool. This solu-
tion serves to increase the damping. A further analysis
of the restrictor is presented below which reveals its
true impact on the valve. The opening areas of the valve
consists at the pump side of 12 circular holes around
the valve body, each with a diameter of 1.5 mm. On the
tank side, there are also 12 holes in the same manner.
However, a single small hole of 0.8 mm diameter is
placed before the larger holes with an offset of 0.3 mm.
This generates a much smoother area gradient on the
tank side compared to the pump side.

With the centre position of the spool at 0 mm, the
spool’s stroke is from−1 to 0.85 mm. The core’s stroke
is approximately from −1.7 to 0.85 mm.

3. Experimental setup

The measurements of the valve have been divided into
two parts. The first part studies the solenoid separately
to get a good overview of its behaviour. The other part
studies the complete valve, both static and dynamic
characteristics. Two test rigs were set up for this pur-
pose. All measurements were conducted with a sample
time of 0.1 ms. A PWM-modulated signal at 200 Hz
was used to control the valve. The voltage and current
were filtered using an FIR filter to remove the effect of
the PWM-signal on the measurements. The results of
all measurements are the foundation for the modelling
procedure in Section 4.

3.1. Solenoidmeasurements

A low-speed electro-mechanical actuator with a load
cell attached to its end was used to control the position
of the magnet core. The solenoid was clamped such
that the core was resting against the load cell in the
horizontal position. The solenoid was supplied with 12
V. Two types of test were conducted. The first applied
step input signals at 25 different positions over the
entire stroke. The voltage, current and force were mea-
sured. The other tests measured the static relationship
between current and force. Since the core was only
resting against the load cell and no spring was used, no
PWM-modulation was used to avoid oscillations of the
core. Instead, the supply voltage was slowly increased
while current and forcewere registered. Before each test

Figure 2. A schematic of the measurement set-up of the
solenoid.

Figure 3. A schematic of the measurement set-up of the
complete valve.

the solenoid was heated by applying maximum current
to avoid fluctations in the coil resistance. A schematic of
this test rig is shown in Figure 2. The static behaviour of
the solenoid is shown in Figure 8, which demonstrates
the strong nonlinear nature of the solenoid. The results
from the second type of test, are shown in Figure 9.

3.2. Valvemeasurements

The test rig for measurements of the complete valve
is illustrated in Figure 3. The valve is connected to a
constant pressure source at 200 bar. A small accumu-
lator of 1 L is installed to minimise variations in the
supply pressure. The load consists of a fixed volume of
0.1 L. A flow-meter is installed on the supply line, as
well as a temperature sensor. The temperature varied
between 37 and 42 °C for all tests. Two variable orifices
are installed, one between the load volume and tank
and the other between the pump and load volume.
These are used to apply a positive or negative load
flow. Load, supply and tank pressures are measured
with transducers. The magnet core housing is fitted
with a small screw at its end. The screw is used to
bleed the core housing, since it is filled with oil. When
removed, the hole gives access to the magnet core. A
position transducer was installed to measure the core
position. As long as the core is in contact with the spool,
the core position corresponds to the spool position.
The position transducer is spring-loaded to ensure it is
always in contact with the core, at the same time as the
spring force is kept low enough to have no impact on
the valve.

To measure the static characteristic of the valve, a
constant duty cycle was applied. Either of the two vari-
able orificeswas slowly opened to increase the loadflow,
while pressure, flow and spool position were registered.
This was done from 30 to 100% duty cycle with steps
of 10%, both for positive and negative load flow, i.e. the
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valve is working either as a reducing valve or a relief
valve. The measured static characteristics are shown in
Figure 10.

Whenmeasuring thedynamic characteristic, the load
flow was set at zero. Steps were applied in the input
signal for different levels and amplitudes, while pres-
sure, current and spool position were registered. If too
sudden an input signal was applied when relieving the
pressure, the magnet core and spool could separate
and cause great undershots in the pressure. This was
clearly seen bymeasurements. Since this is anunwanted
behaviour and is outside the scope of this paper, a rate
limiter is implemented for a decreasing input signal.
The rate limiter is tuned so that the core and spool stay
in contact. The dynamic behaviour of the valve is shown
in Figure 11.

4. Modelling

The modelling procedure for the valve is divided into
two parts, where the solenoid and hydraulic subsystems
are modelled separately.

4.1. Solenoidmodel

Since magnetic properties are difficult to measure and
no further properties of the magnet are available, the
modelling procedure for the solenoid is based on the
work done by Vaughan and Gamble (1996). It only re-
quires measurements of the current, voltage and force,
which are much easier to accomplish and which are
used to derive the magnetic characteristic. The idea
is to model the solenoid as a resistor in series with
a nonlinear inductor, while also considering magnetic
hysteresis. The total voltage over the solenoid consists
of a resistive part and an inductive part, as in Equation
(1),

Vs = VR + VL = iR + VL (1)
where VS is the total voltage over the solenoid, VR is
the resistive voltage drop, VL is the inductive voltage
drop, i is the current through the coil and R is the
coil resistance. The current is described as an energy-
restoring part, iR, and an energy-dissipating part, id ,
and describes the magnetic characteristics, Equation
(2).

i = iR + id = f (λ, x) + d(VL) (2)
The restoring function depends on both the flux linkage
λ and the core position x, while the dissipating function
depends only on the inductive voltage. The flux linkage
can easily be obtained through Equation (3). The mag-
netic characteristic is usually desribed by the so called
magnetization curve. One way to derive this curve is
through the flux linkage and current. The calculated
magnetization curves are shown in Figure 9(a).

λ =
∫

VL =
∫ (

Vs − iR
)

(3)

The restoring function is found by calculating themean
current from the magnetization curves at each core
position and fitting a polynomial function. The best
fit for this solenoid is described by Equation (4)–(7).

iR = f1λ3 + f2λ2 + f3λ (4)
f1 = pf11x

5 + pf12x
4 + pf13x

3 + pf14x
2 + pf15x + pf16

(5)
f2 = pf21x

5 + pf22x
4 + pf23x

3 + pf24x
2 + pf25x + pf26

(6)
f3 = pf31x

2 + pf32x + pf33 (7)

The dissipating function is also fitted with a polynomial
from the calculated dissipating current, with a best fit
as in Equation (8).

id = pd1V
3
L + pd2V

2
L + pd3VL + pd4 (8)

Values of all constants can be found in Table 1. The
solenoid force is modelled as a function Fs(i, x) of the
current and the core position, since it was practical to
measure the static relationship for each core position.
Again a polynomial model is fitted, described in Equa-
tions (9)–(12).

Fs(i, x) = pfs1 i
5 + pfs2 i

4 + pfs3 i
3 + pfs4 i

2 (9)
pfs1 = pfs11x

3 + pfs12x
2 + pfs13x + pfs14 (10)

pfs2 = pfs21x
3 + pfs22x

2 + pfs23x + pfs24 (11)
pfs3 = pfs31x

3 + pfs32x
2 + pfs33x + pfs34 (12)

pfs4 = pfs41x
3 + pfs42x

2 + pfs43x + pfs44 (13)

The static characteristic of the solenoid is onlymodelled
for the working range of the valve, which is from 1 mm
to maximum position of the core. The comparison to
the measured characteristic is shown in Figure 8, while
a comparison of the dynamic behaviour can be found
in Figure 9.

4.2. Hydraulic model

Studying the results from the measurements, in par-
ticular the static characteristic of the valve in Figure
10, a few things can be concluded that will form the
model of the valve. Firstly, it can be seen that the spool
works with an offset from the centre position towards
the tank side at equilibrium, i.e. a negative stroke. This is
due to the difference in area gradient and pressure drop
over the meter-in and meter-out orifices. To cover the
leakage from the pump side, the valve needs to open
somewhat to tank. It is therefore important to consider
this when modelling the valve. It is done by regarding
both the gap leakage and area opening on the pump
side as two orifices, each with different characteristics.
The gap leakage on the tank side is less important due
to the smoother area gradient.
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The second thing concluded is that generally the
valve is working with low flows. It is far from cer-
tain that the flow reaches fully turbulent flow and the
common assumption that the discharge coefficient is
constant might be far from the truth. This is checked
by calculating the discharge coefficient from measure-
ments.Obviously, the discharge coefficient is not purely
a physical property and any assumption and modelling
mismatch will affect its behaviour.

Thirdly, the static characteristic of the valve is very
specific when working as a pressure-reducing valve. As
can be seen in Figure 10, the pressure begins to increase
for larger flows, which is not the expected behaviour
of a pressure-reducing valve. The typical behaviour of
a solenoid is an increased force with stroke, i.e. for a
smaller air gap, which is also seen in Figure 8. The
increase in force, however, is too small to fully explain
the increase in pressure. It is left to the flow forces to
explain the behaviour.

The equations describing the hydraulic part of the
valve in reducing mode are as in Equations (14)–(32).
When relieving the pressure, the modelling procedure
is the same.

Spool motion

mv̇ = Fs(i, x)−Acp+Accpc −Kx−Bv−Ff (x,�p)− f0
(14)

Here m is the total moving mass, Ac the pressure area,
Acc is the damping chamber area, p is the load pressure,
pc the pressure in the damping chamber, K the spring
stiffness, B the viscous friction coefficient, v the mass
velocity, Ff (x,�p) the flow force and f0 the spring
pretension force. Only viscous friction is considered.
Static friction and stick-slip phenomena are assumed
to be negligible due to the dither effect of the PWM
input. The spool’s stroke is limited between −0.55 and
0.85 mm, which according to measurements is the in-
teresting working range.

Continuity equation

qv − qc − ql = V
β
ṗ (15)

where qv is the flow through the valve, qc the flow into
the damping chamber, ql the load flow, V the load
volume and p the load pressure.

Orifice flow

qv = Cq(x,�p)A(x)

√
2
ρ

�p (16)

where �p is the pressure drop over the orifice, Cq the
discharge coefficient andA(x) the opening area. On the
pump side, the valve is modelled with two orifices, one
for the gap leakage and the other when the spool passes
the holes. In Equation (16), which assumes turbulent

flow, is used in both cases. The opening area ismodelled
according to Equation (17), which considers the 12
circular holes and a plane leakage gap at each hole. On
the tank side, the opening area is modelled in the same
manner but also considering the small initial hole.

A(x) = 12
(
1
2
r2

(
2arccos

(
r − x · 10−3

r

)

−sin
(
2arccos

(
r − x · 10−3

r

)))
+ 2rhgap

)
(17)

Here r is the radius of one hole and hgap the height of
the gap. Since the flow can be anything from laminar
to turbulent, the discharge coefficient Cq is modelled
to take this into account. The discharge coefficient can
be calculated from Equation (16) and using the data
from Figure 10 and is shown in Figure 4(a) for the
pump side and in Figure 4(b) for the tank side. The
discharge coefficient is split into two parts. For gap
leakage, the flow is assumed proportional to the pres-
sure drop. According to the literature, Merritt (1967),
the discharge coefficient is proportional to the square
root of the Reynolds number Re, which is calculated
according to Equation (18),

Re = qdh
Aν

dh = 4A
O

⇒ Re = 4q
Oν

(18)

where dh is the hydraulic diameter, ν the kinematic
viscosity and O the circumference of the opening. The
discharge coefficient for the gap leakage is then mod-
elled as in Equation (19).

Cqgap = gg (x)
√
Re (19)

The function gg (x) is a geometrical term that will both
compensate for any errors in the area opening function
and take into account the effective cross area of the fluid
stream. Studying the discharge coefficient it can be seen
that the value tends to approach a constant value when
the spool crosses the holes at 0 mm. The flow goes
from laminar to a mix of laminar and turbulent flow as
the spool opens more. The discharge coefficient is no
longer proportional to the square root of the Reynolds
number and amore complicated relationwould require
an iterative process to solve. This is not practical when
implementing themodel in simulation software. In this
case, the discharge coefficient is instead modelled as
in Equation (20), where it only depends on the spool
position and pressure.

Cqhole(x, p) = g(x)pγ (x) (20)

The function g(x) is again a geomentrical term, while
γ (x) handles the transition from laminar to turbulent
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Figure 4. Measured (solid) and simulated (dashed) discharge
coefficient for the pump side (a) and tank side (b) at
corresponding 30, 60 and 90% duty cycle.

flow and varies between 0 and 0.5. An arctan function,
which was manually tuned, was used in this paper and
the three functions γ (x), gg (x) and g(x) are described
in Equation (21)–(22). The geometrical functions are
derived by using an appropriate curve fitting technique.

gg (x) = 0.02477e1.314x + 0.0642e24.41x (21)
g(x) = 0.3973sin(3.493x − 0.6221)

+ 3.789sin(6.942x + 1.088)
+ 3.626sin(7.047x + 4.173)
+ 0.0009295sin(22.45x + 2.653) (22)

γ (x) = (( − arctan(5(x − 0.3))) + π/2)0.3/π (23)

The gap leakage on the tank side is assumed to be very
small due to the smoother area gradient and no sepa-
rate measurements of it were recorded. It is therefore
lumped together with the main flow and the pressure-
flow characteristic is modelled with the same method
as on the tank side, resulting in the functions γr(x) and
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Figure 5. Measured pressure (solid) and calculated flow force
(dashed) vs. the flow at 70% duty cycle.

Figure 6. Block diagram of the linearised valve equations.

gr(x) and shown in Equations (24) and (25).

gr(x) = 0.1267e−
|x|−0.5556
0.1016

2
+ 10880e−

|x|−3.269
0.7823

2
(24)

γr(x) = (( − arctan(10(|x| − 0.4))) + π/2)0.3/π
(25)

The resulting functions are also plotted in Figures 4(a)
and 4(b). The logistic function, Equations (26) and (27),
is used on the pump side to get a smooth continuous
transition from the gap to the holes.

Cq = Cqgap · (1 − L(x)) + Cqhole · L(x) (26)

L(x) = 1
1 − e1000x

(27)

Damping orifice and chamber

qc = Kd(p − pc) (28)

qc − Accv = Vc

β
ṗc (29)

where Vc is the volume of the damping chamber. The
flow into the damping chamber qc , Equations (28) and
(29), not only depends on the size of the damping orifice
but also on the leakage flow over the spool land. This
flow is assumed to be laminar and is modelled with the
constant Kd , which is tuned to give a good match with
measurements.

Flow forces
Since the mechanical spring is very weak, the static
characteristic of the valve is mainly defined by the flow
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Table 1. The working points for frequency analysis.

i xv p

Point 1 1.5 [A] -0.0326 [mm] 120.4 [bar]
Point 2 1.49 [A] 0.2482 [mm] 109.6 [bar]
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Figure 7. Loop gain frequency response of the valve. The solid
line corresponds to working point 1 and the dashed lines
corresponds to working point 2. The dots indicate the gain
and phase margins, respectively.

forces. The flow forces are defined in Equation (30),
where only stationary flow forces are considered.

Ff (x,�p) = 2Cq(x,�p)A(x)�pcos(δ) (30)

Since the discharge coefficient is known, the flow angle
δ can be calculated from the spool equilibrium in Equa-
tion (14). The models used in this paper are defined in
Equations (31) and (32) and are derived by using an
appropriate curve fitting technique.

Pump side

cos(δ) = max
(
0.7, 6.151 · 1013e− x+3.129

0.5478
2

+0.1908e−
x−0.154
0.106

2
)

(31)

Tank side

cos(δ) = max
(
0.7, 932e−

|x|+1.741
0.7617

2

+0.3796e−
|x|−0.5226
0.2083

2
)

(32)

Note that for convenience the cosine of the flow angle is
modelled rather than the flow angle itself. The resulting
flow force at 70% duty cycle is shown in Figure 5,
together with the corresponding pressure. It can be
seen how the flow forces begins to decrease at a certain
level, which results in an increase in pressure. Static and
dynamic comparisons between measurements and the
implemented model are shown in Section 6.
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Figure 8. Measured and modelled (solid line) static
characteristic of the solenoid plotted as force vs. position. 0
mm corresponds to the core’s end position, where a positive
direction closes the air gap.

4.3. Simplifiedmodel

The effect of the damping chamber and restrictor has
been analysed by Merritt (1967). If the restrictor is
small enough, it will serve to trap the oil in the damp-
ing chamber, effectively replacing the mechanical res-
onance with a hydraulic resonance and adding a low-
frequency lag. The effect of this is increased stability. In
order for this to be valid, the restrictor must fulfill the
criteria in Equation (33).

Kd ≥ 2Ac

√
Vc

mβ
(33)

With the values in Table 1, for this valve the restrictor
does not fulfil the criteria. According toMerritt (1967),
the effect of the restrictor is instead an increased damp-
ing on the mechanical resonance. This also implies that
the valve can be simplified by removing one state, i.e.
the damping chamber and restrictor. The simplified
model is compared to the fullmodel and themechanical
damping is tuned to obtain a good fit. It is advantageous
to run the model with the simplified model. It is not as
stiff as the full model and does not require as low step
time during simulation.

5. Linear modelling and frequency analysis

A linear model and analysis is helpful when studying
the system and reveals some important behaviour. The
following analysis is based on the simplifiedmodel exp-
lained in Section 4.3 and considers only the pressure-
reducing case. A frequency analysis requires the system
to be linear and the first step is to linearise the system
equations from Section 4. Here the pressure pc is set to
p since the damping chamber is ignored. Since the static
characteristic of the valve is mainly due to the hydraulic
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Figure 9. Comparisons between measurement (solid) and simulation (dashed) results of the solenoid for step responses.

subsystem, the dynamics of the solenoid are assumed
linear, with a constant inductance L, to facilitate the
analysis. Studying only changes in input and output
signal, the governing linearised equations transformed
into the Laplace domain are shown in Equations (34)–
(36), where s is the Laplace operator and � indicates a
change in the signal.

�is = 1
L

(
�Vs − R�i

)
(34)

�xs = 1
m

(
Kfi�i − Ac�p − Ke�x − B�xs

)
(35)

�ps = V
β

(
Kq�x − Kc�p + Kcps�ps + Ac�xs − �ql

)
(36)

The corresponding derivatives are defined in the
appendix. A block diagram can be derived from the
linearised equations, shown in Figure 6. The hydro-
mechanical feedback appears and it is also seen that
the solenoid dynamics do not affect the loop gain in
the simplified case. The frequency response of the loop
gain is shown in Figure 7 for two working points, cor-
responding to two points along the static pressure-flow

curve at 70% duty cycle. The two points are defined in
Table 1. The first working point is where the pressure is
declining with the flow. The second point is where the
pressure is increasing with the flow, yielding negative
characteristics. The linearized system is stable in both
cases, which agrees with observations of the physical
system. In the second case, however, the phase margin
begins at−180° since the linearised spring constant,Ke,
is negative. Being quite low, the spring constant only
affects the system at very low frequencies, allowing the
system to maintain a positive, but low, phase margin
at the crossover frequency. It can be noted that the
resulting pumping motion of the spool can be ignored
due to the very high frequency.

6. Results

This section presents the results from measurements
and simulations of the solenoid and the complete valve.

6.1. Solenoid

The static characteristic of the solenoid, represented as
force vs. position at different current levels, is shown
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Figure 10. Comparison between measured (solid) and
simulated (dashed) static characteristics of the valve.

in Figure 8. The small variation in resistance during
the measurements has been taken into account in the
figure.

Figure 9 shows the comparison of betweenmeasured
and simulated solenoid characteristic andperformance.
Although validation has been performed over the entire
working range, the figure shows the results at the valve’s
corresponding centre position. The results for flux link-
age are presented at the extreme positions to show
the variation over the stroke. The coil resistance was
calculated at stationary points in order to compensate
for its variation.

6.2. Valve

Static characteristics
Figure 10 shows the comparison of the static charac-
teristics of the valve between measured and simulated
results. The measurements were taken at 30% - 100%
duty cycles, in steps of 10%. Figure 10(a) shows the
pressure vs. flow characteristics and Figure 10(b) shows
the position of the magnet core vs. the flow.

0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9
0

20

40

60

80

100

120

140

160

180

200

Time [s]

P
re

ss
ur

e 
[b

ar
]

(a) Pressure response of the valve

0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9
0.2

0.4

0.6

0.8

1

1.2

1.4

1.6

1.8

2

2.2

Time [s]

C
ur

re
nt

 [A
]

(b) Current response of the valve
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Figure 11. Comparison between measured (solid) and
simulated (dashed) dynamic performance of the valve.

Dynamic characteristics
Figure 11 shows the performance of the valve for step
signal input at different levels and amplitudes. The
responses are compared to simulation results. Perfor-
mance is measured for pressure, current, and magnet
core position.
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7. Discussion

There are some remarks regarding the results that
shouldbediscussed. First of all, the discharge coefficient
compensates for the fact that the actual cross-sectional
area of the stream is different to the area opening of
the valve. This means that the discharge coefficient
contains the uncertainties regarding the modelling of
the area opening. There are uncertainties regarding the
possible underlap or overlap of the spool and the gap
between the spool and the spool body. The flow path
of the leakage is also unknown but assumed to follow a
certain direction and this will also affect the shape of the
discharge coefficient.Nevertheless, the discharge coeffi-
cient clearly shows how the flow transfers from laminar
in the gap region towards turbulent flow. The shape of
the curve is also similar to the literature,Merritt (1967).

The flow forces very much define the static charac-
teristic of the valve. Since it was not possible to mea-
sure the actual flow forces, the accuracy of the flow
force model can not be confirmed. It is also subject
to modelling errors since it also depends on the dis-
charge coefficient. The complete model, nonetheless,
accurately describes the behaviour of the valve. Since
the mechanical spring is very weak, the force balance
on the spool is very sensitive to any disturbances in the
flow path that can affect the flow jet angle.

Overall, the simulation results agree well with the
measurements for all states of the valve, pressure, cur-
rent and spool position, which suggests that the model
has captured the essential behaviour of the valve.

The linearised analysis suggests that the effective
spring constant is negative in the phase where the pres-
sure increases with flow in reducing mode. This is
reasonable since the pressure-flow curve changes di-
rection. The negative spring constant only affects the
system in the low-frequency region and stability is there-
fore maintained.

8. Conclusions

The modelling procedure for a solenoid pressure
control valve with negative characteristic has been
realised with very good agreement. This was accom-
plished through an accurate modelling of both the ori-
fice flow and the flow forces acting on the spool. The
orifice flow takes into account the change in flow type,
from a laminar to a turbulent flow, while the flow force
model also takes into account how the jet flow angle
changes over the stroke.

It can be seen from the derived model that the main
cause of the negative characteristic is that the flow
stream changes direction with spool stroke to such
an extent that the flow force actually decreases with
increased flow, causing a rise in pressure. In a linearised
sense, this turns out as negative effective spring constant
dominating the low-frequency region.

Nomenclature

Parameter Description Unit
m: Total mass of moving parts kg
i: Current A
iR: Restoring current A
id : Dissipating current A
Ac : Pressure area m2

Acc : Damping chamber pressure area m2

A: Opening area m2

O: Opening circumference m
dh: Hydraulic diameter m
r: Radius of opening holes m

hgap: Gap height between spool and body m
K : Spring stiffness N/mm
f0 Pretension force N
B: Viscous friction coefficient Ns/m
Fs: Solenoid force N
Ff : Flow force N
x: Spool position mm
v: Spool velocity m/s
p: Pressure Pa
pc : Pressure in damping chamber Pa
V : Load volume m3

Vc : Volume in damping chamber m3

qv : Valve flow m3/s
ql : Load flow m3/s
qc : Damping chamber flow m3/s
Vs: Total voltage V
VR: Resistive voltage V
VL: Inductive voltage V
R: Coil resistance 


ρ: Density kg/m3

β : Bulk modulus Pa
δ: Jet flow angle [rad]
ν: Kinematic viscosity m2/s
λ: Flux linkage Wb
f1: Function coefficient A/(W3

b )

f2: Function coefficient A/(W2
b )

f3: Function coefficient A/Wb
pf11 : Function coefficient A/(W3

bm
5)

pf12 : Function coefficient A/(W3
bm

4)

pf13 : Function coefficient A/(W3
bm

3)

pf14 : Function coefficient A/(W3
bm

2)

pf15 : Function coefficient A/(W3
bm)

pf16 : Function coefficient A/W3
b

pf21 : Function coefficient A/(W2
bm

5)

pf22 : Function coefficient A/(W2
bm

4)

pf23 : Function coefficient A/(W2
bm

3)

pf24 : Function coefficient A/(W2
bm

2)

pf25 : Function coefficient A/(W2
bm)

pf26 : Function coefficient A/W2
b

pf31 : Function coefficient A/(Wbm2)

pf32 : Function coefficient A/(Wbm)

pf33 : Function coefficient A/Wb
pd1 : Function coefficient A/V3

pd2 : Function coefficient A/V2
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pd3 : Function coefficient A/V
pd4 : Function coefficient A
pfs1 : Function coefficient N/(A5)

pfs2 : Function coefficient N/(A4)

pfs3 : Function coefficient N/(A3)

pfs4 : Function coefficient N/(A2)

pfs11 : Function coefficient N/(A5m3)

pfs12 : Function coefficient N/(A5m2)

pfs13 : Function coefficient N/(A5m)

pfs14 : Function coefficient N/A5

pfs21 : Function coefficient N/(A4m3)

pfs22 : Function coefficient N/(A4m2)

pfs23 : Function coefficient N/(A4m)

pfs24 : Function coefficient N/A4

pfs31 : Function coefficient N/(A3m3)

pfs32 : Function coefficient N/(A3m2)

pfs33 : Function coefficient N/(A3m)

pfs34 : Function coefficient N/A3

pfs41 : Function coefficient N/(A2m3)

pfs42 : Function coefficient N/(A2m2)

pfs43 : Function coefficient N/(A2m)

pfs44 : Function coefficient N/A2
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Appendix

A.1. Linearised derivatives

The derivatives from the linearised system equations are de-
fined below.

Kfi = ∂Fs(i0, x0)
∂i

Kfx = ∂Fs(i0, x0)
∂x

Kff = ∂Ff (x0, ps0, p0)
∂x

Ke = K − Kfx + Kff

http://orcid.org
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Kq = ∂qv(x0, ps0, p0)
∂x

Kc = −∂qv(x0, ps0, p0)
∂p

Kcps = ∂qv(x0, ps0, p0)
∂ps

A.2. Parameter values

Table 1. Parameter values

Parameter Value Unit

pf11 -69.18 A/(W3
bm

5)

pf12 335.12 A/(W3
bm

4)

pf13 -449.62 A/(W3
bm

3)

pf14 99.99 A/(W3
bm

2)

pf15 36.65 A/(W3
bm)

pf16 324.00 A/W3
b

pf21 15.23 A/(W2
bm

5)

pf22 -72.02 A/(W2
bm

4)

pf23 87.96 A/(W2
bm

3)

pf24 -7.55 A/(W2
bm

2)

pf25 -5,17 A/(W2
bm)

pf26 -31.69 A/W2
b

pf31 2.13 A/(Wbm2)
pf32 -9.48 A/(Wbm)

pf33 19.14 A/Wb
pd1 -0.0004 A/V3

pd2 -0.0003 A/V2

pd3 0.0472 A/V
pd4 0.0059 A
pfs11 -1.06 N/(A5m3)

pfs12 4.30 N/(A5m2)

pfs13 -2.30 N/(A5m)

pfs14 -1.55 N/A5

pfs21 6.07 N/(A4m3)

pfs22 -23.45 N/(A4m2)

pfs23 9.16 N/(A4m)

pfs24 14.69 N/A4

pfs31 -12.83 N/(A3m3)

pfs32 47.77 N/(A3m2)

pfs33 -17.55 N/(A3m)

pfs34 -41.77 N/A3

pfs41 10.76 N/(A2m3)

pfs42 -40.61 N/(A2m2)

pfs43 23.38 N/(A2m)

pfs44 47.33 N/A2

m 0.04 kg
Ac 6.36·10−5 m2

Acc 6.05·10−5 m2

r 1.5·10−3 m
hgap 1.5·10−5 m
K 0.5 N/mm
f0 2 N
B 4.47 Ns/m
Bsimplied 223.6 Ns/m
V 1·10−4 m3

Vc 4.7·10−11 m3

ρ 900 kg/m3

β 1·109 Pa
ν 46·10−6 m2/s
Kd 1.24·10−11 m5/Ns


	1. Introduction
	2. System description
	3. Experimental setup
	3.1. Solenoid measurements
	3.2. Valve measurements

	4. Modelling
	4.1. Solenoid model
	4.2. Hydraulic model
	4.3. Simplified model

	5. Linear modelling and frequency analysis
	6. Results
	6.1. Solenoid
	6.2. Valve

	7. Discussion
	8. Conclusions
	Acknowledgements
	Disclosure statement
	ORCID
	References
	Appendix A.1. Linearised derivatives
	Appendix A.2. Parameter values




