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Abstract

Inadequate lubrication might lead to high friction and wear and can ulti-
mately translate in a higher dissipation of energy, initiation and propagation
of fracture and material fatigue. These occurrences are avoided or delayed
thanks to an efficient lubricating system. The core of a reliable system is
the hydraulic pump which, in the automotive field, is also responsible for
power transmission and cooling. Given the importance of such components,
improving reliability and performance of the pumps is a topic that is greatly
pursued by manufacturers. A machine that is infrequently addressed in the
open literature of the fluid power field is the pendulum slider pump. This kind
of machine has the makings of high durability performance, short response
time, and significant ability to withstand flow contamination by solid parti-
cles. Considering the available literature, no Computational Fluid Dynamics
(CFD) studies have been presented so far. Among the complexities that
hindered the application of CFD to this machine, motion complexity and
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narrow gaps make the development of a numerical algorithm for its modelling
non-straightforward.

In this work, the authors present the development and the application of
a CFD model for the simulation of pendulum slider pumps. The structured
mesh generation process has been successfully applied to a state-of-the-
art pendulum slider pump for automotive applications, and the outcome of
the numerical investigation has been validated against an on-purpose built
test bench. The results both in terms of variable displacement and fixed
displacement behaviour are shown. This work proofs the suitability of the
developed model for the analysis of hydraulic pendulum slider pumps.

Keywords: Sustainability assessment, digitalization, performance improve-
ment, hydraulic pump.

1 Introduction

The use of variable displacement pumps is a well-known method of con-
trolling the flow of hydraulic systems to adjust power consumption to the
level that is actually required. Among these machines, pumps with pendulum
architecture (pendulum pumps, for simplicity) can be possible design choices
for automotive applications, aside from gear pumps and the widespread vane
pumps [1].

In particular, several works [1-6] in the recent literature address the pen-
dulum slider design. A typical two-dimensional scheme of reference is shown
in Figure 1. This kind of architecture can be thought of as characterized by an
inner rotor, connected to a drive shaft, and an eccentric outer rotor with hinged
rods, also known as pendulums. The outer rotor is typically accommodated
in a pivoting slider, a sort of ring that acts as a stator. Each pendulum profile
is kinematically designed to fit a dedicated slot of the inner rotor, keeping
the contact with it to promote a sealing action between the two sides of
the rod through the entire pumping cycle. The pendulums transmit also the
torque from the inner rotor to the outer rotor as the shaft revolves. The cited
components can be thought of as axially capped by two flat plates in which
suction and delivery ports are carved out.

The pumping chambers of this kind of machine are the spaces enclosed
between the two eccentric rotors and each couple of consecutive rods, axially
limited by the mentioned plates. Secondary pockets are present under the
pendulums, used to create an additional pump stage in certain designs [3].
In that case, the machine performs two pumping cycles per revolution: one of
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the main stages, analogously to a typical variable displacement vane pump,
and one due to the under-pendulum pockets. The slider can be typically
rotated around a pin to promote variations of the eccentricity of the two rotors
to modify the displacement of the machine.

This kind of architecture could be deemed as infrequently addressed in
the literature about positive displacement pumps, but several patents [7-9]
about similar devices were published in the second half of the 20th century,
starting at least from the 1950s. More recently, the pendulum slider design
was adopted in several automotive applications, such as automatic transmis-
sions [3], combustion engines [4, 5], and retarders [10]. Compared to variable
displacement vane pumps, the pendulum slider design is considered in the
literature as potentially more efficient over the entire lifetime for operating
conditions up to 14 000 rpm, because of the absence of the friction due to the
high relative speed contact between vane and stator [2, 4]. On the other hand,
the presence of an additional viscous loss at the interface between the outer
rotor and the slider should be considered [1, 4]. Other esteemed performance
aspects of this kind of pump are the ability to withstand fluid contamination,
the short response time, and the flexibility in terms of installation position and
control strategy [2, 3]. When it comes to cost, several authors [2, 3] recently
discussed the potential fuel savings that could arise from the expected high
overall efficiency, durability, and control accuracy of pendulum slider pumps,
underlining also potential price advantages, in particular with respect to
variable displacement gear pumps.

To verify the performance and to assess the design of Positive
Displacement Machines (PDMs), and pendulum slider pumps in particular,
experimental campaigns are usually performed. Thanks to this possibil-
ity, several of the parameters of interest such as mass flowrate, vibrations,
pressure pulsations etc. can be monitored. By testing alternative designs,
engineers can try to reduce as much as possible undesired phenomena which
arise during operation. However, there are some features that are very chal-
lenging to be evaluated experimentally. Moreover, the prototyping process
requires relevant costs both in terms of production and time for testing.
Among the possible methods, the CFD analysis [11-13] is a useful tool for
the prediction of flow behaviour and machine performance. Sometimes this
numerical approach is the only way to investigate the potential behaviour
of PDMs with different fluids, without major changes to the plant to be
carried out. The complexity of the problem has brought about the appli-
cation of several numerical strategies to solve the behaviour of volumetric
machinery. One of the most applied methods is the custom predefined mesh
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Figure 1 Schematic two-dimensional example of pendulum slider pump architecture.

generation. This approach generates a structured grid for the starting position
and the nodal position for successive time steps, defining the evolution of
the grid compatible with the rotor displacement. This approach is the one
implemented in the software environment Simerics-MP+ by Simerics Inc. for
enabling the simulation of a number of machines.

In this work, Simerics-MP+ has been applied to a pendulum slider pump.
The performance predicted by the simulations has been compared against
experimental data. Both fixed and variable displacement setups have been
considered, including all the typical features of these pumps (e.g., axial gaps).
The results of the simulations have been compared with experiments carried
out on an ad-hoc test bench installed at the Test and Validation Department
of the ZF Automotive Italia Srl plant in San Giovanni di Ostellato (Italy).

2 Methodology

This work presents a validation of the numerical simulation of a pendulum
slider pump. In this section, both the experimental and numerical setups used
for the investigation are presented and discussed.

2.1 Experimental Test Bench

The case study consists of a pendulum slider pump characterized by a maxi-
mum displacement of 79 cm?/rev and 7 pendulums. Its main components are
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Table 1 Main properties at 40 °C and 100 °C of the oil of interest
Temperature [ °C]  Kinematic Viscosity [mm?/s] Density [kg/mS]
40 51.1 841
100 9.3 801

the same as the example shown in Figure 1. The machine is designed to oper-
ate in the revolution frequency range 1000 rpm — 3000 rpm at temperatures of
—30°C - 180 °C. The pump of interest has been experimentally analysed by
means of a test rig suitable for steady-state testing of a similar variable dis-
placement pump. The hydraulic fluid adopted for the experimental campaign
is a synthetic transmission oil for commercial vehicles, characterized by the
properties listed in Table 1.

2.1.1 Test bench description
The test rig used for experiments can be represented by means of the
hydraulic scheme shown in Figure 2. The main components are:

C: displacement control mechanism; D: orifice; EM: electric motor; F:
KRAL OMG 52 flowmeter (KRAL GmbH, Lustenau, Austria); H: heater;
M: Kistler 4503BOSOWPOB1KA1 torque sensor (Kistler Group, Winterthur,
Switzerland); P: pendulum slider pump under test; PI: Kulite XTL-123G-190
pressure transducer (rated absolute pressure: 1.7 bar) (Kulite Semiconductor
Products, Inc., Leonia, NJ); PO,PP: Kulite XTL-123G-190 pressure transduc-
ers (rated absolute pressure: 17 bar) (Kulite Semiconductor Products, Inc.,
Leonia, NJ); R: reservoir; T: PT100 class B resistance temperature detector;
VO: outlet valve; VP: pilot solenoid valve.

Referring to the scheme shown in Figure 2, the pump under test P is
powered by the electric motor EM, mechanically connected to the drive shaft
of P through a torque sensor M with encoder. The latter is used to measure the
torque and the revolution frequency of the shaft. The pump is accommodated
in a moulded aluminium housing that connects it to the hydraulic system of
the test rig. The housing is sealed towards the environment by a cover, and it
lodges the displacement control mechanism C as well.

Focusing on C, it could be described as composed of the pivoting slider
of the pump, pinned in the housing, and a spring that tends to force the slider
against a mechanical stop in maximum displacement position. As represented
by the cylinder scheme in Figure 2, the outlet pressure acts on a portion
of the external surface of the slider, creating a force that tends to promote
displacement reduction by rotating the stator. Moreover, another part of that
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Figure 2 Hydraulic scheme of the test rig of interest according to ISO.

surface is exposed to the pressure of a pilot chamber, resulting in an additional
force opposed to the one due to the outlet pressure.

In the end, the rotational equilibrium between fluid forces and the spring
force on the slider sets the position of the latter and, therefore, the displace-
ment. In particular, the pilot chamber draws fluid from the delivery line by
means of the solenoid valve VP, which can be adjusted to modify the pressure
drop through it to tune the control mechanism. The same chamber discharges
fluid to the suction through the gaps of the pump, represented by orifice D.
Two dedicated transducers, PI and PO, are placed, respectively, at the inlet
and the outlet of the pump to measure the pressure at those locations. The
pressure transducer PP monitors the pilot chamber.

Regarding the main line of the circuit, the pump draws fluid from a reser-
voir R with flooded suction, the temperature of which is conditioned by heater
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Table 2 Test matrix of the presented experimental campaign at 40 °C, reporting the studied
revolution frequency levels

Displacement Control ~ Level 1 [rpm] Level 2 [rpm] Level 3 [rpm]  Level 4 [rpm]
Variable 1000 1500 2000 2500
Fixed 1000 1500 2000 2500

H and measured by the resistance temperature detector 7. A unique delivery
duct leads the fluid back to the reservoir, passing through the flowmeter F,
which measures the delivery volumetric flowrate, and the outlet valve VO,
which sets the characteristic flow-pressure curve of the circuit.

2.1.2 Test matrix description

The pump under test has been analysed by considering two sets of station-
ary speed-control operating points at constant revolution frequency settings.
As summarized in Table 2, equally-spaced levels every 500 rpm in the range
1000 rpm — 2500 rpm at approximate isothermal conditions at 40 °C have
been tested for each set.

In particular, it has been decided to analyse two different scenarios in
terms of displacement control (“variable” and “fixed”). For the first set, a
finite spring precharge force has been adopted. For the second one, it has
been decided to disable the displacement control mechanism by applying
an extremely high precharge load, as it tended to infinity. The idea is to
force the pump to operate at fixed maximum displacement, independently
of the forces exerted by the hydraulic fluid. The goal of this approach is to
compare the behaviour of the machine at the analysed revolution frequency
levels in the two different control scenarios, variable displacement and fixed
displacement.

It has been decided to use a unique supply current setting of the solenoid
valve VP for each run, independently of the considered set. Each operating
point has been replicated three times, and the test matrix has been sequentially
carried out in random order to minimize systematic errors.

The main quantities of interest are the average values of delivery
volumetric flowrate, reservoir temperature, revolution frequency, and abso-
lute inlet/outlet/pilot pressure as measured, respectively, by F, T, M, and
PI/PO/PP. They are calculated basing on the signals recorded during acquisi-
tion periods of 10 s by the adopted data acquisition system imc CRONOSflex
(imc Test & Measurement GmbH, Berlin, Germany). Regarding the hypoth-
esis of isothermal conditions, runs that present reservoir temperature values
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in the range 38 °C — 42 °C during the whole acquisition period are deemed
acceptable.

2.2 Numerical Set-up

While the fundamental physical equations governing the fluid dynamics
remain the same, improvements made in numerical algorithms, physical mod-
els, grid generation technology, computer power, and software engineering
technology have significantly increased the productivity and accuracy of new
generation CFD software, especially when solving more complex problems.

Simerics-MP+ solves first principle conservation equations coupled with
advanced physical models to provide accurate predictions of flow, pressure,
and cavitation in pumps in a short turnaround time. In the following section,
technical details of the code will be presented, focusing on key components
that directly contribute to productivity and accuracy. The program packs all
four key functions of the CFD process, i.e., grid generation, pre-processing,
problem solution, and post-processing, into a single product [14].

2.2.1 Grid generation

The first step in translating a pump prototype into a CFD model is to
create a numerical mesh of the geometry that will be used to discretize and
solve the governing fluid dynamics equations. Pumps typically have very
complex shapes, with curved surfaces and small gaps. Grid generation is
the most labour-intensive part of a pump simulation process for most CFD
packages [14]. Solution accuracy, speed, and convergence are all directly
related to the quantity and quality of the grid cells. Given that grid generation
is one of the deciding factors of CFD productivity and accuracy, the choice
of the grid is a very important issue.

SimericsMP+ uses a proprietary meshing algorithm, the Conformal
Adaptative Binary-tree (CAB) algorithm. CAB generates cartesian hexahedra
cells in a volume enclosed by a group of “Water tight” surfaces. Close to
the boundary, CAB will automatically adjust the grid shape to conform to
the surfaces and critical geometry edges. In order to fit critical geometrical
features, CAB will automatically adjust the cell size by progressive division
of the mesh cells in half (binary grid). Body-fitted binary tree meshing is a
flexible means of generating a highly efficient grid. This type of mesh belongs
to a family of unstructured body-fitted Cartesian grids. This is the method
used for static domains by the model discussed in this paper. Under this
technique, an overlaid cubic grid is refined by factors of two as it approaches
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regions requiring higher geometric resolution. At a boundary, cells are cut to
conform to the surfaces defining the fluid domain. This grid is accurate and
efficient because:

* the parent-child tree architecture allows for an expandable data structure
with reduced memory storage;

* binary refinement is optimal for transitioning between different length
scales and resolutions within the pump;

* the majority of cells are cubes, which is the optimum cell type in terms of
orthogonality, aspect ratio, and skewness thereby reducing the influence
of numerical errors and improving speed and accuracy;

* it can be automated, greatly reducing the set-up time;

* since the grid is created from a volume, it can tolerate “dirty” CAD
surfaces with small cracks and overlaps.

Regarding simulation accuracy for integrated values (like pressure head
or flowrate) it has been found that binary tree meshes are as good as well-built
boundary layer structured grids [14].

2.2.2 Governing equations and turbulence model

The fundamental equations to be solved (numerically) by any CFD code
are the conservation of mass, momentum, and energy. Considering a control
volume that is moving through time ¢ as part of a finite volume approach, the
conservation equations of mass and momentum can be written, respectively,
in their basic integral representation (without external source terms) as

9 0 0
/ pd$) + / p(v —vg)ndo =0
Ut Q(t) o

9 0 0
— / podQ) + / pl(v — vg)n|vdo
Ut Jaw o

0 0 0
:/ %ndo/ pndo + fdQ

Q(t)
in which
—  is the control volume,
— o 18 the control volume surface,
— n is the surface normal pointed outwards,

— p is the fluid density,
— pis the fluid pressure,



308 U. Stuppioni et al.

— f is the body force vector,
— v is the fluid velocity vector,
— v, 1s the surface motion velocity vector.

7, the shear stress tensor, is a function of the fluid viscosity y and the velocity
gradient. For a Newtonian fluid, it is given by the following equation:

9 ~
7= p(Vo + Vol) — <3,uv . v> 4]

where 4 is the unit tensor of second order.

The software implements mature turbulence models, such as the standard
k — £ model and RNG k — ¢ model [15]. These models were available
for more than a decade and were widely demonstrated to provide good
engineering results. The standard k — € model, used for the simulations
presented in this paper, is based on the following two equations applied to
a moving control volume:

9 [0 0 0 "
/ pkdQ) + / p(v —vg)nkdo = / (,u + ) (VE)ndo
Ut Jaw o o ok

0
+/ (Gt - pE)dQ
Q(t)

0 0 0 1
pedQ + / p(v — vg)nedo = / <,u + > (Ve)ndo

It Q(t) O¢

0 c g2
+/ (ch - — 02,0) dQ)
) 'k k

with ¢c; = 1.44, co = 1.92, 0, = 1, 0. = 1.3; here o}, e o, are the turbulent
kinetic energy and the turbulent kinetic energy dissipation rate Prandtl num-
bers, respectively. The turbulent kinetic energy & and its dissipation rate ¢ are
defined as:

1

k= §(u’iu’i)
Mi
€= 2;(5&‘5@{]‘)

in which the strain tensor SZ’»]. (t=1,2,3and j = 1, 2, 3) is expressed as:

L (v O
Sij - 2 ﬁJIj + 19.%
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where v/ and u; are components of the turbulent fluctuation velocity, and z;
and x; are components of the spatial vector. The turbulent viscosity 1; and
the turbulent generation term G are calculated by:

k2

= pC,—

e = ply c
ol ?
Gy = —puu; iz,

where C), = 0.09, u; is a component of v, and 7/; = —puju] is the Reynolds
stress; the latter is a component of the Reynolds stress tensor R, which can
be modelled through the Boussinesq hypothesis:

) -

R = (Vv + Vo) 3 (Pk + 1V - v)d

2.2.3 Real liquid property model

In past CFD simulations, analysts used to treat liquid as an incompressible
fluid with constant density. As a matter of fact, the average liquid density
can change due to cavitation, aeration, and liquid compressibility. Cavitation
refers to the formation of vapor bubbles from the primary liquid when the
pressure drops below vapor pressure, subsequently followed by bubble col-
lapse at regions where the pressure rises again above vapor pressure. Aeration
refers to the presence of non-condensable gases in the primary liquid, such
as air in water. Although the amount is typically small, liquid can also be
highly compressed depending on the pressure level. In some cases, assuming
the fluid as being incompressible is indeed a reasonable approximation,
but, in other cases, cavitation, aeration, and liquid compressibility must be
considered to capture important physics, otherwise one will end up with
incorrect results [14].

At low inlet pressure, cavitation and/or aeration bubbles can emerge,
grow, and dramatically reduce pump performance. For positive displacement
pumps, cavitation will cause losses in volumetric efficiency [16]. With-
out an accurate cavitation/aeration model, such efficiency losses cannot be
calculated.

Gas and liquid mixtures are inherently difficult to simulate, due to the
large density difference between the two phases and the strong coupling
between the gas or vapor void fraction and the mean flow pressure.

The cavitation model implemented in the presented code takes all
three important real liquid properties, cavitation, aeration, and liquid
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compressibility into account. This model is based on the work of [17], which
has been implemented with several significant enhancements and improve-
ments, such as, among others, the capability to account for distributions of
dissolved air content, free air in form of dispersed gas bubbles, and the related
release/dissolution phenomena [18]. Regarding the presented simulations, it
has been chosen arbitrarily to adopt the simplest option implemented in the
software environment, dealing with aeration by considering a constant free
gas mass fraction of 10~% as uniformly dispersed in the fluid to simplify the
modelling effort.

2.2.4 Positive displacement pumps methodology

In setting up and running a model, Simerics-MP+ provides templates for
a range of pumps, valves, and motors. These templates guide the set-up
of a particular component type and control the mesh generation, based on
the component’s inherent features. A template is used to create a structured
looking mesh in the dynamic fluid volume, while static volumes (like ports,
for example) are meshed using the Body-fitted binary tree methodology
explained above. Tolerances and mesh size, globally and locally, can be
then adjusted manually and refinement zones can be created where needed.
The dynamic mesh cell count and topology are maintained during the sim-
ulation. Volume change is accommodated using a combination of mesh
compression/expansion. Also in this case, tolerances can be then adjusted
manually. This combination of template and automated meshing allows the
simulation to include the geometry needed to conform to the real system.

2.2.5 Pendulum pump methodology

The pendulum pump described in this paper is, by all means, a positive
displacement pump. Simerics-MP+, however, does not yet provide a ready-
made template for this type of architecture. A specific procedure to handle
the motion of the dynamic volumes, based on the principles explained in
the previous sections, has been then developed, and schematically reported in
Figure 3. The starting point is a set of annulus segment volumes (Figure 3(a)),
discretised with a structured hexahedral grid, positioned with respect to
a reference direction in the plane perpendicular to the revolution axis.
These volumes are then morphed by projection/rejection functions based on
the actual pendulum and rotors geometries (Figure 3(b)); these geometries are
imported into the code as sets of points. The volumes position and shape are
updated at each timestep as the rotors turn and the pendulums swing around
their hinge point integral with the outer rotor.
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referenceTemplateDirl

b)

Figure 3 Rationale for grid generation of a representative pendulum slider pump: a
schematic of the pumping chambers initial hexahedral grid (a) and the respective morphed
representation (b).

The pendulum pump methodology has been implemented into
Simerics-MP+ via a set of scripts developed in the Simerics Expression Lan-
guage and some lookup tables which provide geometry profiles and weighting
functions for the mesh deformation. It has been applied to the pendulum slider
design addressed in this paper, in combination with the Body-fitted binary
tree approach for static volumes, but it is a general methodology that can be
applied to different pendulum-like positive displacement devices, and it will
be integrated into the main code as a template in a future software release.

2.2.6 Dynamic equation for ring motion

Concerning the simulation of the mechanism that allows displacement vari-
ation in the pendulum slider pump of interest, the rigid body theory can be
applied to determine the rotational motion of the stator ring around its pin,
quantified by the ring angle 6. Considering the proposed approach, the fol-
lowing Ordinary Differential Equation (ODE) based on the balance of angular
momentum is solved at run-time by the dedicated ODE Simerics-MP+
solver [19]:

d%0
IW = Tpres + Tspr + Tadd

where I is the moment of inertia of the ring around the pin centre, T}y,
and Ty, are, respectively, the torque due to the pressure force and the spring
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force, and 7,44 is an additional torque due to other forces acting on the ring.
The coupled solution procedure consists of the following steps.

1. Start with an initial position of the ring (maximum displacement) which
defines the outer rotor position.

2. The fluid equations are solved.

3. The forces acting on the fluid-solid interfaces around the ring are then
computed as the input for the angular momentum equation.

4. The ODE is integrated over time to obtain the new position of the ring
for the new time step.

5. A re-meshing step is carried out based on the new position of the ring.

2.2.7 Determination of the forces acting on the ring for the
pendulum pump

For the pendulum pump considered in this project, T}, is calculated basing

on the force contributions on the ring due to the external chambers (inlet

domain, outlet domain and pilot chamber), as depicted in Figure 4, and T,

is derived by the characteristics of stiffness and precharge of the spring under

the assumption of linear behaviour.

The torque due to internal forces, such as the ones transmitted to the
outer rotor (and, then, to the ring) by the pendulums and the pressure on its
internal surface, should then be considered as additional torque 7,44 in the
ring dynamic equation described above. The calculation of that contribution is

PIN CENTRE

ATLET DOMAIN
PRESSURE FORCE

INLET DOMAIN

QSSURE FORCE

Figure 4 Schematic of the external forces acting on the ring.

PILOT CHAMBER

PRESSURE FORCE/

SPRING FORCE
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currently being implemented, so it has not been possible to use it to simulate
the pump of interest in variable displacement conditions yet.

3 Results

3.1 Experimental Results

The main outputs of the experimental campaign are reported in Figure 5 in
terms of average values of delivery volumetric flowrate (@), outlet pressure
(po), inlet pressure (p;), and pilot pressure as functions of the average rev-
olution frequency. In particular, the mean values of the displayed quantities
over the three replicates are shown, as well as the respective type-A 95 %
confidence uncertainty intervals based on Student’s t-distribution. As it can be
deduced from Figure 5, the experimental dispersion of replicated runs could
be deemed negligible.

Referring to the datasheet [20] of the adopted pressure transducers for
each full scale 'S of interest, it has been decided to neglect the type-B error
bands of the measured pressure values. Typical values of combined error band

Delivery volumetric flowrate Outlet pressure
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Figure 5 Experimental results in terms of average values of delivery volumetric flowrate (a),
absolute outlet pressure (b), and absolute inlet suction pressure (c) as functions of the average
revolution frequency for both the analysed control scenarios; the respective type-A error bands
are reported.
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of non-linearity, hysteresis and repeatability (0.1 % FS), thermal zero shift
(£0.01 % FS/°F), and thermal sensitivity drift (£0.01 %/°F) are declared by
the manufacturer. Uncertainties lower than 0.1 bar, for PP and PO, and 0.01
bar, for PI, result from the propagation of the cited error sources by means
of the root-sum-square rule under the assumption of uncorrelated inputs [21].
Type-B error bands of flowrate values have been neglected as well, in light of
the accuracy of 0.1 % of the measured value that results from the flowmeter
datasheet [22].

Moreover, some relevant derived quantities are reported in Figure 6
against the average revolution frequency. In particular, the average pump
pressure difference Appump and the average hydraulic power Pyydrqulic are
displayed, as defined in the following equations.

Appump = Po — Pi
Phydmulic = Q Appump

They represent the pressure load of the pump and the power output of
the machine, respectively. Moreover, the picture reports also the experimental
results in terms of hydraulic power ratio r4ygrquiic, as defined in the following
equation.

Phydmulic,v
Thydraulic = Pi
hydraulic, f

Here Phydrqutic,o and Phygrquiic,r are the average hydraulic power of the
variable displacement and the fixed displacement scenarios, respectively, both
assessed at the same operating point in terms of revolution frequency setting.
Their ratio represents the difference in terms of power output between the
two considered control scenarios at the same revolution frequency level.
In particular, the mean values of the derived quantities over the three repli-
cates are shown in Figure 6, as well as the respective type-A 95 % confidence
uncertainty intervals like the ones of Figure 5.

3.1.1 Fixed displacement behaviour

Analysing the fixed displacement behaviour, it can be noticed that in
Figure 5(a) the pump presents a flowrate profile that is quite close to the
ideal one for the pump at maximum displacement, calculated as the maximum
displacement times the revolution frequency. It shows increasing volumetric
losses as the revolution frequency and the outlet pressure, as depicted in
Figure 5(b), are increased. On the contrary, the inlet pressure presents the
decreasing trend shown in Figure 5(c), as plausibly expected. The related
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Figure 6 Experimental derived quantities in terms of average values of pump pressure
difference (a) and hydraulic power (b), both as functions of the average revolution frequency
for the two analysed control scenarios, and hydraulic power ratio (c) against the average
revolution frequency; the respective type-A error bands are reported.

pump pressure difference values result in an almost linearly increasing
behaviour up to approximately 11 bar, as shown in Figure 6(a), leading to
hydraulic power outputs up to about 3.2 kW, as depicted in Figure 6(b).

The trends are meaningful for a fixed displacement machine, but it is
difficult to understand if the cited volumetric losses are entirely due to internal
leakage, or if some small displacement reductions have occurred. In fact, it
should be noted that small eccentricity variations might have been possible,
because of the finite stiffness of the mechanical constraint of the control
spring. For the sake of completeness, it should be stated that the pilot chamber
is flooded with oil during tests, even if the control mechanism is disabled.
In fact, absolute pilot pressures in the range (6-9) bar have been measured.
In this sense, a portion of the leakage could have been due to the recirculating
flow from the outlet to the pilot chamber, and then back to the inlet through
internal gaps of the pump.

3.1.2 Variable displacement behaviour
Regarding the behaviour of the pump in case of variable displacement condi-
tions, Figure 5(a) shows flowrate results in line with the ones of the fixed
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displacement behaviour up to 1500 rpm, suggesting that the machine has
been operating at maximum displacement at those conditions. The trends
of the rest of the output quantities shown in Figure 5 seem to confirm this
hypothesis. As additional confirmation, the resultant hydraulic power ratio is
close to 100 % at those revolution speed settings.

On the contrary, considering the data points at 2000 rpm and 2500 rpm
in Figure 5(a), the flowrate increases just slightly as the revolution frequency
increases, leading to the almost flat inlet pressure profile shown in Figure 5(c).
The marked difference between the flowrate trends in the two different
displacement control cases is a symptom that significant displacement reduc-
tions have occurred at revolution frequencies over 1500 rpm. Moreover,
Figure 5(b) shows the tendency of the system to limit the absolute outlet
pressure at about 10 bar, which is the threshold at which displacement reduc-
tions have taken effect for the chosen control settings. In fact, the absolute
outlet pressure trend results to be just slightly increasing in the range (1500 —
2500) rpm as the revolution frequency is increased, leading to a maximum
pump pressure difference of about 9 bar, as shown in Figure 6(a).

The consequence of the enabled control mechanism is a maximum
hydraulic power of about 1.6 kW, reached at the maximum addressed rev-
olution frequency as shown in Figure 6(b). The respective hydraulic power
ratio in Figure 6(c) depicts approximately a 50 % reduction of the maximum
output of the machine.

3.2 Numerical Results

3.2.1 Fixed displacement behaviour

A set of simulations has been performed to validate the behaviour of the
pump when no displacement variations are admitted. For this purpose, four
operating points have been chosen: 1000 rpm, 1500 rpm, 2000 rpm, and
2500 rpm. Two of them, 1000 rpm and 1500 rpm, represent conditions
at which no experimental evidence of spontaneous displacement variations
has been found, independently of the status of the displacement control
mechanism. The remaining two, 2000 rpm and 2500 rpm, has shown the
contrary during experiments; they represent conditions at which the machine
would exhibit significant displacement changes if they were admitted.

For all the analyses presented here, a constant axial gap has been applied,
in accordance with the measured clearances of the tested pump. The fluid was
modelled as a compressible oil with the same characteristics (density, bulk
modulus, saturation pressure) as the one used in the experiments. An almost
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Figure 7 Delivery flowrate against the crank angle resulting from the 1000 rpm numerical
analysis.

negligible presence of non-condensable gas was considered as dispersed in
the liquid, as requested by the SimericsMP+ real liquid model.

The 1000 rpm results in terms of average delivery volumetric flowrate
against the crank angle are reported in Figure 7, which clearly shows the
ripple related to the pendulum passage (7 pendulums). A total oscillation of
around the 10 % of the flowrate is obtained, and the average value is remark-
ably close to the experiments, leading to 72.7 I/min against an experimental
value of 72.4 1/min.

Very similar flowrate patterns are obtained for all the other operating
points, and the respective average values are plotted in Figure 8 along with
the ideal and experimental results derived from Figure 5(a). The agreement
is very good and below 5 % for all points except for the 2500 rpm case,
showing a satisfying overall model performance. Even though a similar
deflection on experimental results could be considered acceptable from the
common industry standards, further investigations are required to understand
the reason of the discrepancy at the highest speed. For all cases, little to no
cavitation is experienced inside the investigated fluid domains.

3.2.2 Variable displacement behaviour

As explained in Section 2.2.7, it has not been possible to apply the dynamic
equation for the ring to the pendulum pump model. However, to test the
functionality, it has been decided to run the model at fixed revolution fre-
quency and variable eccentricity values (by varying the rotation angle 6 of the
pivoting ring around its pin, simulation by simulation) to capture the flowrate
variability as the displacement of the virtual machine is reduced. The focus
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Figure 8 Comparison of numerical and experimental results in terms of average delivery
volumetric flowrate against the average revolution frequency for the fixed displacement
scenario; the ideal volumetric flowrate at maximum displacement conditions is reported.

is on the revolution frequency conditions where experimental evidence of
spontaneous eccentricity variations has been found.

The results are shown in Figure 9, where the non-dimensional flowrates
at 2000 and 2500 rpm, defined as the predicted average delivery volumetric
flowrate divided by the one at the maximum eccentricity for the considered
revolution frequency level, are plotted versus the ring angle of rotation.
An abscissa equal to zero indicates the maximum displacement position.
The model runs smoothly and reliably as the eccentricity changes, showing
decreasing trends of the flowrate as a function of the rotation angle.

With reference to Figure 9, it is conceptually possible to find the value of
abscissa at which the predicted flowrate matches the respective experimental
variable-displacement result of Figure 5(a) at each considered revolution
frequency level. Assuming that the machine has been running approximately
at constant eccentricity at those operating points, that approach could be
used to estimate the average displacement at which the pump is supposed to
operate at those conditions, in order to distinguish the effects of volumetric
losses and displacement variation on the flowrate.

It should be noted that the accuracy of the trends of Figure 9 is dif-
ficult to assess, since, aside from the maximum eccentricity condition, no
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other experimental tests at known fixed intermediate displacement have been
carried out for reference. Nevertheless, the analysis shows the feasibility of
using the model to investigate eccentricity scenarios that are different from
the maximum displacement condition, with the purpose to study any case
in which the machine can be assumed to operate approximately at constant
eccentricity.

4 Summary and Conclusion

In this paper, the framework for analysing a pendulum slider pump with
the CFD software suite Simerics-MP+ has been developed. The procedure
has been applied to a 7-pendulums pump with a maximum displacement of
79 cm®/rev, experimentally tested at the ZF Automotive Italia Srl. plant in San
Giovanni di Ostellato (Italy). An ad-hoc equipment that allows the machine
to vary its displacement during tests or not, starting from the maximum
eccentricity condition, has been used.

The CFD model has been developed both for fixed and variable displace-
ment scenarios, even though the force balance for the dynamic equilibrium of
the stator has not been implemented yet. Regarding the maximum eccentricity
operating points, very good agreement with the experiments has been found



320 U. Stuppioni et al.

at almost all the rotational speeds, while some discrepancies have been
found for the highest value. This might be related to uncertainties about oil
behaviour in terms of aeration which can affect the filling of the pumping
chambers of the simulated machine, especially at high speed.

Regarding the simulations of fixed intermediate displacement conditions,
additional experimental tests are needed to assess the accuracy of the results.
The work proves nevertheless the feasibility of the proposed approach to
study displacement conditions different from the maximum.

Besides these aspects to be further investigated, the developed model
has shown a very good behaviour in terms of robustness and accuracy, in
line with Simerics-MP+ standards, and it candidates to be released soon
in an official version. Despite the described limitations, the overcoming of
which is the natural next step of this work, it is believed that the addressed
numerical approach constitutes a valuable opportunity for analysts to get
an insight into the behaviour of variable displacement pendulum machines
from a three-dimensional perspective. Considering the state of the art, it is an
achievement that could be deemed precious for the CFD community.
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Nomenclature

Variable Description Unit

cl Turbulence model coefficient [-]

co Turbulence model coefficient [-]

Cu Turbulence model coefficient [-]

f Body force [N/m?]
Gy Turbulence generation [kg/(m s
FS Full scale [Pa]

i, j Index [-]

I Moment of inertia kg m?]
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Variable Description Unit
n Outward-pointing surface normal [-]
k Turbulent kinetic energy [m?/s?]
P Pressure [Pa]
Prydrautic Average hydraulic power [W]
Prydrautic,y  Average hydraulic power of the fixed displacement [W]
scenario
Prydrautic,o  Average hydraulic power of the variable [W]
displacement scenario
i Average inlet pressure [Pa]
Do Average outlet pressure [Pa]
Q Average delivery volumetric flowrate [m?/s]
R Reynolds stress tensor [Pa]
T hydraulic Hydraulic power ratio [-]
S y Strain tensor [1/5]
t Time [s]
Tpres Pressure torque [N m]
Topr Spring torque [N m]
Todd Additional torque [N m]
ug, U Turbulent fluctuation velocity component [m/s]
U; Velocity component [m/s]
T, Tj Spatial vector component [m]
v Velocity [m/s]
Vo Surface velocity [m/s]
5 Unit tensor of second order [-]
€ Turbulent kinetic energy dissipation rate [m?/s3]
0 Ring angle [rad]
I Viscosity [Pa s]
Lot Turbulent viscosity [Pa s]
p Density [kg/m?]
o Control volume surface [m?]
e Turbulent kinetic energy dissipation rate Prandtl [-]
number
Ok Turbulent kinetic energy Prandtl number [-]
T Shear stress tensor [Pa]
7] j Reynolds stress [Pa]
Appump Average pump pressure difference [Pa]
Q0 Control volume [m?]
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Acronym Description

CFD Computational Fluid Dynamics
PDM Positive Displacement Machine
ODE Ordinary Differential Equation
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