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The hydraulic flywheel accumulator is a novel energy storage device that has the potential to overcome major drawbacks
of conventional energy storage methods for mobile hydraulic systems. By employing a rotating pressure vessel, the
hydraulic flywheel accumulator stores energy in both the hydro-pneumatic domain and the rotating kinetic domain. This
allows for energy storage densities many times higher than conventional hydraulic accumulators and adds a degree of
freedom that decouples state of charge from the hydraulic system pressure. This paper summarizes various mechanical
stress and energy models developed to describe the behavior of the hydraulic flywheel accumulator. The models are used
in an example design optimization to illustrate the utility of the hydraulic flywheel accumulator. The resulting design
solution delivers an energy storage density at least six times greater than traditional composite hydraulic accumulators

while exhibiting efficiencies above 75%.
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1. Introduction

1.1. Transportation emissions and existing vehicle
technology

The advent of hybrid vehicles has increased the energy
efficiency of the transportation industry (Environmental
Protection Agency 2015). Among passenger hybrid vehi-
cles, integration of electric powertrain components is the
most common means of hybridization. However, hydrau-
lic components offer significantly higher power density
and durability (Filipi et al. 2004) and are far less expen-
sive to manufacture.

The traditional means of storing hydraulic energy is
with a hydro-pneumatic accumulator, a pressure vessel
in which a bladder, diaphragm, or piston separates the
hydraulic fluid from a pre-charged gas. Even using
the highest-performance materials, the energy density of
the best accumulators today is about 6 kJ/kg
(Pourmovahed et al. 1988), which is two orders of
magnitude lower than present Li-lon battery technology.
This represents a difficult barrier to the viability of
hydraulics in hybrid vehicle powertrains. An additional
drawback of traditional hydraulic energy storage is the
coupling between pressure and state-of-charge (SOC).
To meet vehicle power demands at the low system
pressures that occur at low states of charge, hydraulic
pumps and motors must be oversized, adding both mass
and cost to the hydraulic system.

Much of the past research on traditional hydraulic
accumulators has focused on optimizing the efficiency of
the gas compression process. Several methods have been
proposed to improve the convection coefficient between

the gas and the outside environment (Perkins 1973,
Pourmovahed et al. 1988). While these methods have
shown some success, they offer only incremental
improvements to hydraulic energy storage. Li et al. have
addressed the two cited drawbacks of hydraulic energy
storage by adding an air compressor to form an open
accumulator (Li et al. 2007). The main challenges with
the open accumulator arise from the large amount of
convective heat transfer required for near-isothermal (i.e.
efficient) operation. The strain energy accumulator is
another novel hydraulic energy storage method
(Pedchenko and Barth 2009), but it faces challenges
associated with the complex hysteresis effects of elastic
materials, as well as the difficulty of gripping a strong,
highly-strained material (Tucker and Barth 2013).

1.2. The hydraulic flywheel-accumulator approach

The hydraulic flywheel-accumulator (HFA) has the
potential to overcome both of the drawbacks of a tradi-
tional hydraulic accumulator, significantly increasing
energy storage density while decoupling system pressure
from SOC (Van de Ven 2009). In the most basic sense,
the HFA is a piston-type accumulator that is spun about
its longitudinal axis. As in a traditional accumulator,
hydro-pneumatic energy can be added or extracted via
the addition or extraction of oil through a port. A high-
speed rotary union (HSRU) facilitates this exchange of
oil between the rotating HFA and the static environment.
A hydraulic pump/motor (PM) coupled to the gas side of
the HFA manipulates the rotational energy by applying a
positive or negative torque. This unit will be referred to
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as the “storage PM” to differentiate from the “traction
PM?” that applies torque to the vehicle’s axle.

Kinetic energy is stored in the HFA by virtue of its
rotation and the combined moment of inertia of the solid
container and the internal fluid. Previous work suggests
that the employment of the kinetic energy domain can
increase energy storage density by an order of magnitude
over traditional accumulator storage (Van de Ven 2009).
In addition to increasing energy density, rotation gener-
ates a radially dependent parabolic pressure distribution
in the hydraulic oil (Van de Ven 2009), which can be
described by the following equation:

P,(r) = P, + %poa)zrz 1)
where P, is oil pressure at radial position 7, P, is system
pressure, p, is oil density, and w is the angular velocity
of the HFA. As the position of the port coincides with
the radial position » = 0, the rest of the hydraulic system
experiences a pressure that is lower than the average
HFA pressure. This average pressure indicates the
amount of stored pneumatic energy. An isothermal com-
pression model is used for the gas, which is reasonable
if a heat transfer medium is implemented in the gas vol-
ume (Pourmovahed et al. 1988). This results in the fol-
lowing expression for the usable pneumatic energy:

E,=P.V.In (%) 2)
g
where E), is the pneumatic energy, P. is the charge pres-
sure of the gas at minimum oil volume, V. is the volume
of the gas at minimum oil volume, and V, is the instan-
taneous gas volume.

During steady-state (rigid body rotation of the fluid),
the kinetic energy of the HFA is:

Ep = % (I, + Iy) o” 3)
where Ej is kinetic energy, I is the rotational inertia of
the solid components, and I, is the inertia of the fluid
component.

The pneumatic and kinetic energy terms add together
to yield a total stored energy, E, of:

E=E +E,= ! (I + I)* + PV, ln<£> )
2 Vg

Equations (1)—(4) show that the ability to actively
control rotational speed via the storage PM adds an addi-
tional control variable when compared to a traditional
accumulator. This added degree of freedom effectively
decouples system pressure from SOC.

Using the preceding pressure and energy equations
as a foundation, the remainder of this paper discusses
the design choices, some of which are influenced by the
need for easy prototyping, and performance capabilities
of the hydraulic flywheel accumulator. First, the struc-
tural architecture is described and stress models are
developed for the various components that constitute the

HFA. Next, models are presented for each of the energy
loss mechanisms associated with the operation of the
HFA, and a simple control strategy for the device is pro-
posed. The paper concludes by discussing the results of
a design optimization for an example HFA application.

2. HFA architecture

A conceptual design for the HFA is shown Figure 1. The
main component is the housing, consisting of a compos-
ite cylinder and a metallic liner of axial length /,. The
housing acts both as a flywheel rotor, storing the major-
ity of the kinetic energy, and as a mechanism to react
fluid pressure in the radial direction. Most of the strength
of the housing is provided by the composite, which has
an outer radius of r,. The liner, with inner radius 7; and
thickness #4,, facilitates sealing between the housing and
other concentric components.

Two end caps fit inside of the housing, concentrically
on an axle, and seal against the liner. Split retaining
rings nested in counterbores in the end caps and grooves
in the axle prevent outward axial movement of the end
caps. Fluid pressure within the HFA applies an outward
force on the endcaps, allowing torque to be transmitted
from the axle through the retainers and to the endcaps
through friction. Torque is transmitted from the gas-side
endcap to the housing with radial pins, which prevent
motion in the axial and tangential directions. The oil-side
end cap is constrained to the housing only concentrically,
such that the internal pressure does not impose any axial
stress on the housing.

The piston, which separates the oil from the gas, has
axially-sliding seals at both the axle and the housing. As
a linear bearing surface, the smaller diameter of the axle
provides much better cocking resistance than does the
housing. The gas side of the axle is coupled to the stor-
age PM, which applies a torque, 7. As shown in Figure 2,
the end of the oil side of the axle constitutes part of the
HSRU. The section of the axle with the smallest outer
diameter protrudes into the HSRU case, forming a non-
contacting circumferential seal, the purpose of which is
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Figure 1. Hydraulic flywheel accumulator architecture with
metallic liner and composite wrap.
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Figure 2. Schematic of the high-speed rotary union concept.

to control leakage without any solid-to-solid contact at
the rotating interface.

The HFA is enclosed in a burst containment chamber
that is partially voided to provide a vacuum environment,
significantly reducing the aerodynamic drag on the rotat-
ing components. Since the HSRU exhibits some oil leak-
age into the vacuum environment, the pressure in the
vacuum chamber must remain above the vapor pressure
of hydraulic oil, 13 Pa (Exxon Mobil 2008).

3. Model-based structural design

Designing an operable hydraulic flywheel accumulator
requires careful consideration of the mechanical stresses
in the device. This section describes the stress models
that have been developed for each of the components of
the HFA.

3.1. Axle

The axial force, F,, due to fluid pressure on the end caps
is the primary load acting on the axle. The axis of rota-
tion is chosen to be vertical, such that the eccentric
forces are the only contribution to radial load on the
axial and bearings. By placing the HSRU at the bottom,
the downward force due to the flywheel mass acts in
opposition to the force created by the hydraulic pressure
at the HSRU, minimizing the axial bearing stress. To
allow for axial strain of the axle and preload the bear-
ings, a wave spring is placed between the gas endcap
and upper bearing. Bending of the axle is small, as the
bearings are seated directly adjacent to the end caps.

The radial ports in the axle are formed by a single
cross-drilled hole, and the length of the axial port is
selected such that radial ports enter the HFA just inside
the inner face of the oil side end cap. For simplicity, the
entire port system has a uniform inner diameter, d;. All
of the remaining axle dimensions are stress-driven and
are chosen to minimize the axle mass, since its inertia
contribution is sub-optimal (the same amount of mass
would provide more inertia if it were concentrated at a

larger radius). The axial force on the axle is expressed
as:

Fu= P42 p,? (2 + 2) | (12 = 12) = kb, — mig

4 a
®)

where r, is the outer axle radius, k; is the spring constant
of the upper bearing retaining spring, J, is the axle elon-
gation, my, is the mass of the housing, and g is accelera-
tion due to gravity. Note that the combined mass of the
axle and end caps is neglected, as it is much less than
that of the housing. The axial elongation of the axle is a
function of its modulus of elasticity, E,, and axle dimen-
sions, and is expressed as:

Fq

0, =1
¢ hEanrg

(6)

The axle portion that protrudes into the HSRU is not
subject to the axial stress described above. It is modeled
in isolation from the rest of the axle and treated as a
thick-walled cylinder with free ends. The system pres-
sure P acts on the internal wall and the end face while
the pressure acting on the external wall is roughly atmo-
spheric. Lamé’s equations (Young and Budynas 2002)
are used to find the stress at the outer diameter, which is
the critical stress location. The wall thickness is selected
to withstand the stress at maximum system pressure,
with verification that the radial strain keeps the seal
clearance in an acceptable range. Because the radius of
this portion of the axle is small, torsion due to viscosity
in the circumferential seal and centrifugal loading are
both neglected. AISI 4340 steel is chosen for the axle
material for its high yield strength while gray iron is
chosen for the HSRU for its good heat transfer and gal-
ling resistance.

3.2. End caps and piston

Like the axle, the end cap mass contributes sub-opti-
mally to the HFA inertia. As such, the optimal end cap
thickness, th,, is that the smallest that allows the end
caps to withstand the bending stresses created by the
fluid pressure and the stresses imposed by centrifugal
force. Stresses due to gravity acting on the masses of the
end caps are negligible. The bending and centrifugal
forces are evaluated independently and then superim-
posed to assess the total stress in an end cap.

For a thick-walled cylinder made of an isotropic
material exposed to loading only from centrifugal force,
the radial, 0, cenr, and circumferential, o, cent, Stress dis-
tributions are functions of radius, r, expressed as (Genta
1985):

2 2 2
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where p and v are the density and the Poisson ratio of
the material, respectively.

The end cap bending stress is modeled using circular
plate theory. In this analysis, the retaining ring is pre-
sumed to apply a uniform reaction pressure, P,, over its
contact area, and the outer edge of the end cap is
assumed to be free of any reaction force or moment.
Shear and normal axial stresses are assumed to be zero,
and bending stresses on either side of the plate are mod-
eled as equal and opposite (Timoshenko and Woi-
nowsky-Krieger 1959). Methods derived by Heap are
used to describe the bending moment profiles in the
radial and circumferential directions, M, and M, respec-
tively (Heap 1964). Heap defines the bending moments
with respect to a circular load W applied at a radius of d
on the plate with radial dimensions b < r < g, with the
moments at radii » < d defined

w b’ a [1/1—v d? al

)

w b? a? (1/1—v d? al
MC—E(I"FV) <1+F_2> (m) _z (1—+V) (1 —a—2> +ln3_
(10)

and those at radii » > d,

w a? 1/1—v 2\ (d* b?
Mrwl”)(az_bz)[z(lﬂ)(la—z><r—zr—z>
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Then the radial, 6, peng, and circumferential, o, pend,
bending stress profiles are described as:

67 ena(r) = el (13)
e ena(r) = ) (14)

The maximum equivalent stress is then calculated by
superimposing the centrifugal and bending stresses and
using the von Mises criterion. As the maximum stress
occurs at the inner radius, it is assumed that the stress
concentrations induced by minor design features near the

outer radius (i.e. the pin system, O-ring seal glands, and
gas charging holes) do not affect the structural integrity
of the end cap. The pocket for the retainers also makes
the uniform thickness assumption somewhat of a simpli-
fication. These assumptions, as well as those inherent in
plate theory, have been validated using FEA (Strohmaier
2014).

The piston separates the compressed gas from the
hydraulic oil. Smooth translation is ensured by selecting
a bearing ratio, defined as the length of the bearing
divided by the diameter (Norton 2008), of greater than
1.5. Since the axle is selected as the bearing surface, the
piston is designed with an L-shaped cross-section, which
can be seen in Figure 1. While the face of the piston is
subject to some bending loads, its thickness is driven by
the axial length of commercially available piston seals.
Due to their high strength to weight ratio, 6061-T6 and
7075-T6 aluminum are chosen for the end caps and pis-
ton, respectively.

3.3. Housing

Filament wound carbon fiber composite is used as the
housing material for its high strength to density ratio. A
circumferential fiber orientation is used, since this results
in the maximum achievable -circumferential tensile
strength. In a flywheel rotor, the peak circumferential
stress due to centrifugation is generally several times
greater than the peak radial stress, but because of the
anisotropic properties of the composite material, the fail-
ure mode due to tensile delamination in the radial direc-
tion must also be investigated.

Many methods have been proposed to address the
issue of radial tension in a composite rotor. Nearly all
approaches hinge on the fact that, in general, a compos-
ite material has a higher transverse compressive strength
than transverse tensile strength (Kyu Ha er al. 2001).
Some proposed methods induce a residual compressive
radial stress during manufacturing or assembly, while
others create rotor mechanical properties that vary in the
radial direction. Fortunately, the construction of the HFA
housing and the loadings to which it is exposed during
operation provide a natural solution to the issue of radial
tension. The higher density and compliance of the metal
liner in conjunction with the fluid pressure acting on the
liner provide radial compression at the inner radius of
the composite wrap to counteract the radial tension due
to centrifugal force. Because of their complex implica-
tions on mass, stress, energy capacity, and efficiency, the
liner and wrap thicknesses are treated as design vari-
ables.

At non-zero angular velocity, the internal wall pres-
sures on the gas and oil sides of the HFA are generally
unequal. However, this difference is small enough to be
neglected for the expected HFA operating speeds. To be
conservative in estimating the housing stresses, the oil
side pressure is used. Methods presented by Arnold
et al. (2002) are employed to model the radial and
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circumferential stresses in the liner-composite system.
The analysis is based on the radial stress and displace-
ment compatibility conditions at the interface between
the liner and the wrap. All loads other than centrifugal
force and internal pressure are assumed to contribute
negligibly to stresses in the housing. There are three pos-
sible worst-case loadings: (1) depressurized at maximum
angular velocity, for which the failure mechanism is
composite delamination, (2) rated pressure at zero angu-
lar velocity, for which the failure mechanism is compos-
ite compressive failure, and (3) maximum pressure at
maximum angular velocity, for which the failure mecha-
nism is tensile hoop failure of the liner. For each of these
cases, the liner safety factor is calculated using the von
Mises criterion, and the wrap safety factor is calculated
using the Tsai-Hill criterion (Staab 1999). Due to its high
strength and galling resistance, AISI 4140 steel is chosen
for the housing liner.

3.4. Bearing selection

The radial load on the bearings is due solely to eccentric
force and is therefore greatest when w = w,.x and the
oil volume is at its maximum. It is assumed that the
specifications of the rotor balancing standard ISO 1940
can be met in the manufacture of the HFA (Bhushan
2002, ISO 2003). To mitigate uncertainty in this assump-
tion, a safety factor of 10 is applied to the radius of
eccentricity in the calculation of maximum radial load.
Though it is taken into account in bearing selection, the
net axial load on either bearing tends to be much smaller
than the radial load, given the previously mentioned
counteracting relationship between the HFA mass and
the hydraulic system pressure.

For simplicity in sourcing the bearings, the gas and
oil side shafts are chosen to have the same outer diame-
ter. This diameter is chosen to accommodate the peak
radial load on the bearings. Because of their low friction,
minimal coefficient of thermal expansion, and ability to
handle significant radial and axial loads, angular contact
hybrid-ceramic ball bearings are chosen. While hybrid-
ceramic bearings may necessitate increased resilience in
the HFA mounting, they are more suitable for the high
speeds at which the benefits of an HFA are most pro-
nounced.

4. Energy loss mechanisms

The sources of energy loss in the HFA can be generally
categorized into those which decrease the stored pneu-
matic energy and those which decrease the stored kinetic
energy. Proper understanding of these loss mechanisms
is essential to designing and optimizing the HFA. This
section summarizes the methods used to model energy
losses in the HFA.

4.1. Bearing and aerodynamic drag

Following procedures in commercial literature (NSK
Motion and Control 2013), the frictional torque in a sin-
gle ceramic angular contact ball bearing, 7}, can be esti-
mated as:

F.dy,;
_H : b, (15)

where 1, is an empirical frictional torque coefficient, F, is
the radial load on the bearing, and d,,_; is the bearing inner
diameter (shaft diameter). Whereas safety is the main con-
cern in sizing the bearings and axle shafts, accuracy of
predicted energy losses is most important in modeling
bearing drag. For this reason, the actual expected radius of
eccentricity, 7,.., with no safety factor, is used to estimate
bearing losses (ISO 2003). The total power dissipation
due to friction in both bearings is then:

Ty

(16)

where m is the mass of the solid HFA components and
m, is the maximum expected mass of the oil. The fric-
tion coefficient is estimated to be w;, = 0.001, which, is
conservatively high for ceramic angular contact ball
bearings (Stoneburner 2005, NTN 2009).

Methods presented by Genta (1985) are used to char-
acterize the rate of energy dissipation due to aerody-

namic drag, W,,, on the HFA as:

. 5
Ww = mpchw3r§ (ra +§lh> (17)

where p., is the density of the gas in the containment
chamber, and the moment coefficient, C,,, is a function
of the Reynolds number and the Knudsen number. The
method of calculating the moment coefficient varies with
Knudsen number, K,,, and Reynolds number, R,, but for
example, can be calculated for a laminar boundary layer
and Knudsen number of K,, K 1 as

Cn = 3.87R;/? (18)

Losses in the hydraulic lines and valves are neglected
for this study since such losses will should not be domi-
nant and are highly dependent on the system in which
the HFA is applied.

4.2. Storage pump-motor losses

Losses incurred by the storage PM are heavily dependent
on the machine architecture. An axial piston architecture
is selected for the HFA, as it is one of the most common
hydraulic pump-motor architectures. Commercially-avail-
able aerospace axial piston pump-motors are capable of
very high operating speeds (Vickers Fluid Systems
2000), which allows the storage PM to be directly cou-
pled to the HFA.
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The two primary loss mechanisms in hydraulic
pumps and motors are due to volumetric and mechanical
efficiencies, 7, and #,, respectively. The PM losses,
WPM; arc

Wes = Weatin(1 = 1,1,,) (19)

where the input power to the PM, WpM,m, is hydraulic
power in motoring or mechanical shaft power in pump-
ing. Volumetric and mechanical efficiencies in pumping
are characterized using the McCandlish and Dorey mod-
els (McCandlish and Dorey 1984, Pourmovahed et al.
1992a):

CS PS CSI
=le— -2 20
L (20)
1

17171 = (2 1)

14+95 194 Ca2e?
where x is the fractional displacement position, the sub-
scripted C parameters are loss coefficients, and the
dimensionless parameters S and ¢ are defined as

Ho®
A 22
2 (22)
P
¢ = oD} [2 ] (23)
Po

While the loss coefficients in Equations (20) and (21)
are typically determined experimentally for an existing
machine, this study uses a single set of coefficients to
characterize the entire range of PM sizes observed in a
design optimization. The coefficients used are taken from
manufacturer’s data for a Rexroth A2V pump with a dis-
placement D = 107 cm®/rev (Pourmovahed et al. 1992b),
as shown in Table 1.

4.3. Losses related to the HSRU

The HSRU has three primary loss mechanisms: flow
losses in the axle ports, W, leakage through the non-
contacting seal, W), and viscous friction in the non-con-
tacting seal, ;. The pressure drop in the axle ports is
modeled using fully-developed duct flow theory. The
laminar friction factor correlations used in this calcula-
tion take into account the hydrodynamic development
length, as well as entrance and exit losses.

The annular leakage in the non-contacting circumfer-
ential seal is modeled using annular Poiseuille flow, and

Table 1. Manufacturer characterization of Rexroth A2V
pump-motor.

C, Laminar coefficient of slip 426 x 107°
Cy Turbulent coefficient of slip 0

C, Coefficient of viscous drag 2.35 x 10*
C; Coefficient of friction 537x107
Cp Hydrodynamic loss coefficient 53.6

the viscous friction in the seal is modeled using annular
Couette flow. These flow models help describe the
energy loss tradeoffs associated with the seal clearance
and length. Larger seal clearances reduce viscous dissi-
pation by reducing the shear flow gradient, but they also
allow for more leakage by reducing axial flow resistance.
Conversely, longer seal lengths reduce leakage but result
in higher viscous dissipation. Because the diameter of
the axle port scales with the clearance seal diameter,
using larger axle diameters reduces axle port losses.

4.4. Other losses

The internal viscous dissipation, WV, which occurs as a
result of velocity gradients in the rotating oil volume, is
by far the most complex energy loss mechanism. The
three-dimensional flows that occur during angular accel-
erations have analytic solutions only for the simplest
cases (Duck and Foster 2001). Since transient numerical
solutions of the flow are too computationally expensive
for use within an optimization, the viscous dissipation is
estimated using a simple empirical correlation developed
by the authors in a previous study (Strohmaier et al.
2014) . The primary conclusion of this study is that
advective, rather than viscous, effects dominate angular
acceleration events, allowing for quick and efficient fluid
angular velocity changes. Viscous dissipation depends on
the angular acceleration rate, as well as absolute angular
velocity, but it tends to be much lower than the other
forms of energy loss in the HFA.

The energy required to establish and maintain a partial
vacuum in the containment chamber is considered a para-
sitic draw. The vacuum chamber pressure is assumed to be
maintained just above the oil vapor pressure. A simple
model (Genta 1985), consisting of a vacuum pump with
perfect mechanical efficiency at constant pumping speed
S, and adiabatic compression, is used to approximate the
power required to maintain vacuum, W vac, as

Pamb %l
( P ) — l] (24)

where the ratio of specific heats of air is y = 1.4, P,y i
ambient pressure, and P, is vacuum chamber pressure.
The effect of any air entrained or dissolved in the HSRU
leakage is neglected for this study.

Energy losses due to fluid compressibility and sliding
friction at the piston seals are not modeled in the present
research, since they tend to be insignificant compared to
other losses and do not significantly affect the dynamics
of the HFA. The gas compression and expansion is
assumed to occur isothermally and therefore is lossless.
As the traction PM is not a component of the HFA, its
losses are not considered in this analysis.

anc = })_Llsppch

4.5. Drive cycle simulation

To evaluate the various mechanical stresses and energy
losses, the HFA must be modeled in operation. For this
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purpose, the HFA is assumed to be the sole energy
storage mechanism in a series hydraulic hybrid mid-size
passenger vehicle. The vehicle operates in a charge-de-
pleting mode as it completes the Urban Dynamometer
Driving Schedule (Environmental Protection Agency
2013), a well-known, widely-used drive cycle. Methods
presented by Gillespie (Gillespie 1992) are used to
model the components of road load. The time-varying
tractive power profile, W,(f), of the drive cycle is
expressed as:

Wi(t) = —(my +m) (% +ﬁg)v - %patmv3 Cpdy (25)
where m is the mass of the HFA system, v is the velocity
of the vehicle, and p,,,, is the density of the atmospheric
air. The remaining vehicle parameters in Equation (25)
are defined in Table 2, and their values have been chosen
to reflect a typical mid-size passenger sedan. The initial
conditions of the drive cycle are chosen such that the
HFA is at a steady-state (fluid in rigid body rotation) and
a full state of charge.

4.6. Control strategy and pump-motor selection

Prior to drive cycle simulation, a control strategy must
be devised to allocate tractive and regenerative power
between the kinetic and pneumatic domains in such a
way that efficiency is maximized and pressure fluctuation
is minimized. The large inherent losses of hydraulic
pump-motors render the kinetic domain generally less
efficient than the pneumatic domain.

While the system pressure could be held absolutely
constant by using a variable displacement PM, this
would require significant use of the kinetic domain and
would incur high losses associated with low PM dis-
placement. Instead, a simple “band control” method is
selected. The idea behind band control is that higher
drive cycle efficiency can be achieved by allowing some
amount of system pressure fluctuation. A control frac-
tion, feonwol, defines a system pressure band of width P,
Sfeontrol, centered about a desired pressure, P, within
which the control strategy defaults to using only the
pneumatic domain. When the system pressure strays out-
side of this control band, the kinetic domain is activated,
provided that its use will bring system pressure back
towards the control band. This logic must be bypassed
when the piston is at either extreme of its travel. In a
real vehicle application, rapid activation and deactivation
of the storage PM could lead to excessive noise, vibra-

Table 2. Vehicle characteristics for drive cycle simulation,
selected to represent a typical mid-size passenger Sedan.

Mass, m, 1800 kg
Drag coefficient, Cp 0.3
Frontal area, Ay 2.3 m?

Coefficient of rolling resistance, £, 9.0(1073) + 8.51(1077)1??

tion and harshness. To reflect this concern, an upper limit
is imposed on the frequency, fiwitch, at Which the control
strategy can switch the kinetic domain on and off. The
kinetic power demand is controlled through the use of a
four-way valve that is capable of inverting the tank and
pressure ports of the storage PM, in combination with a
clutch to decouple the storage PM from the flywheel. As
discussed earlier, this pump with have a very small dis-
placement and a correspondingly small rotational inertia,
which is therefore neglected. Since the system may
require a rapid clutching frequency, future studies should
include this noise, vibration, and harshness in the design
parameters. A future study could also consider control-
ling motor speed immediately prior to clutching to
reduce clutching losses. This study neglects this concern,
along with the clutch cooling and inefficiencies in this
valve and clutch system.

The ratio of the energy converted by the storage PM
to the energy provided and absorbed purely within the
pneumatic domain tends to be a good indicator of how
well the control strategy promotes efficiency. This is
called the usage ratio, R, and is defined as:

R _ ft}Wk‘dt
P B R
Sl _odt

where W, is the power of the mechanical domain. The
storage PM is sized to meet the maximum expected
power demand during the cycle. From the known system
pressure at every time step in the simulation, the traction
PM displacement required to complete the drive cycle is
calculated as:

(26)

27'[Wt

Dt —
Py,

27)

max

where w, is the angular velocity of the traction PM. It is
assumed that the vehicle differential has a 1:1 gear ratio,
such that the traction PM angular velocity is a function
of vehicle velocity, v, and tire diameter, d:

2y
)
Commercial data is used to approximate the mass of

an axial piston storage PM as a function of displacement
(Vickers Fluid Systems 2000).

Wy (28)

ey = 0.236 [kg/ %}D +1.12 [kg] (29)

The significance of the traction PM mass is discussed
in the optimization section below.

5. Optimization

Having established the general design concept, along
with mechanical stress and energy loss models, it is now
possible to optimize the HFA for a hydraulic hybrid
vehicle application. This section describes the methods
by which such an optimization is carried out.
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There are seven geometric design variables: housing
inner radius (r;), housing outer radius (7,), housing
length (/,), housing liner thickness (#4;), axle port diame-
ter (d;), HSRU seal clearance (cy), and HSRU seal length
(ly). There are also two operational design variables:
maximum allowable angular velocity (wmax), and HFA
charge pressure (P.). A particular set of values for the
nine design variables is referred to as a “design solu-
tion.”

Bounds are placed on each of the design variables in
order to prevent impractical or geometrically infeasible
design solutions. In doing so, it is convenient to redefine
a few of the design parameters. These redefinitions and
the bounds for optimization are given in Table 3.

The HFA optimization has two objectives: minimiz-
ing system mass and minimizing energy losses over a
drive cycle. System mass is defined as the sum of the
mass of the HFA itself and the storage and traction PMs:

Msys = M + Mppr s + Mppp ¢ (30)

Defining system mass in this way allows a design solu-
tion to be judged not only by the mass-efficiency of its
stored energy, but also by its ability to minimize system
pressure fluctuation (Recall that smaller fluctuations in
system pressure allow for a smaller traction PM).

The drive cycle loss, W, is calculated as the time-
integral of the sum of all power dissipation mechanisms
during a drive cycle, plus a vacuum pumping energy
consumption term:

tdL . . . . . . .
Wiess = / (W + W+ W+ Wy + Wey + Wi+ W, |dt
t

=0
+ anc

G
The optimization is subject to two constraints. First,
the mechanical stress safety factor on all components
must be greater than three. Second, the energy stored
must be sufficient to allow the vehicle to complete one
full drive cycle. The NSGAIIL an elitist genetic optimiza-
tion algorithm, is used to find a set of Pareto-optimal
(PO) design solutions (Deb et al. 2002). Table 4 summa-
rizes the optimization problem and parameters of the

solution algorithm.

Table 4. Summary of the genetic algorithm parameters.

# Design parameters 9
# Objectives 2
# Constraints 2
# Generations 400
# Individuals 200
Binary precision (bits) 7

6. Vehicle-scale optimization results

In analyzing the optimization results, it is useful to
define two additional metrics to complement the design
objectives. Drive cycle efficiency is defined using the
energy losses during a drive cycle as a proportion of the
cumulative energy conversion at the HFA.

VV]OSS

_ 32
L] dt + Wiess ¢2)

n=1
The energy density, u,;, of a HFA solution is calculated
as the amount of energy stored (at full SOC), E, per
unit mass of the energy storage system.

Ey
Ug =

S 33
m—+ mpyy s (33)

Note that, because it is not actually a part of the energy
storage system, the mass of the traction PM is excluded
from the energy density calculation.

The high-level result of the HFA design optimization,
a PO front of solutions, is shown in Figure 3. The most
fundamental observation available from the PO front is
that there is, as expected, a tradeoff between system
mass and drive cycle energy losses. From the shape of
the curve, it is clear that there are diminishing returns on
pursuing either objective; the lower the mass, the higher
the marginal penalty in losses. While the PO front does
not explicitly reveal anything about design parameter
values, the following is generally true. Solutions near the
upper-left end of the PO front approach disk-style pure
kinetic flywheels, characterized by short housings, small
inner radii, thick walls, high maximum angular veloci-
ties, higher energy densities, and lower -efficiencies.
Conversely, solutions near the lower-right more closely
resemble static hydraulic accumulators, with long

Table 3. Redefined design solution, used for the purposes of a design optimization.

Variable Symbol Translation Lower bound Upper bound Units
Housing outer radius 7 - 1 [app. specific] cm
Thickness fraction o fon =rilr, 1 [app. specific] cm
Liner fraction fi fi=th/(r, — 1) 0 0.95 -
Inner length I; l;=1, - 2th, 0 0.1 -
Port diameter fraction Ja. i Ja, i =di/(2ry) 0 0.5 -
HSRU seal clearance Cs - 0.5 50 mm
HSRU seal length I - 10 30 pm
Maximum angular velocity Opmax - 314 1,885 rad/s
Charge fraction fe fe=PJP,; 0.35 1 -
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Figure 3. Pareto optimal front of solutions.

housings, large inner radii, thin walls, low maximum
angular velocities, lower energy densities, and higher
efficiencies. The PO front contains solutions with energy
densities ranging from 7.47 to 31.6 kl/kg and efficiencies
ranging from 90.8 to 76.6%.

The flywheel-like solutions achieve low system
masses because they have small geometric dimensions.
Small dimensions generally correlate to low inertia, so
these solutions must operate at high angular velocities in
order to store sufficient energy. The high energy density
of the flywheel-like solutions comes with a penalty of
high drive cycle losses, since bearing drag, HSRU vis-
cous loss, aecrodynamic drag, and storage PM losses are
all a function of angular velocity. The latter two loss
mechanisms are particularly severe for the flywheel-like
solutions, as their dependence on angular velocity is
higher-order.

Moving towards the accumulator-like extreme of the
PO set, design solutions maintain sufficient energy
capacity through the growth of their dimensions. In
effect, angular velocity is exchanged for inertia, which
serves to maintain a reasonably high energy capacity in
the kinetic domain. As shown by Equation (17), the
aerodynamic drag torque has a fifth-order dependence on
the outer radius of the housing (although this is slightly
offset by the modest dependence of the moment coeffi-
cient on outer radius). To achieve higher efficiency with
increased inertia, the housing length is increased rather
than outer radius, because of the smaller aerodynamic
penalty it incurs.

The accumulator-like designs exhibit lower usage
ratios, as defined in Equation (26), since supply and
demand of energy is more frequently met purely by
using the pneumatic domain. These trends are perhaps
best illustrated in the relationship between the kinetic
and pneumatic storage capacities, shown in Figure 4,
plotted against system mass.

It is worthwhile to examine the factors which limit
the expanse of the PO front. For accumulator-like solu-
tions, the housing inner length reaches its upper bound
of 1.5 m. If the vehicle packaging constraints were lifted,
drive cycle losses could continue to be reduced below
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Figure 4. Energy capacity in the pneumatic and kinetic
domains as a function of system mass for the Pareto-optimal
(PO) set.

the best values observed in the optimization results. For
the flywheel-like solutions, in contrast, none of the
design parameters reach their bounds. This indicates that
physical phenomena are acting to limit the expanse of
the PO front. To further decrease the mass of the solu-
tions at the high energy density end (i.e. to push solu-
tions to be even more like flywheels), the optimization
trends would suggest reducing the geometric parameters
and increasing the angular velocity. Doing so, however,
decreases the pneumatic energy and power capacities to
unacceptably small values.

6.1. Contextualizing the optimization results

Having discussed the performance capabilities of the
optimized HFA designs, it is now important to provide
context for these capabilities. State-of-the art static
hydraulic accumulators were said to be capable of
about 6 kJ/kg energy storage density (Pourmovahed
et al. 1988). However, optimizing the energy storage
density of a static accumulator using the same archi-
tecture as the HFA provides a more direct assessment
of how progressive the HFA concept actually is. A
purely hydro-pneumatic accumulator with the same
geometry and safety factor as the HFA results in an
optimized energy density of 1.2 kJ/kg. To compensate
for the fact that the selected HFA architecture may be
suboptimal for a hydro-pneumatic accumulator, the
hydro-pneumatic accumulator was also optimized while
neglecting the mass of the axle and assuming a safety
factor of one, resulting in an energy density of 5.1 kJ/
kg. The highest density HFA design solution presented
above provides six times this conservative energy
density.

From the perspective of energy density (energy
losses were not considered in the hydro-pneumatic accu-
mulator optimization), the HFA clearly offers a signifi-
cant benefit over traditional means of hydraulic energy
storage. This optimization of a hydro-pneumatic accumu-
lator resulted in a large aspect ratio for the highest
energy density designs. Interestingly, flywheels follow
nearly the opposite trend. Consider the simplest possible
flywheel model, where the rotor is a simple, hollow
cylinder of mass m and inner and outer radii of ; and r,,
respectively. The energy density is:
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Equation (34) illustrates that energy density increases
with the radial dimensions and is completely insensitive
to the length of the rotor. An equivalent statement that
takes into consideration the full HFA architecture is cum-
bersome to derive and analyze. However, it is casy to
defend the general statement that kinetic energy storage
increases with the fourth power of radial dimensions
while mass increases with only the square of radial
dimensions.

Ug =

(34)

m m

6.2. Selection of a design solution

Since the primary goal of HFA design is to increase the
energy storage density, the design solution should repre-
sent significant improvement over the energy storage
density of traditional accumulator storage, which is liber-
ally estimated to be 5.1 kJ/kg for the given spatial con-
straints. Further insight into the design choice can be
gained by considering the specific case of a mobile
hydraulic system in a hydraulic hybrid vehicle. Recall
that as the mass and energy losses incurred by a vehicle
energy storage system increase, so does the energy
required to complete a drive cycle, W,.. In the present
methods of simulation and optimization, each solution
has been allowed to begin the drive cycle at full SOC
(i.e. at its design energy capacity, E;). The interaction
between the mass-minimization objective and the con-
straint on unfinished distance results in each PO solution
being fully-depleted by the end of the drive cycle, hav-
ing stored just enough energy to complete it. Therefore,
W, = E, for the purposes of the present discussion.

It is important to understand that, due to the range of
HFA masses and losses, there is significant variation in
the drive cycle energy, and therefore the design energy
capacity, of the solutions in the PO set. In selecting a
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Figure 6. Cutaway view illustrating solution 1.

particular solution from the PO set for a final design, E;
is arguably the most important metric. This is the
amount of energy that must be “paid for,” in the cost of
energy and in green house gas emissions. Figure 5
shows the design energy capacities and system masses of
the PO set, plotted against energy density.

Figure 5 illustrates an important trend in the PO
results. Beginning with the most accumulator-like solu-
tions (the far-left of this plot), increasing energy density
of the HFA allows the design energy capacity to
decrease. This is primarily due to the fact that a vehicle
with a lower-mass energy storage system incurs less roll-
ing resistance. However, at a certain point (near 10 kJ/
kg), increases in energy density cease to pay off, at least
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Figure 5.

Energy capacity and system mass vs. energy density for the PO set.
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Table 5. Design variable values for two example HFA design solutions.
Solution 1 Solution 2
Housing inner radius, r; 14.14 cm 11.65 cm
Housing outer radius, 7, 34.43 cm 28.35 cm
Housing length, /), 5349 cm 54.75 cm
Housing liner thickness, th; 0.157 mm 0.129 mm
Axle port diameter, d; 24.12 mm 21.67 mm
HSRU seal clearance, c; 10.47 micro 10.47 micro
HSRU seal length, /g 2.42 mm 3.19 mm
Maximum angular velocity, @,y 752.5 rad/s 1142.2 rad/s
Charge pressure, P, 16.38 Mpa 16.06 Mpa
System mass, ngys 453.0 kg 339.8 kg
Energy density, uy 15.08 kJ/kg 23.55 kl/kg
Energy capacity, £, 1.898 kW-h 2.223 kW-h
Mass, excluding PMs 4473 kg 3358 kg
Capacity ratio, R, 53.6 64.8
Housing safety factor 5.84 4.67
Storage PM displacement, D 19.6 cc/rev 12.27 cc/rev
Drive cycle losses, Wigss 1649.1 kJ 2064.3 kJ
Drive cycle efficiency, 1 85.6% 81.2%
Usage ratio, R, 1.96 2.09
Table 6. List of variables, English alphabet. P, Oil pressure distribution
Cn Aerodynamic moment coefficient Ps Eygr aluhc ggstem pressure, actual
Cs Circumferential seal clearance r acial posttion
- . Ta Axle radius
D Maximum pump-motor displacement ; .
. . R, Capacity ratio
dp; Bearing inner diameter . ..
’ . . ece Radius of eccentricity
d; Axle inner diameter o .
: . . 7 Housing inner radius
d Circumferential seal diameter . .
. o 7o Housing outer radius
d, Vehicle tire diameter .
R, Control strategy usage ratio
E Stored energy p T
E, Axle modulus of elasticity ime
. : T Storage pump-motor torque
E; Energy expended in a drive cycle . o
L Ty Bearing frictional torque
Ey Stored kinetic energy .
. T, Aerodynamic torque
E, Stored pneumatic energy .
. . the End cap thickness
F, Axial force in axle . .
. thy Liner thickness
Seonrol  Control fraction used by the control strategy . .
. . . v Drive cycle velocity in m/s
/i Liner thickness fraction
, . ¥ Gas charge volume
Spressure  Pressure fraction to characterize observed pressure c . .
fluctuation Ve Drive cycle velocity in mph
Sswith ~ Maximum allowable switching frequency for kinetic ¥g Instantaneous gas volume
domain W, Tractive (total, road) power
F, Tractive force |/ Axle throttling power dissipation
fan Thickness fraction for housing wall W ac Drive cycle energy
g Acceleration of gravity w, Leakage power dissipation in high-speed rotary union
Iy Equivalent moment of inertia, fluid components Wioss Total energy losses
I Moment of inertia, solid components Wpy  Storage pump-motor power dissipation
ks Wave spring constant W yac Cumulative energy consumed by vacuum system
Iy Housing length Wy Vacuum pumping power
[; Housing inner length Won Viscous power dissipation in high-speed rotary union
I Length of piston bearing section w, Internal viscous power dissipation
Iy Circumferential seal length Wy Aerodynamic (windage) power dissipation
m Mass, generic Xo Wave spring precompression
M. Circular plate circumferential bending moment profile
my, Housing mass
m Mass of oil volume . . .
m;Ms Storage pump-motor mass from the perspective of E;. The higher Qperatlng speeds
mpy;,  Traction pump-motor mass required by the most energy-dense solutions lead to lar-
M, Circular plate radial bending moment profile ger drive cycle losses. To compensate, these solutions
Nis Number of shoulder screws used in pin system must actually have a higher energy capacity, even though
Pe Gas charge pressure . the road loads continue to decrease with mass. The
Py Hydraulic system pressure, design

(Continued)

design with the lowest energy capacity for this scale PO
set is located at 10 kJ/kg. As can be seen in Figure 5, a
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Table 7. List of variables, Greek alphabet.

O Axial elongation of the axle

n Drive cycle efficiency

Hp Bearing friction coefficient

Hen Dynamic viscosity of gas in the containment chamber
v Poisson ratio

p Density, generic

Peh Density of gas in the containment chamber

Po Oil density

Ocvend  Circular plate circumferential bending stress profile
O¢, cent Circumferential stress due to centrifugation

0,bend  Circular plate radial bending stress profile

Oy, cent Radial stress due to centrifugation

w Angular velocity
(Dmax Maximum angular velocity
o} Vehicle tire angular velocity

Table 8. List of acronyms.

HFA Hydraulic flywheel-accumulator
HSRU High-speed rotary union

SOC State-of-charge

PO Pareto-optimal

small increase in energy capacity results in a 50%
increase in energy density, up to 15 klJ/kg, resulting in
an arguably better solution.

There are, of course, metrics other than E; that
should be considered in selecting a HFA design solution
from a PO set (indeed, if the design energy capacity
were the only important consideration, it would have
been more appropriate to pose the optimization as sin-
gle-objective, with the aim of minimizing E,). For exam-
ple, the lower-mass solutions tend to provide better
vehicle handling, have a smaller packaging volume, and
be less expensive to manufacture. For comparison pur-
poses, a second design, located at the second vertical
dashed line in Figure 5, is presented in Table 5. While
both designs have low aspect ratios for convenient pack-
aging, the first has higher drive cycle efficiency and the
second has higher energy density. A cutaway view from
a CAD model of the second design is shown in Figure 6.
Notice that the optimization has driven the liner thick-
ness of the selected design to a value of less than
0.2 mm. For the sake of practicality, this dimension is
changed to 1 mm (Tables 5-8).

7. Conclusion

This paper has described the hydraulic flywheel
accumulator concept, as well as stress and energy mod-
els to aid in its design. Design optimization results
indicate that, given the constraints imposed by a
passenger vehicle-scale application, the HFA can
achieve an energy density of more than 31 kJ/kg, oper-
ating at over 76% efficiency. Even with generous esti-
mates of static accumulator energy density, this

represents at least a sixfold improvement in the energy
storage density of hydraulic systems. Moreover, many
design solutions are able to limit the fluctuation of sys-
tem pressure to within a 10% band about the design
pressure. This represents a distinct advantage over a
traditional static accumulator, whose minimum SOC
pressure may be as much as 63% lower than the
design pressure (Tucker and Barth 2013), requiring sig-
nificant over-sizing of the traction PM.

A pure flywheel offers higher energy storage density
than the HFA while a traditional accumulator will pro-
vide higher power output. A system with energy stored
in a physically separated flywheel and accumulator will
also allow for a similar tradeoff in these attributes and
allow the system pressure to be controlled independently
of state of charge. The specific benefits provided by the
HFA are found in the reduced volume achieved by plac-
ing the accumulator in the low energy density portion of
the flywheel, the reduced manufacturing cost realized by
the flywheel prestress provided by the fluid pressure, and
the influence of the radial accumulator pressure profile
on the system dynamics, specifically the fact that reduc-
ing kinetic state of charge and reducing pneumatic state
of charge have opposite effects on pressure since slowing
flywheel angular velocity reduces system pressure
naturally.

Further research is required in order to validate the
models used in the hydraulic flywheel accumulator
design and optimization. Several assumptions and simpli-
fications were made in the models, most prominently in
the effect of internal fluid swirl, the effect of varying
inertia of the flywheel at high speeds, and the effect of
varying flywheel mass on the flywheel balance and
vibration. The construction and testing of a prototype
will allow for the exploration of these unknowns while
providing a general proof of concept for the hydraulic
flywheel accumulator.
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