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Abstract

A promising technology for the advancement of fluid power systems is displacement controlled (DC) actuation. The
main advantage of DC actuation is that metering losses are completely eliminated by replacing each actuator’s propor-
tional valve with a variable displacement pump and controlling the actuator motion by pump displacement. This tech-
nology can achieve up to 50 % energy savings when compared to the conventional load sensing (LS) systems and the
elimination of metering losses in DC systems is directly translated in lower heat generation. This paper presents a model
to predict the thermodynamic behavior of multi-actuator displacement controlled machines. A complete mathematical
model has been developed based on conservation of mass and energy. The model characteristics are discussed for an
excavator, which contains four variable displacement pumps, three single-rod actuators, a rotary actuator for the slew, a
gear pump, an accumulator, a heat exchanger, a reservoir, as well as metallic hydraulic lines and switching valves;
however, the model has been created to be able to simulate not only the presented hydraulic circuit but different ones
including those for larger off highway vehicles. Simulation results for measured working cycles of the excavator are
presented and compared with measured temperatures of the machine. The simulation/measurement agreement demon-
strates the validity and usefulness of the model.
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1 Introduction

Previous work of the authors research group has
demonstrated that this technology can achieve up to 50
% energy savings when compared to the conventional
load sensing (LS) systems of the same machine (Zim-
merman, Busquets and Ivantysynova, 2011). DC actua-
tion not only eliminates metering losses but also allows
utilization of potential and kinetic energy in aiding load
mode of the actuator, i.e. energy from the actuator can
be transferred in mechanical energy of the pump shaft
while the pump runs in motoring mode. Without adding
a storage devise to the system the recovered load ener-
gy needs to be used simultaneously by other machine
drives. The elimination of metering losses in DC sys-
tems leads automatically to lower heat generation. The
question to be answered is how much cooling power
needs to be installed in DC multi-actuator machines?

For the investigation of DC actuation cooling re-
quirements in mobile multi actuator DC machines, a
Bobcat 435 hydraulic excavator has been equipped
with DC actuation as part of a project funded by the

Over the last decades there has been an emphasis on
the design of efficient fluid power systems. Although
improvements in efficiency of the individual hydraulic
components can increase system efficiency to a certain
degree, the demand for higher system efficiencies has
driven researchers to investigate alternatives to the
traditional valve controlled actuation. A promising
technology for the improvement of fluid power systems
efficiency is displacement controlled (DC) actuation.
This technology has been extensively studied by au-
thors’ research group since a first promising solution
for linear actuators with single rod cylinders has been
introduced by Rahmfeld and Ivantysynova in 1998. The
main advantage of DC actuation is that metering losses
are completely eliminated. This is achieved by remov-
ing the proportional valves controlling each actuator
and installing a variable displacement pump per actua-
tor. This allows controlling the actuator motion by
controlling the pump displacement.

This manuscript was received on 25 May 2012 and was accepted Center for Compact and Efficient Fluid Power
after revision for publication on 15 December 2012 (CCEFP). A study of this machine conducted in 2010
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by the authors’ research group resulted in 50 % reduc-
tion of the cooling power requirement while maintain-
ing acceptable working temperatures (Zimmerman,
Busquets and Ivantysynova, 2011). In this previous
study, the hydraulic fluid temperature was assumed to
be the same throughout the system, while considering
each component heat transfer individually. Good
agreement was found in the steady state operation of
the measured data of the hydraulic cooler; however, no
comparison between the other hydraulic component
temperatures was made. This paper will introduce a
new approach for modeling the thermodynamic behav-
ior of each of the hydraulic components of the closed
circuit displacement controlled machine system. A set
of mathematical models has been developed based on
conservation of mass and energy to predict the tem-
perature of the hydraulic oil in the entire system.

2 Excavator Hydraulic Circuit and Sen-
sors

A simplified hydraulic circuit of the DC excavator
including the installed sensors is shown in Fig. 1. For
this simulation, the engine speed 7., hydraulic actuators
pressures pa and pp, and their corresponding hydraulic
pumps pressures p; and p,, and all swash plate angles
Boump, i» Were measured. The low system pressure py,
and accumulator pressure p., were monitored. It should
be noted that the low pressure accumulator is intro-
duced in multi-actuator DC systems in order to keep
the required charge pump size small. The unequal flow
due to the area ratio of the single rod cylinders is bal-
anced on the low pressure side of the systems. i.e. all
low pressure lines are connected to the a singe charge
pump and low pressure accumulator. The ambient and
hood temperatures T,m, and Tie0q respectively, were
also measured and used in simulation to calculate the
rejected heat. Finally, 16 thermocouples were installed
to validate the simulated results through measured
component temperatures.

SWING

Fig. 1:  DC excavator hydraulic system and installed sensors
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3 System Measurements

A 45 min digging cycle was measured using the ex-
cavator. The digging cycle consisted of the operator
removing dirt from directly in front of the machine and
then rotating between 60 to 90 degrees to dump the dirt
in a pile next to the hole being dug. The dirt in the field
had not been dug before and due to weather conditions
it was naturally compacted. Figure 2 shows a top view
of the cycle.
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== -]

Fig. 2:  Top view of the digging cycle

4 Thermodynamic System Analysis

The complex hydraulic architecture has been discre-
tized into the different components, which significantly
contribute to the thermal effects. The basic thermody-
namic approach for each hydraulic component is repre-
sented in Fig. 3.
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Fig. 3:  Individual components thermal model structure
According to Fig. 3, it is assumed that the power

losses Py in each hydraulic component are converted
to heat. Also, the heat transfer, work and fluid proper-
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ties are calculated for each hydraulic component in the
system.

4.1 Individual Heat Transfer Calculation

An essential aspect of this simulation is the heat re-
jected by each of the hydraulic components. For this
reason, a set of heat transfer and thermo-dynamic rela-
tions was developed. As shown in Fig. 4, it was as-
sumed that all components experienced forced convec-
tion from the oil temperature Ty, to the inner wall 4,
of the material, then conduction through the component
wall, and finally free convection to the air from the
outer wall 4,, of the component. The majority of the
excavator hydraulics are located under a hood within
the excavator, for this reason an additional temperature
sensor was installed to obtain those components sur-
rounding temperature. It should also be noted that the
assumption of free convection for the components is a
conservative one since the cooling fan actually blows
air throughout the hydraulic components located under
the hood. The temperature entering each hydraulic
component was obtained according to the hydraulic
circuit depicted in Fig. 1.

Conduction through

component mass
Til ~~

T o | 4

\| o

Forced convection \\ Free convection
inside component (/,) A; . and radiation outside
Y component (h,)
\\~~-
o= T;‘U}"
R, R, R,

T,

sur

Fig. 4:  Heat transfer due to forced convection, conduction,
and free convection

An equivalent thermal resistance, R.q, encompass-
ing forced convection, conduction, free convection and
radiation in series was derived for each component.
Also, simple geometries such as pipes and cubes were
assumed for the components geometries. Each of the
thermal resistances can be expressed in terms of the
inner and outer heat transfer coefficients /o i and
Aeon, out and the components inner and outer diameters d;
and d, as:

Req =R +R, +R,

k= : forced i
1 hcon, inAi orced convection
M pipe conduction 0
R, = 27Ly .k
L_w cube conduction
ka*
R=—t 12¢ 6 ;
3 hCOn, oon ng ree convection

and radiation

Each of the cube side’s conduction in Eq. 1 is calcu-
lated as a flat plane. Here L, wall thickness, and «a is
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the side length of the cube shaped modeled compo-
nents, such as the hydraulic reservoir and hydraulic
valves. For the calculation of the pipe conduction Ly
is the pipe length. The inner and outer convection coef-
ficients Aeon, in and Aeon, o can be calculated with the
Nusselt number from Tablel.

It is important to mention that the thermal conduc-
tivity for different materials was taken into account
(e.g. the reservoir thermal conductivity was that of
plastic, 0.47 W/(m°K), while that of the pumps was
steel, 43 W/(m°K)). Finally, £in R; is the surface emis-
sivity assumed to be 0.2. Then, the total heat transfer g,
with conduction, convection and radiation is:

T,-T
= Ol sur 2
e ()

cq

Table 1: Calculation of Nusselt number for convec-
tion (Source: Rahmfeld, 2002 and VDI Heat

Atlas)
Dimensionless parameters
(I.= characteristic length)

Nusselt: Prandtl:
Nu:kcon.lc Pr:p'V'Cp
kf kf
Reynolds: Grashof:
. 3
Re:V DH Gr g l ﬂalr AT
v v?

Forced convection in pipe
(physical characteristics at oil temperature, 7,;)
Laminar: /.= d;, Pr,=Pr(T,,), Re <2300

1/3 0.1
Nu:(34663 +0.7° +[1.615 YRe-Prd, /L —0.7]3) (:rj
rW
Turbulent: [ =d,, Pr,=Pr(7,), d, /I, <1
(Re—1000)Pr ”(ﬂjm
8(1.821og(Re)-1.64) | \L

0.11

Pr

_1+127(P”—1\/ - ‘Z[Prrj
7(Pr*? —1),/0.125(1.82log (Re) —1.64) ~ \ '

Free convection to air
(physical characteristics at 0.5(7y+ 7))
Horizontal cylinder: Gr = Gr(T-Tw), I=d,

0559 RN
Nu= 0.6+0.387|:Gr~Pr[1+( '125 j ] 1
T

Cube: Gr=Gr(7,-T,,), lc:Aj/(4-a3)

sur

0.252

Nu = 5.748+0.752 ProGr

(22)"]

To calculate the required wall temperatures, heat
transfer by radiation was neglected. This assumption is
rather conservative but reasonable since within the
range of operating temperatures of the system, the heat
rejected through radiation is negligible. It was also
assumed that both the inner and outer wall temperatures
are equal. These assumptions greatly simplify the wall
temperature calculation, ultimately leading to:
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oil sur
T z "41 con, in (3)
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As mentioned before, for the calculation of the wall
temperature, the heat rejected by radiation is neglected
for simplification purposes, assuming a single wall
temperature for the inner and outer faces. However, for
completeness the total heat rejected includes radiative
heat transfer as noted in Eq. (1).

4.2 Thermal Properties

All material and fluid properties were obtained in
simulation based on both measured and simulated pa-
rameters. Thermal properties for the conduction of
steel, the specific heat of steel, the conductivity of oil,
air kinematic viscosity, air density, air specific heat, air
thermal conductivity, and the air volumetric expansion
coefficient were taken from tabulated data as a func-
tion of temperature from Incropera (2002). Measure-
ment data for HLP 32 mineral oil (shown in Fig. 5)
obtained by Flucon GmbH and published by Opperman
(2007) was used to find the density of the oil as a func-
tion of pressure and temperature.

Densitiy-Pressure Dependency
Flud: Ma d Oil H P32 - TUHH
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= @50 :
330
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plbar |

Fig.5:  Pressure and temperature dependency of HLP32
mineral oil (Opperman, 2007)

The viscosity of the oil was obtained using an ex-
pression similar to the empirical model in Eq. (5):

M=, expsln 1+ £ (M) -1 4
H, P, T +135°C

In Eq. (5), p; and g are a reference pressure and
viscosity and T, is the temperature at which the viscosi-
ty is po at pressure p = 0. Also, the dimensionless pres-
sure index is z and the temperature index is s (Pascovi-
ci, et. al 2001).

The specific heat of HLP32 mineral oil was ob-
tained using the following equation (Oppermann, 2007)
based on Grosse (1962) and Schilling (1985).

¢,(T)=c,+a, -(T-273.15)

with

c0:1807{k JK} and o, —421{]{ JKz} %)
g g
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Finally, the hydraulic oil enthalpy was determined
using measured data (Oppermann, 2007) dependent on
pressure and temperature.

4.3 Basis for Thermodynamic Approach

The one-dimensional form of the dynamic continui-
ty equation is

(6)

Knowing that the density can be expressed as
p =m/V, the continuity equation in terms of density
becomes

dp _dm/dt—p-dV/dt
dt Vv

Since the fluid density describes a thermodynamic
property, it can be expressed in terms of two other
thermodynamic properties such as pressure and tem-
perature. Then, the continuity equation (7) can be re-
formulated in terms of the pressure derivative.

dr
— ®)
, di

(79

d _p
dt Op

dp_op
L dtor

Using the definition of the bulk modulus,

K = pdp/Op|r, combining Eq. (6) and Eq. (7) and substi-
tuting into Eq. (8), we obtain:

dp _ K-{ (i, ~th,, )= p-dVjdt] op

dt pV oT

dr
, di

It can be observed that the p-dV/dt term in Eq. 10
accounts for moving boundaries. For this study, the
moving boundaries term is only utilized in the control
volumes describing the actuator chambers as their fluid
volume changes several times during the digging cycle.
This term will be carried out throughout the derivation
and will then be simplified for those hydraulic compo-
nents, which don’t require such term.

By definition, the last term, 0p/07],, can be replaced
by Op/0T,. Also, Op/0T|,= p/xr where f is the coeffi-
cient of cubic expansion and xt is the isothermal com-
pressibility. Furthermore, the bulk modulus is the recip-
rocal of xr. Substituting the previous relations into
Eq. (9) gives

d_p:K |:(min mout) pdV/dt:|+ﬂKd_T (10)
dt pV dt

The differential equation describing the energy of a
control volume in which potential and kinetic energies
have been neglected can be expressed as

dE . . 5 g
S by~ S a0 (D)

This may be rearranged in terms of enthalpy as an
intensive property

dh 1 . . I dp
—=— > m, h,— ) m h -W+V-—= (12
dt pV|:Z n n Z out out+Q dti|( )
For some hydraulic components, Eq. (12) can be
further simplified if the flow into and out of the control
volume is equal. To find a more generalized form, the
derivation will be carried out assuming that such flows

)
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are not equal and further simplification will be per-
formed in Section 5 where each of the hydraulic com-
ponents is described.

To convert the enthalpy derivative to that of tem-
perature, the following relationship between thermody-
namic properties is utilized as a basis:

dn_on| dp o) dr

= ‘ = (13)
di  op|, di oT|, di

By using equations Eq. (12) and Eq. (13) and solv-
ing for the temperature derivative gives

ar 1
a o
or|,
|:Zrhin‘hin_zmout‘hout_}—Q’_W_i_V'%} (14)
L (oA dp
Oh| | op|, dt
or,

Using ¢,=0h/0T, for specific heat with 0h/dp|r= 1/
p - B-T-v, and simplifying yields

dT 1 : ; )W
E_p.cp.V[zmin'hin_zmout'hout+Q_W:' (15)
LY BT dp
c dt

p

Coupling Eq. (10) and Eq. (15) and simplifying
gives a complete formulation for the temperature calcu-
lation of the control volume. In some instances, it may
be more affordable computationally to further simplify
the enthalpy expression by making use of the oil specif-
ic heat and the differential temperature in the control
volume.

4.4 Hydraulic Pump Model

Referring to Fig. 1, the DC excavator system has
four variable displacement pumps. The system was
designed such that there are no additional travel pumps
idling since two of the cylinders are shut off when
travel is required and the pump flows are diverted to
the travel motors.

The pump control volume was divided in two
smaller control volumes, V; and ¥V} to obtain both the
temperature leaving the pump and the pump case drain
temperature. Figure 6 shows the basic approach for the
pump temperature calculation. In this case, node may,
mp and mc represent the fluid mass inside the pump
side A, side B and case drain respectively. Also, O, and
0, are the flows into and out of the first control volume
71, and Qy is the case drain flow. To calculate the heat
transfer, the hydraulic pumps were regarded as 15 cm
long steel pipes with 15 ¢cm in outer diameter and 10
cm in inner diameter. These calculations were per-
formed for the first control volume ¥}, assuming no
energy exchange by means of heat rejection or work is
possible in the second control volume V7;.
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Fig. 6:  Basic thermodynamic approach for pump tempera-
ture calculation

Due to the size of the hydraulic pumps, the transient
thermal response occurs significantly faster than that of
components which hydraulic fluid capacity is greater
such as the reservoir. Referring to Fig. 6, the tempera-
ture leaving the pump 75, and the pump case drain
temperature 7¢, can be calculated by Eq. (16) and
Eq. (17) respectively. It is important to mention that no
boundary work is done in this system; therefore, the
effects of the dp/dt term in Eq. (15) can be neglected.

T 1 . . ..
d_;:PTp'V'[ZmA “hy _ZmB “hy +Q—Wpuml’] (16)

dT, 1 . .
TZ‘Cszp'V.[ZmBhB_ZmChCJ (17)

4.5 Fan and Charge Pump Model

Due to the small displacement volumes of both the
charge pump (14.1 cc/rev) and the fan drive (8 cc/rev)
and the challenges posed by the existence of a propor-
tional valve, which is temperature dependent, influenc-
ing the pressure at the fan drive, it was decided to join
these two hydraulic components into a single control
volume called fan system. Since measurements exist
for the pump speed and the pressure after the charge
pump and knowing that it gets flow from the reservoir
which is nearly at atmospheric pressure, the charge
pump flow and torque were calculated using catalogue
data. Although measurements also exist for the pres-
sures across the fan drive, it is not possible to calculate
the work done by the fan drive due to the influence of
the already mentioned proportional valve. The solution
to this was to directly measure the fan drive shaft speed
using an optical sensor. Then, the total work in the fan-
charge pump system, W, can be expressed as:

W = M n, — Mfannfan (1 8)

feps cp “ep

Since the charge pump is a gear pump with no case
drain line, assuming the leakage from the fan motor is
negligible and neglecting the moving boundaries part
of the equation, the continuity relationship described in
Eq. (10) could be solved. Combining Eq. (15), (10) and
(18) and providing a proper formulation for the heat
transfer gives a relation for the temperature calculation
in the fan system, 7. To properly account for the heat
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rejected in this control volume, both the charge pump
and the fan motor were regarded as 10 cm long steel
pipes which outer and inner diameters are 10 cm and 8
cm respectively.

dT,

feps 1

dt p-V-(c,-pTK)

[Z min : hin - Zmuul : hout (19)
ﬁTK(mm _mout)

+0-W; p-(cp—ﬁ2~T-K)

cps

1+

4.6 Slew Motor Model

Similar to the charge pump, the speed and pressure
across the hydraulic motor of the slew drive is meas-
ured and the work done by the slew motor can be ex-
pressed by multiplying the motor torque, M.y, and its
shaft speed ngey:

I/i/slew =M

n (20)

The flow calculation of the slew motor is based on
the speed of the engine and the speed of the slew mo-
tor. Also, the leakage flow was approximated using
catalogue data of mean values dependent upon pressure
and speed. The slew motor temperature derivative,
dTew/dt, can then be expressed similar to that of the
hydraulic pumps. Also the leakage temperature was
obtained using the same basic approach described in
Fig. 6. Finally, the heat rejected by the slew motor was
calculated assuming this component is a 25 cm long
steel pipe with 25 ¢cm and 20 cm in outer and inner
diameters respectively.

dl,, 1 . . 51
o [ = Sy hy40- i ] 1)

dT, 1 . .
ey X Tk ] @)

slew slew

4.7 Hydraulic Cooler Model

An accurate model of the hydraulic cooler is essen-
tial to the thermal model of the excavator system be-
cause this is where most of the heat from the system is
rejected. For this reason an empirical model of the
cooler was used. The heat rejected by the cooler can be
calculated by:

Qcooler = kcon : Acooler : (]:)il - Tsur) (23)

The hydraulic cooler is finned tubing and is cooled
by fan driven air. The surface area was calculated as
the area of all fins and tubing to be 3.46 m’. Also, the
flow rate through the cooler is:

Qcoolcr = Qcp - le - Voil, accu (24)
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where
Viw
O, =1y Ny, .
0 =2(00i =05 )+ 2.0, (25)

1/n
Voil,accquo. l_ &
plp

In the above expression O, is defined as the flow
into the bore side of the cylinders and Qg is defined as
the flow out of the rod side of the cylinders and it is the
difference between these flows plus the volumetric
losses of the actuators Qs which must be balanced by
the low pressure flow. Also Qg, and Oy, are the charge
pump and the low pressure flows respectively, Finally,
ny is the volumetric efficiency of the charge pump, n,
is the charge pump shaft speed, Vy ., is the charge
pump displacement and Ve, occy 1S the rate of change of
the accumulator oil volume.

To create a model of the hydraulic cooler, meas-
urements were made on the excavator while idling with
no actuators in use. This means that the accumulator
volume will be constant and there will be no low pres-
sure flow. Using Eq. (24) the cooler flow rate will be
equal to the charge pump flow rate. Measurements of
the pressure drop across the cooling fan hydraulic mo-
tor, pep - Pip, the temperature drop across the cooler,
Thot - Teoor as indicated in Fig. 1 and the engine speed,
n., were taken at several different engine idle speeds to
allow for a range of flow rates through the cooler and a
range of pressure drops across the cooling fan motor
(the pressure drops correspond to steady state fan
speeds). Equation (23) was used to calculate the actual
heat rejected by the cooler during the measurements
and the coefficients @ and b in Eq. (26) were regressed
to create a linear model of the cooler as a function of
the normalized pressure drop across the hydraulic fan
motor and the normalized oil flow through the cooler.

kwo] —a- [pcp plp j_i_ b ( Qcool:r 5 j (26)
15e5 Pa 5.54x10" m’/s

The resulting coefficients for the model were 34.1
W/K and 96.9 W/K for a and b respectively. This re-
sulted in a value of koo = 4.95 x 10* W/(m*°C)/(m?/s)
giving an average value for the convection coefficient
to be kon = 43 W/(rnz-"C). This value seems reasonable
considering typical convection coefficients for finned
tube heat exchangers with water in the tube and air in
the cross flow are between 25 and 50 W/(m*°C). (In-
cropera and Dewitt, 2002). The heat rejected also lies
within the range specified by the product catalogue.
Therefore, the average value used in the model is con-
sistent with the measured values. To validate the model
Fig. 7 shows a plot of measured and modeled ¢,o dur-
ing a working cycle of the excavator.
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Fig. 7:  Comparison of measured and modeled oil cooler
power during digging cycle

4.8 Hydraulic Line Model

The temperature of the various hydraulic lines is
calculated using Eq. (10) and (15). The assumptions for
these control volumes include no work either in or out
of the system and constant volume. Therefore, heat
transfer is the only aspect influencing the fluid tem-
perature calculation. It is important to mention that
only metallic pipes were modeled, assuming the heat
transfer contribution from the rubber hydraulic lines is
negligible due to the low thermal conductivity of rub-
ber. Each of the two modeled lines dimensions are 100
cm long with outer and inner diameters of 2 cm and
11.7 cm respectively. Finally, by assuming that the
mass flow into and out of the control volume are equal,
the temperature derivative can then be reduced to:

dT, 1

line _
dt p-V~(Cp—V‘ﬂ2'T'K) (27)
|:mc : (hin - hout ) - Q:|
It is important to note that the moving boundaries

term has been eliminated in Eq. (27) due to the constant
volume assumption.

4.9 Accumulator Model

The accumulator in this system is a 4-liter low pres-
sure accumulator with a pressure pre-charge of 7 bar.
The flow rate into the accumulator is dependent upon the
actuators motion, the charge pump flow and the low
pressure setting. The actuator work can be calculated as:

dv
VVBCCU = p .E

The accumulator temperature derivative requires
both Eq. (10) and (15). To accurately calculate the
accumulator temperature, the pressure derivative term
in Eq. (10) must account for moving boundaries. Then,

the temperature derivative for the accumulator is de-
fined by:

(28)

dTaccu: 1
dt  p-vV-(c,-pTK)
[ch .hc _Zml : hl +Q._Vi/;ccu] (29)
p-T-K __ ((it—r) av
cp—ﬂ2~T-K P dt
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An alternative to Eq. (30) is to differentiate the
measured pressure and utilize Eq. (16). The volume, V,
in Eq. (30) can be calculated using an adiabatic relation
with n = 1.25. Also, the accumulator was regarded as a
steel pipe, 60 cm long, 20 cm in outer diameter and
18.5 cm in inner diameter.

4.10 Linear Actuator Model

Figure 8 shows a schematic of the linear actuator
with the two temperature calculations obtained by the
model, each describing a different actuator chamber. The
actuator work can be expressed similar to Eq. (28). Posi-
tive work indicates work being done into the system and
negative work indicates work done by the system. It can
be observed that as the cylinder extends, work is nega-
tive in chamber A and positive in chamber B. Opposite
motion has the opposite effect in the work calculation.
Heat rejected through the cylinder walls was also calcu-
lated for each of the cylinder chambers accounting for
the change in surface area as the actuator extends or
retracts. It was assumed that there is no heat transfer
between both chambers through the actuator piston as
the transient temperature changes are rapid.

Ty —— T

AA/ -\A

A B

Fig. 8:  Linear actuator schematic

Both Eq. (10) and Eq. (15) are combined to find the
actuator chambers temperature derivative. In this case
the effects of the dp/dt term, as well as the moving
boundaries term, are of great importance in the accurate
determination of the actuators temperature, Eq. 30
describes such relation.

Similar to the accumulator, each chamber volume,
V, changes depending on the actuator motion. In this
case the position of the actuator and their correspond-
ing chamber inner areas were utilized to calculate the
chambers volume. Since all three actuators have differ-
ent dimensions, the calculation of the heat rejection
will yield different values. The boom actuator for in-
stance was regarded as a steel pipe with 11.5 cm in
outer diameter and 9.5 cm in inner diameter. The arm
actuator was also regarded as a steel pipe 10.5 cm in
outer diameter and 8.5 cm in inner diameter. The buck-
et actuator was regarded as steel pipe as well, 8.5 cm in
outer diameter and 6.5 cm in inner diameter. Finally,
the position of each of the actuator determines the
lengths the pipes.

4.11 Load Holding Valve Model

Cartridge valves (V1 to V8 on Fig. 1) are used for
actuators load holding and/or shut off. The cartridge
valves are mounted in a steel block in pairs. Similar to
the hydraulic line model, the load holding valve model
assumption is that no work is done and its volume
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remains constant. Hence, the only influence in the
thermodynamic behavior of the hydraulic fluid is heat
transfer, which is relatively large due to its large sur-
face area and material. In this case, this component was
regarded as a steel cube 15 cm in side length. Further,
since the mass flow rates in and out of the system were
assumed to be equal, the temperature derivative equa-
tion for the load holding valves can be reduced as fol-
lows:

dT.

valve __ 1
dt p-V~(CP—V~ﬂ2~T'K) (30)
'[min '(hin _hout)_Q:|

Due to the constant volume assumption, the moving
boundaries term has been disregarded from Eq. (30).

4.12 Reservoir Model

Unlike other hydraulic components, the pressure
difference across the tank is negligible due to its open-
to-atmosphere nature. Since no work is done in the
tank, heat transfer is the only parameter affecting the
thermodynamic behavior of the hydraulic fluid. In this
case, such calculation is carried on assuming the hy-
draulic reservoir is a plastic cube which is hollow to
contain the hydraulic oil. The assumed dimensions for
each of the cube side lengths are 25cm. Then, Eq. (15)
can be reduced to:

dT, 1 )
e 2 Ty (b —h )= 31
dt ,O'Cp'V |:mm ( in out) Q:| ( )

5 Simulation Results

The thermodynamic behaviour of each hydraulic
component was simulated for the given working cycle;
when coupled together, they allow for the hydraulic
fluid temperature prediction in the entire DC system.
As shown in Fig. 9, the tank simulated temperature
deviates from the measured temperature by almost
10°C. It is believed that this large deviation may have
been caused by the model inability to account for ener-
gy previously stored in the tank since before measure-
ments were recorded the machine had been driven to an
outside location and the hydraulic oil temperature in the
tank was much hotter. Although this is also true for the
rest of the hydraulic components, the tank has the larg-
est volume and its walls are plastic rather than steel like
the rest, which slows heat rejection. This can be ob-
served as the initial temperatures of the entire low pres-
sure system shown in Fig. 9 are lower than that of the
tank. Different initial conditions were given to attempt
to account for such energy; however, the simulation
stabilized every time at the same value.

From Fig. 9, it can also be observed that there is a
very close agreement between the measured and simu-
lated temperatures for both the inlet and outlet tempera-
tures of the cooler. Finally, the high noise in the tem-
peratures agree with the behaviour of the low pressure
system as the volumes in the accumulator and tank
constantly change, displacing oil from the asymmetric
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actuators and charge pump which are at different tem-
peratures. No measurements were obtained for the
accumulator temperature or the charge pump tempera-
ture; however, the trends shown by the simulated data
are very close to the expected temperatures.

Figure 10 shows a comparison between the simulat-
ed results and the measured temperatures of both the
pump inlets and outlets. It can be observed that the
temperatures of the swing pump are closely approxi-
mated by the model; however by the end of the cycle,
the simulated temperature increases rapidly while the
measured temperature increases at a slower rate. In this
case such behaviour can be explained by the very small
swing motor control volume. Therefore the temperature
is more susceptible to changes in pressure and or speed.
For this cycle, at time 2,500 s the engine speed was
increased to its maximum while the rest of the cycle
was measured at 90% of the maximum engine speed.
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From Fig. 10, it can also be observed that although
the general trend of the temperatures in the stick and
bucket pumps is followed, those temperatures are too
noisy. This may be due to the rapid changes in flow,
since as shown in Fig. 1, the closed circuit pumps are
connected to the low pressure to compensate for the
differential volume of the single rod cylinders. In this
case, when flow is required to compensate for the dif-
ferential volume of the asymmetrical cylinders, oil
from the low pressure line, which is at a lower tempera-
ture due to the cooler, is allowed to flow into the actua-
tor. In actuality, this phenomenon occurs at a lower rate
since the flows don’t mix perfectly. In such case, a
temperature increment of 5°C is possible even during a
very short period of time.
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temperatures, b) shows the simulated and measured cooler temperatures, c) shows the simulated accumulator temperature

and d) shows the simulated charge pump temperature
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Fig. 10: Pumps measured and simulated hydraulic fluid temperatures a) shows the slew motor pump simulated and measured tem-
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No measurement data is available for the boom
pump temperatures; however, a close comparison of
these temperatures with the measured temperatures in
the boom actuator can be made, these temperatures are
shown in Fig. 11.

Figure 11 shows a comparison between the simulat-
ed and measured temperatures of the hydraulic oil in all
four actuators. When comparing Fig. 10 to Fig. 11, it
can be observed that the temperature trends of the actu-
ators closely follow those of the pumps. It can also be
observed that the temperatures in the swing and boom
are approximated relatively well. However, the general
temperature trend of the stick actuator is different when
compared to the measured temperature. In this case, no
measurements are available for the bucket actuator but
an intiution of the trends which these temperatures
should follow can be acquired by observing the meas-
ured pump temperatures in Fig. 10. The same follows
with the B port of the stick cylinder.

6 Conclusions

A comprehensive thermal model of the excavator
displacement controlled hydraulic system was devel-
oped to analyze the localized oil temperatures in the
system. The simulated results show that the model is
valid for the approximation of the thermal behavior of
displacement controlled hydraulic systems. Further-
more, the temperature prediction shows that the local-
ized temperatures in displacement controlled systems
are within typical working temperatures for hydraulic
systems in mobile applications. This mathematical
model can also be utilized to analyze the cooling capac-
ity requirements of displacement controlled systems to
possibly reduce the cooler size. Future work will in-
clude the simulation of different hydraulic architectures
such as larger excavators or other off highway vehicles
to extend the validity of the model.

Nomenclature

Pr Prandtl number [-]

)4 Pressure [Pa]

0 Flow rate [m?/s]

Q Rate of heat rejection [W/s]

R Thermal resistance [(m2-°C)/W]

Re Reynolds number [-]

T Temperature [°C]

t Time [s]

V Volume [m?]

v Fluid velocity [m/s]

w Work [W]

s Volumetric thermal expansion [1/°K]

Poump  Pump swash plate angle [% of max]

Y/ Viscosity [Pa-s]

v Kinematic viscosity [m?/s]

p Density [kg/m’]

Subscripts

A Port A

accu  Accumulator

act Actuator

air Air

B Port B

cool  Cooled oil

cooler Hydraulic cooler

con  Convection

cp Charge pump

e engine

f Fluid

fan Fan motor

fcps  Fan and charge pump system

hot Hot oil

i Inner diameter and inner area

in Flow, mass flow and enthalpy into the control
volume

Ip Low pressure

0 Outer diameter and inner area

out Flow, mass flow and enthalpy out of the control
volume

oil Hydraulic oil

pump Hydraulic pump

res Hydraulic reservoir

sc Slew motor case

slew  Slew motor

sur Surrounding

valve Load holding valve

w Wall
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A Area [m?]

a Cube side length [m]

Cp Specific heat [kJ/(kg-°C)]
Dy Hydraulic diameter [m]

d Diameter [m]

g Gravity [m/s*]

Gr Grashof number [-]

h Specific enthalpy [Nm/kg]

K Hydraulic oil bulk modulus [bar]

keon  Convection coefficient [W/(m2-°C)]
k Conduction coefficient [W/(m-°C)]
ke Fluid heat transfer coefficient [W/(m*°C)/(m’/s)]
M Torque [N'm]

m Mass [ke]

m Mass flow rate [kg/s]

Nu Nusselt number [-]

n Rotational speed [rpm]

P Power [W]
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