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Abstract

Mobile earthmoving machines typically do not have wheel suspension. Consequently, vehicle dynamics are under-
damped, and operators experience vibrations of low frequency and high amplitude which are detrimental to health,
comfort and productivity. For most vehicles, the state of the art for improving ride quality is passive energy dissipation
via seat dampers and hydraulic accumulators connected in parallel to the actuators. Alternatively, ride quality may be
enhanced by active control of the seat or working actuators. In the present work, active vibration damping is considered
for a skid-steer loader based on control of the flow rate to the boom lift cylinders with a variable displacement pump. A
four degrees of freedom vehicle dynamic model is derived for linear motion in the vertical and horizontal directions,
pitching angle, and boom motion with respect to the chassis. Dynamics of the hydraulic pump and actuator are also
modelled. Considering the requirements of the intended application, the feedback control design emphasizes simplicity
of implementation. The control law is a multi-DOF version of the well-known “skyhook damper” principle, where the
control force is proportional to the vehicle velocity. Cascaded feedback loops of pump displacement and pressure pro-
duce the required force. An experimental evaluation was conducted according to ISO 2631-1 (1997) to measure the
effect of the active controller on whole-body vibration as perceived by the operator. The active damping system reduced
total vibration by as much as 34% and was consistently superior to a commercially available passive damping solution.
Another controller with only pressure and position feedback was also tested; its performance was similar to the passive
accumulators.
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1 Introduction

Many off-road vehicles such as wheel loaders, skid-
steer loaders, tractors and backhoes have no wheel
suspension. Although necessary for stiffness while
carrying loads, the lack of suspension causes poor ride
characteristics, including low frequency vehicle oscilla-
tions. Low frequency vibration is detrimental to the
comfort and safety of the operator (ISO 2631-1, 1997)
and may limit the maximum travel speed of the vehicle.

1.1 State of the Art

The most common solution for reducing vibration
in mobile loaders involves adding passive devices to
increase the damping of the hydraulic system. One or
more accumulators are connected in parallel to the
boom lift cylinders. The accumulators dissipate kinetic
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energy through flow restriction losses as the boom oscil-
lates relative to the vehicle chassis. Passive “ride control”
systems are commercially available for many wheel load-
ers and skid-steer loaders. This technique considerably
improves the ride characteristics. Latour and Biener
(2002) demonstrated >40% amplitude reduction in pres-
sure oscillations on a small wheel loader with accumula-
tors for vibration damping. One disadvantage of this ap-
proach is that the accumulators reduce the actuator stiff-
ness necessary for lifting and moving loads. Conse-
quently, additional components must be added to discon-
nect the accumulators while the cylinders are working and
to equalize the actuator and accumulator pressures before
reconnecting,

An alternative strategy is active vibration damping, in
which an electronic controller, sensors, and electrohydrau-
lic valves are used to reduce oscillation. Compared to
traditional passive damping techniques, active damping



Christopher Williamson, Shinok Lee and Monika Ivantysynova

offers greater performance and flexibility. Researchers
have investigated active damping for wheel loaders, agri-
cultural tractors, excavators, and other mobile applica-
tions. Most of these projects used the existing actuator
control valves for vibration damping. A few strategies
involving an additional control valve have also been pro-
posed. The review paper by Rahmfeld and Ivantysynova
(2004) provides a good summary of this research.

The majority of the previous research for wheel loaders
and tractors has focused on reducing vibration by control-
ling actuator pressure and position. A few publications have
considered acceleration feedback (Berger and Patel, 1999;
Frediani et al., 2004; Rahmfeld and Ivantysynova, 2003) in
the vertical direction only. A single paper in the literature
considers active damping for a skid-steer loader (Hansen,
Andersen and Conrad, 2002). A novel strategy for reducing
pitch oscillation by controlling the drive motor torque was
proposed, but no measurements were published. In nearly
all of the existing literature, the control systems for active
damping are based on classical single-input, single-output
feedback loops for position, pressure, etc. which are
summed to form the command signal.

Operator comfort may also be improved by active or
semi-active damping of the operator’s seat. Active control
of seat vibration is commercially available on some large
agricultural tractors and also has been the subject of aca-
demic research by multiple authors. The interested reader is
referred to (Klooster, 2004) for a comprehensive bibliogra-
phy.

One weakness of previous research is the lack of rig-
orous experimental evaluation. From the papers cited here,
it is unclear to what extent reductions in the measured
variables (e.g. hydraulic pressure, machine acceleration)
correspond to improvements in quantities of interest such
as operator comfort and machine productivity. The present
work attempts to fill this gap by adherence to international
measurement standards (ISO 2631-1, 1997).

1.2 Active Damping with Displacement Control

Displacement-controlled (DC) actuation refers to a
variable displacement pump connected to a single or
double-rod cylinder in a closed hydraulic circuit, as in
Fig. 1. This “valveless” or “pump-controlled” concept
offers several advantages over traditional valve control,
including higher efficiency and linear dynamic charac-
teristics. Other DC circuit configurations exist, such as

the open-circuit solution developed by Heybroek
(2008). Active vibration damping using DC actuators
was first proposed by Rahmfeld and Ivantysynova
(2003) with application to a medium-sized wheel loa-
der. Measurements of vertical cabin acceleration and
cylinder pressure showed amplitude reductions up to
30% with active control (Rahmfeld, Ivantysynova and
Eggers, 2004). In simulations comparing active damp-
ing using load-sensing valve control and pump dis-
placement control for this application, the DC solution
required 45-60% less energy for position and accelera-
tion control, depending on the bucket load (Eggers,
Rahmfeld and Ivantysynova, 2005).

low pressure
charge supply

.

-

Fig. 1:  Basic displacement control circuit

1.3 DC Skid-steer Loader

More recently, the authors have developed a similar
DC hydraulic system for a 3.5 ton skid-steer loader
(Fig. 2). Although the primary objective of the project
was to conserve fuel, an active control system for im-
proving operator comfort adds value for the additional
cost of only a few sensors. The goal of the present work
is then to design and test a method for reducing vehicle
vibration with DC actuators. The original contribution
of this paper compared to previous publications is a
more sophisticated dynamic model and control law,
along with better experimentation.

The authors present a dynamic model of the loader
hydraulic system and a 4-DOF model of vehicle motion
in section 2. Control design and analysis are covered in
section 3. Section 4 reports measurements for parame-
ter identification and model validation as well as an
experimental evaluation of the control system.
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Fig. 2:  Hydraulic schematic of DC skid-steer loader boom and bucket functions
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2 Mathematical Model

This section covers the derivation of an analytical
model of the machine dynamics. A more detailed, nu-
merical simulation model was also constructed in Mat-
lab/Simulink (Williamson and Ivantysnova, 2007).

2.1 Multi-body Vehicle Dynamics

The multi-body dynamics of the skid-steer loader
are modeled with the Newton-Euler method, in which
equations of motion are written for each body individu-
ally and then combined by the forces and kinematic
constraints between them. Planar motion and rigid
bodies are assumed.

A side view of the skid-steer loader is shown in Fig.
3. The wheel axles and boom joints are labeled alpha-
betically. The global coordinate origin is defined at
point O, the location of the loader’s center of gravity at
equilibrium. The origin is fixed in space and does not
translate or rotate as the machine moves. All forces,
torques and accelerations are calculated with respect to
these Cartesian coordinates. A local coordinate frame is
attached to each body at its center of gravity and is
used to define position vectors and body orientation.

Fig.3: Loader geometry, reference points and global
coordinate frame

D= s E

Fig. 4:  Definition of actuator geometry

Since the loader has no mechanical suspension, ride
characteristics are dominated by the tires. The tires are
modeled as simple spring-dampers in two orthogonal
directions, as in Fig. 5 and Eq. 1 to 4. Planar motion is
assumed, so only two tires are modelled (i.e. the left
and right sides are lumped together). The loader weight
Fg is eliminated from the equations of motion by
measuring the axle positions from static equilibrium.
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Fig. 5:  2-DOF linear tire model

Fyy = —kyya —cydn M
Fy =~k X, —c ¥, )
By = —kXg — 03y €)
Fyy = —kyyg =y 4

Body 1 is the frame or chassis of the loader, illus-
trated in Fig. 6. Position and orientation are measured
at point H from the global coordinate frame at point O.
Point H is the center of mass of the loader chassis and
coincides with point O when the machine is at rest. The
chassis orientation #, is the angle of rotation about the
z-axis.

Summing forces and moments about H, the equa-
tions of motion for the chassis are given in Eq. 5 to 7.
Fax, Fay and M, are disturbance forces and moments
due to driving over uneven terrain. For notational sim-
plicity, these disturbances are modelled as being ap-
plied directly to the chassis center of gravity rather than
at the tire surfaces. Vehicle motion in the vertical direc-
tion y is termed bounce or heave, and angular motion in
the @ direction is called pitch.

Fyo + Foo + Foy + o + Fy = mixy (5)
FAy+FBy+FCy+FD12y+P:Iy:mlj}ll (6)
FAxrAHy + FAyrAllx + FerBIly _FByrBllx + M,
_FerClly - FCerllx - FDIZerIIy - FDIZyrDle (7)
= Jlél

Distances between points on a body are defined as
in Eq. 8 to 9, where 0,y is the constant angle and ray is
the constant distance between points A and H on body
1. Forces are defined by their direction and point of
application. For example, Fsy is the force at A in the
global x-axis direction.

Farx = abs(’”An COS(QI +0AII)) ®)
Fany = abs(rAll Sin(01 +0, )) )
7
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Fig. 6:  Chassis force diagram

Fig. 7:  Boom force diagram

Fig. 7 depicts the forces on the loader boom. For
modeling purposes, the bucket is assumed to remain in
a fixed position relative to the boom. The center of
mass of the boom and bucket together is located at G.
Summing forces and moments for the boom gives Eq.
10 to 12. As before, the gravitational force drops out of
the equations by defining positions and the actuator
force to be zero at static equilibrium.

Flpy + Fix = myXg (10)

Frpy + Fey = m, 3 (11)
_lejrncy _FDZIyrDGx _anrncy _Fnyrncx (12)
=J,06,

Internal forces between the boom and chassis at D
are equal and opposite, as in Eq. 13 to 14.

Foory =—Fpia, (13)
FDZI) = _FDI2> (14)

The forces at C and E are a function of the hydrau-
lic actuator force F,, defined later in Eq. 31.

FE cosy=F, =-F (15)

act
Fosiny=F, =-F, (16)

act

Since the boom rotates about the chassis and re-
mains connected at point D, kinematic constraints must
be added to the equations of motion. A closed loop of
position vectors is constructed from the global origin O
to the axis of rotation D through both bodies (Eq. 17).
The second derivative of Eq. 17 gives the constraint
equations for the body accelerations (Eq. 18 and 19).

Vo Ty =T50 T Tog 17)

Xg = —rpy cos(Gpy +6, )6’12
o Sin (O +6, )0, + 1y, c0s (G + 6, )6, (18)

+ipg Sin (Opg + 6, )0, +

Vg =~y sin (G +6, )912
+1ipy1 €08 (O +6,) 6, + 1y sin (G +6,) 6, (19)

~T €08(Op +6,) 0, + iy,
Combining Eq. 10 to 14 with Eq. 5 to 7 yields the
remaining equations of motion for the skid-steer loader.
mxy +mig —F —Fy —F, =0 (20)
mlj}HerZj}G_FAy_FBy_F'dy:O (21)

“Touy My X6 — Toux M Ve +J,6, _FAxrAlly

_FAyrAle _FerBl[y +FByrBIIx -M, (22)
= FEx (rCIIy _rDIly)+FEy (rCIIx _rDIIx)
TogyMyXg —Tpax My Vg +J,6,
=Fp, (rDGy _rEGy)+FEy (rDGx _rEGx)

Define a generalized coordinate vector ¢ and Eq. 20
to 23 can be written compactly as a matrix equation
(Eq. 25).

(23)

T

q:(xc Yo Xy Yu 6 92) 24)

M(q)ii+C (4.4)+ K (a)+ D(4)
= F,. (4,4 P> P5)

M contains masses and inertias, C represents cen-
trifugal forces, K is a vector of forces due to tire stiff-
ness, D is a vector of tire damping forces and F, is a
vector of actuator forces and torques. Actuator and
joint friction is lumped with the actuator force vector.

(25)

2.2 Modal Analysis

Before proceeding to the hydraulic system model, a
vibration analysis will give more insight into the dy-
namics of the vehicle model derived in the previous
section. To study undamped free vibrations, the coeffi-
cient matrices from Eq. 25 are linearized with the as-
sumption that the coordinates ¢ remain within a small
region about a single operating point. Damping and
centripetal terms are neglected, which are small any-
way. Equations 18 and 19 are substituted into Eq. 20 to
23 so that the new coordinate vector p contains only the
independent degrees of freedom. The equations of
motion can then be written as Eq. 27. The coefficient
matrices are expanded in Eq. 32 to 34.

P:(xu Yu 6 02)T (26)
Mp+Kp=0 27)
e (L1

keq - ApKoil [VA + VB J (28)
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Fig. 8:  Single rod actuator

For this analysis, the hydraulic actuator is assumed
to behave like a linear spring whose equivalent stiffness
is due to the fluid compressibility, as in Eq. 28. The
undamped natural frequencies and mode shapes of the
system can be found by solving Eq. 27. The eigenval-
ues of -M'K are listed across the top row of Table 1
with the normalized eigenvectors below. As evidenced
by Table 1, the vibration modes are strongly coupled.

2.3 Hydraulic Actuator Dynamics

The loader’s lift cylinders are single-rod, double-
acting linear actuators, as shown in Fig. 8. The piston
area ratio a is defined as the ratio of the annular area on
the rod side to the total surface area of the piston.

A -4,
a =
A

P

(30)

The net actuator force is defined in Eq. 31, where F;
represents force due to friction (see section 4.1.1). As
noted previously, p, and pg are defined to be zero at
steady state.

Fact:Ap(pA_apB)_F} (31)

Referring to Fig. 4, ¢ is the boom angle relative to
the chassis, which is defined as ¢ = 6, - ;. The actua-
tor’s linear velocity can be related to the angular veloc-
ity of the boom with its kinematic Jacobian, as in

. } 0 o 0 0
-M'K)= 2 29
eig( )=l o G ol 0 (29)
0 0 0 o
Table 1: Natural frequencies and mode shapes
Mode ay a 0 ay
Freq. (Hz) 13.4 5.6 4.8 2.9
XH 0.22 1.00 043 -0.78
VH 0.22 -0.65 0.89 -0.10
0, 1.00 -0.08 -0.39 0.39
0, -0.70 0.37 1.00 1.00
m 'gmz 0 “Touy M, Toay M
m, +m ) A )
M = 1 2 5 o7 DGx 2 32
oMy o, (rDI[y + o ), +J, _(rDIv[yrDGy ;"VDIIXVDGX Y, (32)
Tbay M, Tbax My _(rDHyrDGy F oo ) (”L;Gy + e )My +J,
=2k, 0 _(rAIIy + ey e, 0
0 _Zkly _(rAIIx ~ TBhx )kly 0
ox
K= _(rAIIy + Tany )klx _(rAIIx ~ TBx )kly K33 _a(rcuy ~ "oy )kcq (33)
ox
0 0 5(/7 (rCIIy - any) eq %(Fﬂly - any )kcq
2 2 2 2 ox
Ky = _(rAIIy + Touy )klx _(rAllx +rBle)kty +%( CHy _rDlly)kcq (34)
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axcyl .
= 20

Pressure in the cylinder chambers is a function of
flow rate and piston velocity. Internal leakage QO

across the piston seals is defined in section 4.1.2 and
external leakage is neglected.

chl (35)

DPa = %[QA _Apfccyl _QL:| (36)
A
p =ﬁ[—g +a A +Q] (37)
B VB B cyl L

2.4 Pump Dynamics

The heart of the DC hydraulic system is a variable
displacement pump. On the DC skid-steer loader, the
boom cylinders are connected to a 46 cc/rev, axial
piston swash plate controlled with a high-speed propor-
tional valve (40 I/min at 75 bar, 90 Hz -3 dB bandwidth
at £ 10 %) and an angular sensor for swash plate posi-
tion feedback.

Pump dynamic modelling and control design were
considered in detail by Grabbel and Ivantysynova
(2005). The authors of the current work created a simi-
lar pump model and designed a gain-scheduled propor-
tional control law for displacement feedback. For pur-
poses of modelling and simulation, the closed-loop
pump dynamics can be closely approximated by a rate-
limited second order transfer function, as in Fig. 9. V, ¢
is the desired pump displacement and V}, is the actual
pump displacement. Parameter values are listed in
Table 2. The low-amplitude bandwidth of the pump is
primarily determined by the dynamic characteristics of
the control valve (Grabbel and Ivantysynova, 2005).
For larger displacements, the swash plate speed is lim-
ited by the flow rate through the control valve. Since
the control pressure is rather low (20 bar), this flow
saturation effect is significant.

Table 2: Pump dynamic parameters

Parameter Value Unit
wy 223 Hz
& 0.53 -
; 3
pmax +1.24 m’/s
Vp,rcf a)pz Vp

2 2
$*+28,0,5+ o,

Closed-loop pump Rate limiter

dynamics
Fig. 9:  Simplified model of pump and control valve dynam-
ics with displacement feedback
2.5 Model Validation

Simulation results were compared to measured data
to check the accuracy of the previously developed
model. Fig. 10 shows the free response of the skid-steer

10

loader while driving over a single obstacle at 17 km/h,
transformed to the frequency domain The plots clearly
show peaks at roughly 2 and 4 Hz, close to the ex-
pected mode frequencies from Table 1. The other two
modes have lower amplitudes and are not as prominent
in the data.

Loader Acceleration
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Fig. 10: Frequency spectra of measured chassis accelera-
tion in the x, y and 0 directions

3 Control System

3.1 Preliminary Considerations

Low frequency vibrations while driving are induced
by disturbance forces on the wheels from rough terrain.
For active damping, the control problem is to vary the
flow rate to the boom lift actuator such that the vibra-
tion caused by output disturbances is reduced. The
skid-steer loader application requires that the control
system be relatively simple, requiring no additional
actuators, inexpensive sensors and low computational
requirements. For this reason, the authors opted for
simplicity where possible in the control design.

Active vehicle suspension systems are often de-
signed by optimal control techniques, where the objec-
tive function represents a tradeoff between measures of
performance and comfort (Hrovat, 1997). LQR and
H,/H,, techniques lead directly to a linear control law
based on state feedback. Such an approach was at-
tempted previously for the DC skid-steer loader (Wil-
liamson, 2007). There are several important disadvan-
tages to such a design. Most of the system states
(namely chassis position and velocity in several direc-
tions) cannot be readily measured. These states are
observable and can be estimated based on measurable
outputs, but an observer requires more computational
effort and is sensitive to variations in model parame-
ters. Moreover, such a design does not explicitly con-
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sider the undesirable interaction between plant and
actuator dynamics (Zhang and Alleyne, 2005). To
avoid this effect in active vehicle suspensions, Zhang
and Alleyne proposed a reformulation of the problem
such that the actuator tracks a desired trajectory rather
than a desired force. Unfortunately, this method cannot
be implemented on the loader because of the high rela-
tive degree between the measurable variables (chassis
acceleration and boom position).

Active vibration damping of civil engineering struc-
tures often makes use of modal control, in which meas-
ured vibration is decomposed into separate modes and
the control law is designed in uncoupled modal coordi-
nates (Alkhatib and Golnaraghi, 2003). Such a system
must consist of sufficient sensors and actuators to
measure and control the desired modes. Although the
skid-steer loader exhibits motion in multiple degrees of
freedom, only a single actuator is available for vibra-
tion control.

As an alternative, the “skyhook damper” approach
offers many of the benefits of state feedback with the
simplicity of static output feedback (Karnopp, 1995).
The idea is to define a control law such that the control
input (force) is proportional to the velocity of the body
with respect to a stationary inertial reference. In com-
bination with position feedback, this scheme has been
successfully implemented in many applications (see
Camino, Zapieri and Peres, 1999, for example). Inertial
“skyhook” damping is an appropriate choice for the
skid-steer loader.

3.2 Control Design

The first step in designing a linear control law is
converting the nonlinear model Eq. 25 to the familiar
linear, time invariant (LTI) state space form (Eq. 38).
This is essentially the same as Eq. 27, but with damp-
ing and actuator forces included and an expanded state
vector for a set of first order differential equations.

.V:(xu u 91 (D)T (40)

The system’s single input u is the actuator force,
F.. The outputs are the chassis velocities and the
boom angle ¢. The pump and actuator dynamics are
neglected for now, but will be revisited in a moment.

A static output feedback of the form u = -Kpy acts
as an inertial damper on the loader chassis for its three
degrees of planar motion, plus a proportional position
regulation to maintain the boom angle within a small
range. The chassis velocities are difficult to measure
directly, but can be easily approximated by integrating
acceleration. The optimal gains Ky, are determined by
minimizing a linear quadratic cost function in terms of
output feedback (Lewis, 1992). For the infinite horizon
(steady state) case, the LQR objective function reduces
to a function of the system’s initial state or initial auto-
correlation of the state (Eq. 41). The solution and feed-
back vector are obtained from the simultaneous solu-
tion of the three matrix equations Eq. 42.

J= % f (" Qu+uRu it = %xT (0)Px(0) (41)

AP+PA +C'K,RK,C+Q=0
A S+SA, +x"(0)x(0)=0 (42)
RK,CSC'-B'PSC" =0

Although the boom lift cylinder is not in the ideal
position and orientation for service as an active dam-
per, it can still significantly attenuate the loader’s dis-
turbance response in the y and 6 directions (see Fig. 12,
for example).

Now that the structure of the active damping con-
troller is clear, the question is how to produce the de-
sired actuator damping force. The most direct way to
accomplish this task would be to install a force sensor
on one of the actuator joints and vary the pump flow
rate to produce the desired force. To reduce the cost of
implementation, the actuator piston-side pressure p, is
controlled instead. The rod side pressure pp is con-
nected to the charge line and its pressure does not vary
as much. Friction increases the system damping, so
neglecting its effect on actuator force serves the in-
tended goal anyway.

Actuator and loader

Pump dynamics dynamics

- Q
displacement | | @ [ =A

control

x=Ax+Bu
(38)
y=Cx
. N A - \T
x:(xn Xau Yu Wn ‘91 ‘91 92 ‘92) (39)
PAret Pressure
control
. V
D High-pass filter P

k

Velocity and position |

Disturbance

-
control

A

©
S

pA,ref = _bev <

Fig. 11: Control block diagram
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Bode Diagram
From: Md To: dde1

Magnitude (dB)
o

-100

-200 + ~ b
————— open loop \

closed loop o B

Phase (deg)

-300 -

10'
Frequency (rad/s)
Fig. 12:  Effect of output feedback on frequency response of
pitch disturbance transfer function

The control structure consists of cascaded feedback
loops, as shown in Fig. 11. The output feedback gives a
reference pressure pa ., Which is tracked by a pressure
control loop. The innermost loop controls the pump
displacement V), which is nearly proportional to the
outlet flow rate at constant rotational speed. A simple
proportional pressure feedback Vet = kp(Parer - Pa)
was found to provide acceptable performance with
good robustness to the nonlinear rate limitation charac-
teristic of the variable displacement pump, as discussed
in section 2.4. The closed loop dynamics of the actuator
pressure can be approximated by a reduced-order trans-
fer function, Eq. 43.

pals) 28105 - 6361
Pas(8) 87 +222.35% +63285 +78910

(43)

For calculating gains, Eq. 43 was combined with
Eq. 38 so that actuator dynamics were included in the
loader model and the output LQR algorithm guaranteed
stability.

3.3 Control Implementation

The active damping control law was implemented
on the DC skid-steer loader with an 800 MHz embed-
ded PC running Mathworks xPC Target real-time oper-
ating system. The sampling time was 1 ms. A few
modifications to the controller were necessary for prac-
tical implementation. Pressure feedback required that
the actuator pressure signal be passed through a high-
pass filter to remove the steady state component due to
the weight of the boom and bucket. Loader velocity
was calculated from measured acceleration with a

semi-integrator of the form with a small 1 to

s+7
avoid the signal drift associated with pure integration.
The feedback gains Ky, were fine-tuned online. Parame-
ter values are listed in Table 3. All feedback and con-
trol signals were normalized, so the gains are dimen-
sionless. The infinity norm (maximum absolute value)
for normalizing feedback signals was 19.62 m/s* (2 g)
for linear acceleration, 20 rad/s® for angular accelera-
tion and 33° for angular position. For the pressure feed-

12

back loop, ||pall. was 100 bar with an empty loader
bucket and 200 bar with a concrete-filled bucket.

Table 3: Control parameters

Parameter Value Unit
K (2.75 5.10 —4.0 -0.22) -
T 10 rad/s
ky 0.5 -

Linear chassis acceleration was measured with a tri-
axial accelerometer mounted on the side of the loader
at its center of gravity (point H in Fig. 6). Pitch accel-
eration was estimated by measuring vertical accelera-
tion with another sensor near the front of the chassis,
calculating the difference between its value and Yy

and dividing by the distance between them.

The control law described in section 3.2 requires
acceleration feedback, with pressure feedback in a
cascaded loop. An even simpler method is based on
pressure regulation only, i.e. parr = 0. Such an ap-
proach could be termed a “virtual accumulator” or
passivity based controller because it operates according
to the same principle as connecting an accumulator to
the actuator. The virtual accumulator controller was
also implemented and tested for comparison to active
damping with acceleration feedback.

4 Vehicle Measurement

4.1 Parameter Identification

Most of the model parameters, such as geometry
and mass properties, were obtained from the manufac-
turer. Parameters related to the tires and hydraulic seals
had to be identified empirically.

4.1.1 Measurement of Actuator Friction

Measurements of actuator friction were conducted on
the skid-steer loader. The boom cylinders were repeat-
edly extended and retracted with varying rates and loads.
Since a direct force measurement was not available,
friction was calculated from pressures and cylinder mo-
tion according to Eq. 44. In this equation, F; is the fric-
tion force, F7 is the load force on the actuators due to the
weight of the boom and bucket, and m, is the equivalent
linear inertia of the boom and bucket. With known load
masses, weight and inertia could be accurately estimated.
Acceleration was calculated from measured position.

Ff :meqjéact+FL_A-p(pA _OCPB) (44)

Mixed friction is often modelled with the Stribeck
curve, Eq. 45, with static, Coulomb, and viscous fric-
tion terms. Intuition suggests that seal friction should
also be a function of fluid pressure.

Fr = fe “Msign(v)+ fosign (v)+ £, (45)

The best fit to the friction data was obtained by modi-
fying Eq. 45 so as to make the Coulomb friction depend-
ent on both pressure and velocity and using a hyperbolic
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tangent function as a continuous approximation of sign(v).

Ff = fseirs‘xm‘ tanh(yxact)'i_fcpA +fvxact (46)

The linear coefficients in Eq. 46 were identified by
multiple least-squares regression. The nonlinear coeffi-
cients (r; and y) were also identified iteratively to
minimize the sum of squared errors. Coefficient values
are tabulated along with the R? and standard deviation s
for the regression model in Table 4.

Table 4: Friction coefficients

Parameter Value Unit

fs 17.0 kN
T 40 s/m

y 5.7 s/m
fc 10.7 N/bar
S 8.13 kN-s/m
R’ 0.831 -

s 0.767 kN

4.1.2  Measurement of Fluid Compressibility

A similar test was conducted to identify parameters
for seal leakage and fluid compressibility. The objec-
tive was to identify parameters in Eq. 36, where the
volumetric leakage across the piston seals is a function
of pressure and velocity (Eq. 47).

O = kLp (PA —PB ) =Ky Xpet 47)

The boom cylinders were repeatedly extended and
retracted while measuring boom angle, pump swash
plate position, and pressure at the pump inlet and outlet
ports. The actuator velocity was calculated kinemati-
cally from the boom velocity. Flow rate O, was esti-
mated from pump displacement. Equation 36 was rear-
ranged to be linear in the coefficients for least squares
regression (Eq. 48). Parameter values are listed in Ta-
ble 2 along with standard deviation estimate s.

1
%, A =C+—p,V,
QA act*p KOH pA A (48)

+kLp (pA - pB ) + kvaact

Because derivatives of pressure and cylinder posi-
tion were calculated numerically, signal noise pre-
sented more of a concern. A robust regression algo-
rithm was used to reduce the influence of noise.

Table 5: Parameter values for fluid compressibility
and actuator seal leakage

Parameter Value Unit
C -3.2¢-4 m’/s
Kol 1.64€9 Pa
ki, 2.87e-11 m’/s-Pa
kiy -5.0e-4 m’
s 2.09¢-4 m’/s
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5.3 Measurement of Vehicle Vibration

Active damping performance was evaluated by
measuring acceleration perceived by the vehicle opera-
tor while driving over obstacles on a test course. Vibra-
tion was measured and analyzed according to the basic
evaluation method specified by ISO 2631-1 (1997). A
specially designed accelerometer mounted on a rubber
pad (PCB Piezotronics 356B41) was placed in between
the operator and the seat. Translational acceleration at
the seat’s supporting surface was measured in three
directions (ax, ay, a,). Angular acceleration ay was
estimated as described in section 3.3.

The raw acceleration signal in each direction i was
weighted by a corresponding filter W(s) according to
human sensitivity to vibration, giving the frequency
weighted acceleration ay; = Wi(a;). The root-mean-
square value of each weighted acceleration signal was
then calculated, as in Eq. 49. Total vibration exposure
was then determined by combining the weighted RMS
accelerations according to Eq. 50 where &; = 1 for the
linear directions and &y = 0.4.

T %
I 2
a, = {T Ojam. (z)dz} (49)
_ 2 2 k2 2 k2 2 kZ 2 % 50
atolal _( xawx + yawy + z a\\'z + 0 awe) ( )

Vehicle vibration was measured at low and high
drive speeds (9 and 18 km/h) and low and high bucket
masses (340 and 770 kg). The test course consisted of
five wooden boards 4 cm tall spaced evenly on a paved
concrete surface. The obstacle spacing was 6 m for low
speed and 9 m for high speed. Four trials were repeated
for each combination of speed, load and control. The
four control conditions tested were (1) baseline condi-
tion with no extra damping, (2) passive damping with
accumulators, (3) active damping by pressure regula-
tion, “virtual accumulator”, (4) active damping by
multi-DOF velocity regulation, “skyhook damper”.
Figure 15 compares the mean a,, for each measured
condition. Table 6 lists the mean change in total vibra-
tion and t-test p-values compared to the baseline for
each combination of load and vehicle speed.

Loader Impulse Response
20

without damping
with active damping {{

-
6]

Vertical acceleration (m/sz)
& o 13 )
EER AR AR R AR AR AR AL LA

EN
o

[RERRVEEEED)

0.5 1 1.5 2 2.5
Time (s)

Fig. 13: Vertical acceleration measured at seat while driv-
ing over a single obstacle at 9 km/h with empty
bucket, with and without active “skyhook” damping
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Fig. 14: Vibration measurement summary. Error bars de-
note 95% confidence intervals

Table 6: Reduction of total acceleration for passive
and active damping methods

Speed/ Stats | Passive | Virtual |Skyhook
Load Damping | Accu. | Damper
Low A (%) -26.4 -22.6 -33.6
Low p-value | 0.0001 0.0003 0.0000
Low A (%) -1.3 6.0 2.5
High p-value | 0.2683 0.0159 0.0046
High A (%) -2.6 -1.1 -17.4
Low p-value | 0.1548 0.6377 0.0004
High A (%) -10.7 -16.1 -14.4
High p-value | 0.0038 0.0007 0.0008

Vehicle measurements clearly demonstrated the ef-
fectiveness of active vibration damping. Multi-DOF
velocity feedback provided the best performance over-
all, reducing total acceleration up to 34 %. The combi-
nation of low travel speed and high bucket load pro-
duced relatively small accelerations; vehicle vibration
was more or less the same with or without additional
damping for that case. For all other trials, active damp-
ing with velocity feedback significantly improved ride
comfort and outperformed the commercial passive
accumulators. Results for the active virtual accumulator
were about the same as the passive system.

5 Conclusions

The objective of this paper was to develop and de-
monstrate an active vibration damping system for a
displacement controlled skid-steer loader using the
boom lift cylinders as the control actuator. The main
topics are summarized as follows:

A 4-DOF multibody vehicle model was developed
to describe the motion of the loader chassis and boom.

14

Dynamic characteristics of the electro-hydraulic
pump and boom lift actuators were modeled. Parame-
ters related to the actuator seal leakage and friction
were identified experimentally.

An active damping control law was designed based
on static output feedback of the loader velocity for
three directions of planar motion, plus the boom angle.

The control input for vibration damping is a force,
so cascaded feedback loops of pump displacement and
pressure were required to create the desired force. The
pump’s dynamic response has a strong effect on the
active damping performance, particularly for large
amplitudes.

Measurements indicated that the active damping
system reduced total vibration by up to 3 4%, consis-
tently surpassing passive dampers. An abbreviated
algorithm utilizing only pressure and position meas-
urements reduced vibration by <23 %.

Experimental results provide sufficient proof that
the concept of active vibration damping without addi-
tional actuators can be applied successfully to a skid-
steer loader. A more rigorous assessment of parameter
variation and controller robustness will be presented in
a future publication. The significance of angular motion
in the roll direction (rotation about the x-axis) will also
be considered in a future work.

Nomenclature
a cylinder piston area ratio [-]
o boom angle relative to chassis [rad]
y actuator angle relative to horizontal [rad]
o angular position of loader chassis [rad]
relative to global coordinate frame
0, angular position of loader boom rela- [rad]
tive to global coordinate frame
@ frequency [rad/s]
¢ damping ratio [-]
A mean change in measured total vibra-  [%]
tion
Ap cylinder piston area [m?]
A, cylinder rod area [m?]
F force [N]
F.« hydraulic actuator force [N]
F actuator friction force [N]
J centroidal mass moment of inertia [kg'm?]
Ky fluid bulk modulus of elasticity [Pa]
Ky, output feedback gain vector [-]
My disturbance moment [N'm]
0 flow rate [m?/s]
¥V fluid volume [m’]

b pump displacement volume [m*/rev]
o) coefficient of tire damping [keg/s]
keq  actuator equivalent stiffness [N/m]
ki coefficient of internal leakage [m’/Pas]
ks pressure feedback gain [-]
ke coefficient of tire stiffness [N/m]
m mass [kg]

p fluid pressure [Pa]
r distance between two points [m]
r position vector [m]
X horizontal position [m]
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Xat  actuator piston position [m]

Xy horizontal position of loader chassis ~ [m]
center of gravity relative to global
coordinate frame

v actuator velocity [m/s]
y vertical position [m]
VH vertical position of loader chassis [m]

center of gravity relative to global
coordinate frame

References

Alkhatib, R. and Golnaraghi, M.F. 2003. Active
Structural Vibration Control: A Review. Shock and
Vibration Digest, Vol. 35, No. 5, pp. 367-383.

Berger, A.D. and Patel, K.B. 1999. Active Ride Con-
trol System for Off-Road Vehicles. US Patent No.
5,897,287.

Camino, J., Zampieri, D. and Peres, P. 1999. Design
of a Vehicular Suspension Controller by Static Out-
put Feedback. Proceedings of the American Control
Conference, San Diego, California, USA.

Eggers, B., Rahmfeld, R. and Ivantysynova, M. 2005.
An Energetic Comparison Between Valveless and
Valve-Controlled Active Vibration Damping for Off-
Road Vehicles. The Sixth JFPS International Sympo-
sium on Fluid Power, Tsukuba, Japan, 2005.

Frediani, S., Gianoglio, R. and Weber, J. 2004. Elec-
tro Hydraulic Active Ride Control. Proceedings of
the Fourth International Fluid Power Conference
(4.IFK), Dresden, Germany, 2004.

Grabbel, J. and Ivantysynova, M. 2005. An Investiga-
tion of Swash Plate Control Concepts for Displace-
ment Controlled Actuators. International Journal of
Fluid Power, Vol. 6, No. 2, pp. 19-36.

Hansen, M.R., Andersen, T.O. and Conrad, F. 2002.
Control of Oscillations in Hydraulically Driven Oft-
Highway Vehicles. Bath Workshop on Power
Transmission and Motion Control (PTMC 2002),
pp- 81-94.

Hesse, H. 1995. Active Oscillation Damping for Off
Road Vehicles. 4" Scandinavian International Con-
ference on Fluid Power (SICFP’95), pp. 1152-
1172, Tampere, Finland.

Heybroek, K. 2008. Saving Energy in Construction
Machinery using Displacement Control Hydraulics.
PhD Thesis. Division of Fluid and Mechanical En-
gineering Systems, Department of Management and
Engineering, Linkoping University, Linkoping,
Sweden.

Hrovat, D. 1997. Survey of Advanced Suspension De-
velopments and Related Optimal Control Applica-
tions. Automatica, Vol. 33, No. 10, pp. 1781-1817.

International Organization for Standardization
1997. ISO 2631-1 (1997): Mechanical vibration
and shock - Evaluation of human exposure to who-

International Journal of Fluid Power 10 (2009) No. 3 pp. 5-16

le-body vibration - Part 1: General Requirements.
International Organization for Standardization. Ge-
neva, Switzerland.

Karnopp, D. 1995. Active and Semi-Active Vibration
Isolation. Journal of Mechanical Design, Vol. 117,
Issue B, pp. 177-186.

Klooster, S. 2004. Vibration Suppression and Safety
Seat Motion Design of a Hyper-Active Seat. MS
Thesis. School of Mechanical Engineering, Georgia
Institute of Technology, USA, pp. 113-119.

Latour, C. and Biener, R. 2002. Comparison of Active
and Passive Oscillation Suppression Systems for
Wheel Loaders. 3.IFK (3" Int. Fluid Power Confer-
ence), T4 Vol. 2, S. 101-112, Aachen, Germany.

Lewis, F. 1992. Applied optimal control and estima-
tion. Prentice-Hall, Inc. Englewood Cliffs, New Jer-
sey, USA, pp. 191-200.

Nikravesh, P. 2008. Planar multibody dynamics: for-
mulation, programming, and applications. CRC
Press. Boca Raton, Florida, USA.

Rahmfeld, R. and Ivantysynova, M. 2004. An Over-
view about Active Oscillation Damping of Mobile
Machine Structure. International Journal of Fluid
Power, Vol. 5, No. 2, pp. 5-24.

Rahmfeld, R. and Ivantysynova, M. 2003. New Dis-
placement Controlled Linear Actuator Technology
— A Suitable Control Element for Active Oscillation
Damping. The Eighth Scandinavian International
Conference on Fluid Power, SICFP’03, May 7-9,
2003, Tampere, Finland.

Rahmfeld, R., Ivantysynova, M. and Eggers, B.
2004. Active Vibration Damping for Off-Road Ve-
hicles Using Valveless Linear Actuators. Proceed-
ings of the SAE Commercial Vehicle Engineering
Congress & Exhibition, Chicago, IL, USA. SAE
Technical Paper 2004-01-2655.

Williamson, C. 2007. Active Vibration Damping for a
Skid Steer Loader Using Displacement Controlled
Actuators. MS Thesis. School of Mechanical Engi-
neering, Purdue University, West Lafayette, Indi-
ana, USA.

Williamson, C. and Ivantysynova, M. 2007. The
Effect of Pump Efficiency on Displacement-
Controlled Actuator Systems. Proceedings of the
Tenth Scandinavian International Conference on
Fluid Power (SICFP °07), Tampere, Finland, Vol.
2, pp. 301-326.

Zhang, Y. and Alleyne, A. 2005. A practical and effec-
tive approach to active suspension control. Vehicle
System Dynamics, Vol. 43, No. 5, pp. 305-330.

Zuo, L. and Nayfeh, S.A. 2003. Low order continuous-
time filters for approximation of the ISO 2631-1
human vibration sensitivity weightings. Journal of
Sound and Vibration, 265, pp. 459-465.

15



16

Christopher Williamson, Shinok Lee and Monika Ivantysynova

Christopher Williamson

Mr. Williamson is from the USA. He received
his BS degree from Brigham Young Univer-
sity in 2005 and MS from Purdue University
in 2007, both in Mechanical Engineering. He
is currently a PhD student at Purdue Univer-
sity in the Dept. of Agricultural & Biological
Engineering. His main research topic is
energy-efficient fluid power control systems.

Monika Ivantysynova

Born on December 11th 1955 in Polenz
(Germany). She received her MSc. Degree in
Mechanical Engineering and her PhD. Degree
in Fluid Power from the Slovak Technical
University of Bratislava, Czechoslovakia.
After 7 years in fluid power industry she
returned to university. In April 1996 she
received a Professorship in fluid power &
control at the University of Duisburg (Ger-
many). From 1999 until August 2004 she was
Professor of Mechatronic Systems at the
Technical University of Hamburg-Harburg.
Since August 2004 she is Professor at Purdue
University, USA. Her main research areas are
energy saving actuator technology and model
based optimisation of displacement machines
as well as modelling, simulation and testing
of fluid power systems. Besides the book
“Hydrostatic Pumps and Motors” published in
German and English, she has published more
than 80 papers in technical journals and at
international conferences.

Shinok Lee

Shinok received his B.S. degree from Purdue
University in 2008 in Mechanical Engineer-
ing. He is continuing his studies as a Master’s
student at Purdue University in the Dept. of
Mechanical Engineering. His main research
topic is active vibration control of mobile
hydraulic machines. He originally comes
from Seoul, South Korea and is currently
working with a great team at Maha Fluid
Power Research Center.

International Journal of Fluid Power 10 (2009) No. 3 pp. 5-16





