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Abstract

Most hydraulic servo systems are designed with little consideration for energy efficiency. Pumps are selected based
upon required peak power demands, valves are chosen primarily for their rated flow, actuators for the maximum force.
However, the design of a hydraulic servo system has great potential in terms of energy efficiency that has, for the most
part, been ignored. This paper describes the design and control of a large-scale ship motion simulation platform that was
designed and built at Oak Ridge National Laboratory for the Office of Naval Research. The primary reasons to incorpo-
rate energy-efficiency features into the design are cost and size reduction. A preliminary survey of proposed designs
based on traditional motion simulation platform configurations (Stewart Platforms) required hydraulic power supplies
approaching 1.22 MW. This manuscript describes the combined design and control effort that led to a system with the
same performance requirements, however requiring a primary power supply that was less than 100 kW. The objective of
this paper is to illustrate alternative design and control approaches that can significantly reduce the power requirements

of hydraulic systems and improve the overall energy-efficiency of large-scale hydraulically actuated systems.
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1 Introduction

The primary focus of this paper is on the design and
control of an energy efficient hydraulic servo system
simulating wave-induced ship motions for the purpose
of testing equipment, such as robotic and human assist
devices (Love, 2004), for future use on naval vessels.
Testing equipment on a naval vessel introduces many
significant logistics and planning problems. The unpre-
dictability of nature makes it extremely difficult to test
the system in a variety of sea conditions of interest and
essentially impossible to achieve repeatable conditions
for accurate evaluations of technologies or to establish
a constant baseline for evaluation of different ap-
proaches. This provided the motivation for the devel-
opment of a high fidelity, high payload ship motion
simulation platform. Our system, shown in Fig. 1 and 2
has a 2268 kg (5000 1b) payload capacity, five degrees
of freedom (heave, surge, sway, pitch and roll), motion
capabilities that enable simulation of the wave-induced
motions at any point on the ship (currently, models for
a Destroyer, Frigate or Aircraft Carrier have been im-
plemented) up to Sea State 5. Sea State refers to a scale
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used in the Navy to characterize the roughness of the
sea, and is mostly based on the height and type of the
predominant waves. Figure 3 illustrates the
6-dimensional motions of a typical ship, and Table 1
shows the typical wave height corresponding to several
Sea States and the resulting motion parameters of ships
of various lengths when submitted to these Sea States.

2 Kinematics and Mechanical Design

2.1 Design Objectives

The objective of the ship motion simulation platform
was to develop a system that is capable of providing
realistic motion profiles for larger ships (Frigates, De-
stroyers and Aircraft Carriers) in sea states up to Sea
State 5. Most existing motion platforms are for flight or
automotive applications which require relatively high
frequency, small displacement motions and are based
on the Stewart Platform configuration (Lee, 1998; Li,
1997; Tseng, 2005). Ship motion simulation requires
relatively low frequency, large displacements and large
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Table 1: Ship Response as Function of Sea State
Sea Wave Boat Pitch Pitch Heave Heave Acc Beam Roll Roll
State Ht Length (deg) Period (ft) (g) (ft) Angle Period
(f) (f) (sec) (deg) | (sec)
4 6.8 <150 2 3.5 2.2 0.10 <50 7 71
150-250 2 4 2.2 0.10 50-75 6 11.5
250-350 1 5 2.2 0.10 75-105 6 13.7
350-500 1 6 1.7 0.08 >105 5 14.8
500-700 1 7 1.3 0.06
=700 1 8 0.9 0.04
5 98 <150 3 3.5 5.2 0.17 <50 12 71
150-250 3 4 5.2 0.17 50-75 10 11.5
250-350 2 5 52 0.17 75-105 10 13.7
350-500 2 6 43 0.14 =105 9 14.8
500-700 2 7 3.1 0.10
=700 1 8 2.1 0.07
6 17 <150 5 35 15.0 0.27 <50 19 7.1
150-250 4 4 15.0 0.27 50-75 16 11.5
250-350 4 5 15.0 0.27 75-105 15 13.7
350-500 3 6 11.7 0.21 =105 13 14.8
500-700 3 7 8.9 0.16
=700 2 8 6.1 0.11
Heave
Hydraulic
Cylinder \
Heave
Hydraulic
Cylinder
Surge
Fig. 3:  Ship displacements
payload capacity. The system described below has five
Fig. 1:  SMSP model degrees of freedom (heave, surge, sway, pitch and roll)

Fig. 2:  SMSP hardware
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with 3.0 m of displacement in the heave, 1.2 m of dis-
placement in the sway, 0.6 m of displacement of surge,
+10° of motion in the roll axis and +2° of pitch motion.
The yaw motion was not included due to its insignificant
acceleration contribution on large Navy ships. Given the
size of the system, tracking accuracy of 6.4 mm and 0.1°
were considered acceptable.

Since the purpose of this motion simulator is to gen-
erate sea motions that produce realistic inertial forces on
test objects, higher sea state motions are possible without
needing larger range of motion travel by employing
frequency scaling. The frequency content of the motion
in all degrees of freedom is generally below 0.5 Hz (typi-
cally under 0.2 Hz). Because of the relatively low fre-
quency requirement at the various sea states, the effective
forces experienced by test devices on the motion plat-
form could be effectively quadrupled if one would do a
time scaling of the motion profile by a factor of 0.5 to
effectively double the frequency spectrum of the com-
manded motion profile.
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2.2 Hydraulic Cylinders Configuration

From Table 1, the heave motion provided the domi-
nant displacement and had the greatest power demand
(> 10 times all other joints) on the system and will be
central to our discussion. Since the sole function of this
motion platform is to model sea motion as experienced
on naval ships, a very specific kinematic arrangement
was utilized to minimize overall energy consumption.
In contrast, a conventional Stewart Platform uses six
linear actuators in a parallel configuration to provide all
six degrees of motion regardless of the power demand
requirements. One primary benefit of a Stewart plat-
form is the large vertical stiffness and small moving
mass which results in a system with relatively high
open-loop bandwidth. The parallel arrangement leads to
all six actuators having the same force and speed re-
quirements. Many systems have the actuators located
below the platform maintaining the actuator in com-
pression. Sizing of the actuators is based on rod buck-
ling limitations instead of force requirements. Subse-
quently, the actuators tend to be sized significantly
larger than would otherwise be required. An alternative
kinematic arrangement is shown in Fig. 1. This system
has two parallel heave actuators that are configured in
tension to provide the heave and pitch motions. These
two actuators provide heave motion through common
mode displacement of the two actuators and pitch mo-
tion through differential displacement. By placing the
actuators in tension, the actuators can be sized for the
maximum force requirements instead of rod buckling.
This is especially important for systems with the com-
bined high payload and large displacement (the rods
must be capable of sustaining 44.5 kN with a maximum
displacement of 3.0 m).

The hydraulic natural frequency for these cylinders
can be estimated as follows. The cylinders have a bore
diameter of 8.3 cm with a 5.1 cm rod diameter (effec-
tive area is 33 cm?). Assuming that the cylinders are at
one half of their maximum stroke (1.68 m) and that half
the load is seen by each cylinder (22.2 kN), along with
an assumed effective fluid bulk modulus of 690 MPa,
the approximate hydraulic natural frequency ignoring
fluid in the lines is 3.9 Hz. The consequence of this low
natural frequency is one of the fundamental limitations
in the proposed design and its remedy is discussed in a
later section.

Two antagonistic actuators, located on one of the
heave actuators, provide the roll motion for the table.
Finally, the surge and sway motion are produced by
two orthogonal actuators located on the moving table.
As mentioned previously, the two heave cylinders are
the dominant power loads, and how one reduces their
power demand while achieving good tracking perform-
ance is the primary focus of this paper.

2.3 Exploiting Gravity

One of the key ideas to further improve energy-
efficiency is to utilize gravity to move the heave cylin-
ders down. To accomplish this, the Ship Motion Simu-
lation Platform (SMSP) is designed so that fluid is only
controlled on one side of the heave pistons (see Fig. 4)
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and the other side is vented to tank. When the system is
commanded to go vertically up, fluid is throttled from
the hydraulic power supply to the cylinder. However,
when the system is required to move vertically down,
the fluid is only throttled from the cylinder to tank,
requiring no power from the hydraulic power supply.
This strategy enables controlled motion in both direc-
tions while only requiring hydraulic power during posi-
tive vertical motions, thereby cutting the overall power
requirements for the system in about half.

Vented to Atmosphere

X

Servo Valve
P FETRERRNITEETSRE A
1 1
i Q. 1 Supply
: < 7‘7"4 —% Pressure
1 Q. : (ps)
Gr = |— : ]
avity i h
i ‘
Load M
G kil L= Return to Tank

Fig. 4:  Simplified heave mast hydraulic schematic

2.4 Energy Storage

To further reduce energy demand, a hydraulic accu-
mulator is used. The accumulator is sized such that it can
be charged by the power supply during the time when the
system does not require power from the power supply.
This stored energy can then be used for much of the
upward vertical motion. Subsequently, the combined
energy storage capacity of the accumulator and three way
control strategy enable a significant reduction in the
hydraulic power supply. The SMSP power supply pro-
vides a constant 90 kW of hydraulic power at 13.8 MPa
and has a 114 liter accumulator. Each of the vertical
heave actuators has a maximum flow rate of 379 1/min
(net flow requirement from the power supply is 757
/min) resulting in a peak power requirement of approxi-
mately 174 kW of hydraulic power (almost twice that
available from the actual power supply). The combina-
tion of the storage capacity of the accumulator and the
dwell time available during downward motion clearly
provides significant reduction in the sizing of the hydrau-
lic power supply which impacts space requirements as
well as cost. While using an accumulator to store energy
is fairly common, using it in a motion controlled system
with servo valves that allows significant variation in
system pressure is not common.

2.5 Controls Outline

We pointed out previously that, as a result of the
design process for reducing the overall power con-
sumption, the heave cylinders exhibited a relatively low
closed-loop stiffness. Acceleration feedback in the
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controller design will be shown in the following sec-
tions to overcome this limitation. Furthermore, the
mechanical coupling between the two heave cylinders
causes the system dynamics to be tightly coupled and a
relatively simple transformation will be shown to de-
couple the system, thereby allowing acceleration feed-
back to be readily applied. Finally, because gravity is
used in lowering the platform to reduce the energy
consumption, the system pressure has to be biased to
aid in the linearization of the plant.

3 Acceleration Feedback

3.1 Purpose

By placing the main heave actuators in tension in-
stead of compression, the system requires significantly
lower rod cross-section which is good in terms of the
system’s energy requirements (smaller actuator, lower
flow rate) but is detrimental in terms of the system
stiffness, open-loop bandwidth and subsequently con-
trol. The stiffness of a hydraulic actuator is approxi-
mately (ignoring the fluid in the lines) the same as a
column of fluid stiffness (4/4/L) where A4 is the piston
cross-section, S is the effective fluid’s bulk modulus
(generally ~690 MPa) and L is the actuator’s length. A
hydraulic actuator is generally characterized as a lightly
damped, type one, third-order system (Merritt, 1967)
such as that shown in Fig. 5, where x, is the servo valve
equivalent spool position, K is the flow gain, wy, is the
hydraulic system natural frequency, d; is the hydraulic
system damping ratio, 4 is the cylinder cross sectional
area, and x is the actuator position.

=

-9 X
> A

2
s£%+ﬁs+1]
w, Wy

Fig. 5:  Hydraulic actuator model with mass load

Actually the input to the servo valve controller is a
voltage proportional to the orifice opening. This volt-
age gain is included in the K, flow gain term. To in-
crease the damping ratio, acceleration feedback, K, is
commonly utilized, which effectively increases the
damping ratio to a value

5, =6, + 2Kt )

= +
h h 2 A

as can be seen in Fig. 6 and 7. Even when an external
force is applied to the actuator model, acceleration
feedback will always increase the effective damping
ratio of a hydraulic system and is similar to velocity
feedback applied to an electric motor.
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Fig. 7b: Simplified hydraulic actuator model with accelera-
tion feedback

We conducted a series of swept sinusoids individually
to each mast (before the table was connected) along with
varying the joint payload (from 0 to 22 kN) and the posi-
tion (between upper and lower limits). The damping ratio,
Op, varied from 0.08 to 0.20 and the natural frequency, wy,
varied from 5 to 8 Hz (which is roughly the value that was
calculated in the previous section). While the system’s
open-loop bandwidth was more than an order of magni-
tude greater than our required closed-loop bandwidth (0.2
to 0.5 Hz), the low damping ratio made it difficult to
achieve smooth motion, especially when the system
changed direction. Also, there was a desire to do time
scaling of the motion profile to effectively increase the
acceleration forces by a factor of 4, which means that the
closed loop bandwidth of the system has to be up to 1 Hz
(i.e., 2 x 0.5 Hz). As a rule of thumb (see p. 240 of Mer-
ritt), the effective closed loop bandwidth for a simple
proportional position controller is approximately 2d,wp,
which means that there is a potential problem in hitting
the 1 Hz value (i.e., 2 x 0.08 x 5= 0.8 Hz).

Acceleration feedback on the two masts was utilized
to increase system damping on the hydraulic system and
thereby effectively increase the closed-loop bandwidth.
Figure 8 shows the joint tracking of just one heave cylin-
der with an input drive at 0.2 Hz and a 44 kN vertically
driven payload. This exceptionally good tracking accu-
racy was found to be more than adequate for the simula-
tion of ship motion.
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3.2 Torsional Dynamic Coupling

Because of the rigid mechanical connection of the
pitch-heave cylinders to the platform table (to reduce
energy consumption), a high frequency oscillation was
found to occur through this mechanical coupling. This
high frequency (~16 Hz) vibration was picked up by
the accelerometers and is displayed in Fig. 9. The two
masts on the SMSP are fundamentally a pair of parallel
springs coupling a rigid table as shown in Fig. 10,
where x; and x, are the left and right heave cylinder
displacements. The acceleration feedback only resolves
the fundamental mode of vibration. However, there is
also a pitch mode of vibration (~16 Hz) that has to be
dissipated by the joint controllers.

This pitching degree of freedom actually provides a
second mode of vibration, the torsional mode, 6.

Mast 1 tracking, 44 kN payload

_15,,,,,\,,,,,,,‘ ,,,,,,, | — T — T |
Actual Position

Desired Position

-20

-25

-30

Position (cm)

-35
-40

-45

Time (sec)

Fig. 8:  Mast tracking

Subsequently, in Cartesian space, there is one mode
of vibration at approximately 5 to 8 Hz associated with
the translation degree of freedom and a second mode of
vibration at approximately 16 Hz associated with the
torsional degree of freedom. Applying the small angle
approximation (pitch angle will always be small), the
simplified mechanical dynamic model of the system is

2)

Xy

(%*Lij (%_Lij 51 _[F
o-2) (o

or

with
J J
z)z=ﬁ+—2andé'=ﬂ——2
4 L 4 L

where F; and F, are the left and right heave cylinder
forces, respectively, and m and J are the effective sys-
tem mass and inertia of the system.
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Instability due to dynamic coupling
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Fig. 9:  Instability due to mast coupling
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Fig. 10: Simplified model of coupled masts (pitch and heave)

The right and left cylinders are identical (4 is the
same for both). The forces on the two cylinders are
proportional to the pressure and cylinder cross sectional
area.

F=R4

3
F=pA €)

From the valve flow and fluid continuity relation-
ship for each valve and cylinder (Merritt, 1967), the
flow relationships are:

Ql = quv] _KpPI
| 4

:A)'CI+E‘P,+CCPP1 )

and
QZ = quvz _Kp})Z
=43, +%P2 +C,P,

Where O; and O, are the left and right heave valve

flows. One can rearrange Eq. 4 and substitute Eq. 3 for

a force expression for the actuators as a function of the
valve command and cylinder displacement:

FI xl ‘xvl
B(S){F}+As{x }:Kq {x } &)

where
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and we have assumed that the two cylinders have simi-
lar volumes of fluid (7, and ¥, are approximately equal
to V again due to the small pitch angle). One can now
substitute the actuator forces back into the dynamic
equations of motion, Eq. 2, and arrange for an in-
put/output relationship

K

q

{2} ) s| B (s)(a* - 0”)+25aB(s5)+ 4° |

(saB(s)+A) —s&B(s) X,
-s&B(s) (saB(s)+A) {xvz}
Subsequently, when connecting the two masts, the
system exhibits significant coupling. If acceleration
feedback is applied on a joint by joint basis, its in-
tended results are masked by the oscillation that results
from the mast mechanical coupling (see Fig. 9). To
remedy the problem, a simple MIMO controller based
on the Cartesian degrees of freedom was developed. A
heave compensator was designed to address the lightly
damped poles of the first mode of vibration and a pitch
compensator was designed to address the lightly
damped poles of the torsional mode of vibration. As-
suming small pitch angles, the relationship between the
mast positions, x; and x,, and the displacement of the
center of the table, x and 6, as shown in Fig. 10, is:

g gl e

Likewise, the inverse transformation to map the
joint commands to the Cartesian space was utilized:

G ke

Substitution of Eq. 7 and 8 into Eq. 6 decouples the
dynamics and produces a similar set of dynamics used
for the single degree of freedom case:

K

q

{;} ) s| 5B (s)(@* - 87)+ 250B(s) + 4° ]
{(saB(s)(a—5)+A) 0 Hu}

0 sB(s)(a+5)+A Uy

(6)

Because of the obvious common factors in the nu-
merator and denominator, further simplifications are
possible:

_ K. _
A4 0
m
B(s)— +1
X s[s (s)2A+} "
o K, Uy
0 AJ
B +1
i s[s (s)2AL2 l
or
24

(€)

Kq
! 0
s7 26,
§| —+ s+1

| N O {“} (10)

0 A

s(s;—i- %s + lj
L Wng  Wpg ]
where
242 (K,+C.) [Bm hpar
whx = > 5)( Y R a)he =
Vm 24 2v VJ

and

(K +Cy) [7
¥ 24 2112

This transformation simplified the problem from a
coupled, type 1, 5th order system to two uncoupled
type 1, 3rd order systems. As before, acceleration feed-
back was added to increase the system damping, but the
controllers are designed and tuned in the above Carte-
sian space, significantly simplifying the problem. The
Cartesian controllers are simple lag compensators with
acceleration feedback.

K
u, =———(x,—x)-K; ¥

| ( : J
o +1
. (11)

K ..
——(6, —6?)—1(9“8

s

wec
. . K¢ K¢
The acceleration feedback gains, = » and ™¢ are
based on a desired damping ratio of 0.7. The DC gains,
K, and Ky, and the lag poles, w,. and wg. are synthe-
sized using MathWorks’ SISO toolbox by trial and
error. Based on the range of natural frequencies and
damping ratios measured during open loop impulse
tests on the heave and pitch, a series of plants serve as

the input to the SISO tool, and the controllers are based
on a gain margin of 10 dB and phase margin of 60°.

Uy =

4 Bias Setting

By exploiting gravity to help with the downward mo-
tion, the flow control servo valve is utilized only on one
side of the heave actuator as shown in Fig. 4. There is a
subtle problem with the DC plant flow gain (i.e., K).
Typically one would like the flow gain of the valve to be
as symmetric as possible regardless of the direction of the
heave cylinders. Typically open-centered valves are util-
ized to improve linearity, in the flow gain term, but sacri-
fices energy because flow is always flowing even when
no motion is required. The critical-centered valves were
selected to minimize energy loss. In an attempt to balance
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the flow through the valve regardless of whether the pump
or gravity is the primary energy source, it will be shown
that the system pressure has to be approximately equal to
the gravity and acceleration load on the heave cylinders.

From Fig. 4, the cylinder motion based on fluid conti-
nuity and ignoring fluid compressibility is

Ax=0 -0 (12)

Q+=alcd 2[)5 1_£
Ve R
2P [P
0 =aCy |—.|= (13)
\ o \P

The input to the system is the spool displacement,
Xy, on the servo valve. (Actually, the input to the servo
valve controller is a voltage proportional to the orifice
opening.) Subsequently, the flow rate going into the
cylinder is a function of both the spool displacement,
Xy, cylinder pressure, P, and supply pressure, Py where
Cy is the valve discharge coefficient, a;’s terms the
effective valve areas that are electronically controlled
with area gradient b, and p is the hydraulic fluid den-
sity. The cylinder velocity can be written as

Cubx, |2 l—iforxvzo
4 \p F

%= (14)
Cabx, 28 |P for x, <0
4 \ p\F

Let P = Py/2 + AP, and after some manipulation:

2
;‘C:Cd_bxv ﬁ 1+i£ (15)
4 \p x, R

The flow gain, K, is:
d(Ax P 2lx
qugzcdb [_s 1+_V£ (16)
de p xV 135

which is approximately

P
K,=Cyb = (17)
P

when AP is close to 0. The important point in this deriva-
tion is that the system pressure should be set to overcome
the gravitational load (the table weight and load is accu-
rately known) plus the pressure associated with the
maximum acceleration force expected (again, well known
from the simulation software) before each run. If the pres-
sure is balanced, the flow gain term will be fairly constant
during each run. As an example, the table weighs 22 kN
and the system is designed for a maximum payload of 22
kN. The pitch motion is relatively low so the two vertical
masts will come close to equally sharing the load. Thus,
the average load on each actuator will be approximately
22 kN. The maximum vertical acceleration, in either di-
rection, due to the Sea State is about 0.4 g, so each actua-
tor will experience a bias force of 22 kN with a 8.9 kN
variation in either direction. To maintain the 22 kN bias

where

and
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force, and since the actuator cross section area is 33 cnt’,
the system supply pressure should be set to 9.4 MPa
(= (22,000 + 9,000)/0.0033). As a general rule, it is desir-
able to maintain this load pressure above Py/6 to ensure
the system does not cavitate. By following this simple
guideline regarding the selection of the actuator cross
section and supply pressure, one can ensure that the valve
and actuator will operate in a near symmetrical state. The
advantage is then that the control and tracking will be
symmetric. Since the payload is known and the motion
profile is known before the simulator is started, the supply
pressure was reduced or increased accordingly.

S5 Tracking Results

Figures 11 and 12 display the resulting joint tracking
for the two masts. Just as important, Fig. 13 displays the
joint acceleration for both masts. It is clear that the system
does not exhibit any of the higher frequency vibration that
was present with the coupled system. There is still a minor
vibration that occurs when the system changes direction.
This is attributed to the nonlinear friction in the actuators
but is small enough to be considered acceptable in terms
of the system’s performance.

Figures 14 and 15 show the tracking in the Cartesian
space.
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Fig. 11: Heave cylinder 1 tracking
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Fig. 12: Heave cylinder 2 tracking
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This article has described the design and control of
a five degree of freedom ship motion simulation plat-
form. While the original motivation for this work was

Fig. 18: Sway tracking
6 Conclusions

110 120

)

16 through 18 are shown

(sec
and display excellent tracking accuracy.

Time

, the tracking for the remaining

For completeness
degrees of freedom in Figs

Fig. 15: Pitch tracking
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directed at developing a facility to test future naval
robotic devices, the design and control of the system
revealed some interesting challenges associated with
large-scale electro-hydraulic systems. Typical large-
scale hydraulic systems generally pay little considera-
tion to energy efficiency. As a result, power supplies
and actuation components can be significantly over-
sized. A key point illustrated in this paper is that the
combination of energy storage through accumulators
coupled with strategic design and controls decisions
can have a profound impact on the power requirements.
However, there are obviously some penalties for this
reduction in available power. In the case discussed in
this paper, the system’s stiffness and subsequent natural
frequency were significantly lower than other systems
of comparable sizes. Traditional lag compensators with
acceleration feedback can achieve relatively high
closed loop bandwidths, but coupling between the
joints can significantly limit performance. We demon-
strated a simple approach, based on designing the sys-
tem’s controller in the Cartesian space, which signifi-
cantly simplified the synthesis and tuning of the sys-
tem’s controllers. The primary point of this paper is
that there are significant opportunities for improving
energy efficiency in electrohydraulic systems.
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Nomenclature

A cylinder area

Cqy discharge coefficient

Ce  external leakage coefficient

F, heave cylinder force

J platform inertia

K, acceleration feedback gain

K, valve pressure gain

K,  valve flow gain

L platform length

m platform mass

P cylinder pressure

s Laplace differential operator

u Cartesian controller

x platform linear displacement from

center of mass

Xi heave cylinder displacement

Xy valve displacement

Xema  commanded position

a  =mlA+JIL’

B effective fluid bulk modulus

0 platform angular rotation, pitch,

from center of mass

p fluid density

On hydraulic damping ratio

S h equivalent hydraulic damping ratio
) =m/4 - JIL?

wp hydraulic undamped natural frequency [rad/sec]

left heave cylinder
right heave cylinder
supply
displacement

pitch
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