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Abstract

Pressure compensated vane pumps are an excellent solution for supplying
hydraulic power with minimal waste in many automotive applications. An
electrohydraulic pressure compensation control system for an automatic
transmission supply that promises improved pressure response times over
the baseline architecture is discussed. Suggested valve specifications are
determined through calculations based on available data and refined via a
validated simulation model of the proposed system. Two controller designs
are formulated and compared: a basic PI control law and a cascaded model
following controller including a nonlinear feedback linearization component.
Simulations of the proposed system for a given duty cycle reveal that the non-
linear controller provides only minor improvements over a basic PI control
law and is thus not an economical solution.
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1 Introduction

Variable displacement vane pumps (VDVP) are well suited to the task of
supplying hydraulic power in many automotive applications as they are easily
configurable as a pressure compensated system which reduces power loss at
high engine speeds. Pump displacement control in these situations can be
effected directly via a bias spring and internal routing of the pump outlet
pressure [1, 2]. Valves can also be used to regulate the pressure acting against
the spring thereby controlling the pump displacement [3, 4].

An advantage of using valves to control the pump displacement is that a
variable pressure compensation set point (i.e. the reference outlet pressure)
can be used to better meet pressure requirements of distinct load functions.
For example, the automatic transmission oil supply system treated in [3] must
maintain a nearly constant low pressure to satisfy cooling and lubrication
demands while providing a high pressure during shifting events. At each of
these two pressure levels, the traditional pressure compensation function of
regulating the pump displacement to match the flow requirement of the load
must still be met. This may be done with a solenoid-valve-controlled pilot
pressure acting on a conventional regulation valve as in the baseline system
considered here and treated in [3].

This baseline control system architecture, depicted on the left-hand side
of Figure 1, has several drawbacks including a 190 ms response time and
an unstable zero in the transfer function from the pump outlet pressure to
the regulation valve’s (V1) flow output. The primary reason for this poor

Figure 1 Proposed electrohydraulic architecture compared with the current semi-active
pressure compensation control system for an automotive application taken as a baseline.
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performance is the solenoid valve V3 which contributes a low bandwidth
of 1.84 Hz and a 30 ms time delay along with other nonlinearities such as
hysteresis and sensitivity to temperature [3, 5]. The unstable zero, on the
other hand, arises from the architecture itself with the pilot line feedback
loop containing V3 supplied by V2.

To address these limitations, the proposed electrohydraulic control system
treated in this article was introduced in [3] and is depicted on the right-hand
side of Figure 1. This control system consists of a 3/2 proportional directional
control valve (CV), a miniature pressure transducer near the pump outlet, and
a microcontroller to both process the transducer signal and generate a propor-
tional command to control the valve. The introduction to this proposed system
architecture provided in [3] only includes a brief description of its design
and results from initial proof of concept simulations and measurements only
considering a PI controller.

This paper, on the other hand, goes more in depth and evaluates
this proposed design by first specifying control valve requirements before
demonstrating its performance with a validated simulation model. The formu-
lation, and subsequent comparison, of two pressure compensation controller
designs is presented. These designs can be categorized as a simple PI
approach and a cascaded nonlinear approach. Comparing these options pro-
vides a valuable initial framework for a cost/benefit analysis of electrifying
automotive oil supply systems with variable displacement vane pumps in this
fashion.

Figure 2 gives an example of one of these pumps which falls under the
classification of pivoting-cam type single-stroke variable displacement vane
pumps [6]. Other common vane pump designs used in automotive appli-
cations include sliding-cam type variable displacement units [7] and some
double stroke fixed displacement units [8] although other designs have been
explored [9]. While the pivoting-cam type pump in the case study system is
only one pump configuration, the results here can be applied to other pump
configurations for other automotive applications.

2 State of the Art

Currently, there is no – or at least very little – literature available treating
the electrohydraulic control of a variable displacement vane pump (VDVP)
in a pressure compensated automotive application specifically. Consider-
ably more literature is available for electrohydraulic pump displacement
control in high power pressure controlled applications which primarily use
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Figure 2 Cross-sectional schematic of the 25cc/rev case study vane pump for an automotive
transmission application.

swashplate-type axial piston pumps [10–12]. While many of the techniques
used in these high power applications have not been applied to vane pumps,
several authors have nevertheless investigated a few techniques for similar
electrohydraulic control system designs for vane pumps in low pressure
applications.

In 1997, Thompson and Kremer presented the development of an optimal
feedback controller design using the Quantitative Feedback Theory technique
[13]. Their work was based on a linearized parametrically uncertain model.
While the problem statement in [13] indicates a similar setup and control task
(i.e. line pressure regulation), no results are shown to indicate the achieved,
or predicted, performance.

Later, Köster and Fidlin presented a nonlinear volume flow control law
for a VDVP in an automotive transmission application [14]. They employ
input-output linearization to develop an observer-based state-space control
approach and also present an inversion-based feedforward controller design.
Both controllers result in good displacement control, but their application to
a pressure compensation task is not demonstrated.
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The notion, however, of using a pump with electrohydraulic displacement
control as a pressure controlled supply is not new as it is commonly done with
the primary unit in secondary controlled hydraulic circuits (see [15, 16] for
an example). Considering this, there is a wealth of literature that deals in
some respect with the topic of electrohydraulic pressure compensation that
may be referred to in selecting a control methodology. However, many of
these approaches (including that introduced in [15]) may not be feasible for
an automotive application in light of a cost/benefit analysis.

Regardless of the chosen approach, development and virtual evaluation
of the controller relies on a validated system model capable of generating
representative dynamics and the internal forces that must be overcome by the
control system to effect displacement changes. The work presented here is
based on a lumped parameter model of this type describing the case study
VDVP previously developed by the author and discussed in [17].

3 Control Valve Requirements

Determining appropriate requirements on the control valve characteristics
begins with an understanding of the dynamic flow demands and desired
system response times for the case study application. In this case study,
the 25 cc/rev pump is chain-driven by the engine crankshaft and supplies
hydraulic power to the transmission required to actuate clutches as well as
lubricate and cool the gears. Figure 3 provides measured pump speeds and
system pressures from an example duty cycle for the case study system where
the vehicle accelerates from stand-still to a moderate speed. As the flow
demand and pump displacements were not measured in the case study vehi-
cle, the pump displacement was estimated for this cycle using the validated
lumped parameter model presented in [17].

With this information, the pressure-flow characteristics for the control
valve in the proposed system architecture can be determined by calculating
the flow rate required to effect the desired displacement change in a given
time interval and analysing the differential pressure across the valve during
that interval. If this flow is denoted by Qβ and the corresponding differential
pressure by ∆p, then the flow gain Kv is given by (1).

Kv =
Qβ
∆p

(1)

This flow gain may be calculated for a given event such as the step
increase at 10 s in Figure 3 (what was done in [3]). While the value of Kv
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Figure 3 Example pump speeds and system pressures along with estimated pump displace-
ments calculated using a validated lumped parameter model.

determined from this event may be adequate to satisfy other events, it is better
to calculate an instantaneous ∆p and Qβ using the simulation model and the
definitions (2) through (4) for a typical duty cycle.

Qβ =

(
∂VD
∂β

)(
dβ

dt

)
des

(2)

∆p =


pA − p∗D;

(
dβ

dt

)
des

< 0

p∗D;

(
dβ

dt

)
des

≥ 0

(3)

p∗D =
−M1 − kbL (lf − (bL sin (βdes) + l0)) + CS

(
dβ
dt

)
des

τRC
(4)

In these expressions, β refers to the pump displacement, VD to the control
chamber volume, pA to the main line pressure, pT to the reservoir pressure,
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M1 to the internal moments acting on the stator, k to the bias spring rate,
and CS to the lumped stator friction coefficient. The parameter τRC is for
converting the control chamber pressure pD into an applied moment acting
on the stator and is the sum of the product of two projected areas orthogonal
with each other and the distance between their centroids and the pivot pin
centreline. The other parameters are geometric constants such as moment
arm lengths (bL) and spring lengths (lf and l0) required for calculating the
spring’s compressed length (see [17] for more details).

The pD calculated by (4) estimates the required pressure level for the
proposed architecture, neglecting the impact of the stator inertia, even though
a measurement of the control pressure for the cycle in Figure 3 is avail-
able because this measurement is affected by the increased control chamber
leakage and line capacitance of the baseline system depicted in Figure 1.

Figure 4 illustrates the varying requirement on Kv for a brief segment
of the cycle containing the maximum value. This corresponds to a step in
the required system pressure and flow supplied by the pump in anticipation
of a transmission shifting event. Rounding this maximum value up to a flow

Figure 4 Estimate of the maximum required valve flow gain during the duty cycle depicted
in Figure 3.
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gain of 5 [L/min]/bar means that the control valve flows required by the duty
cycle depicted in Figure 3 can be provided with a small safety margin. Since
this selection corresponds to a shifting event and it is unknown how many
clutches were actuated in this instance, the highlighted moment in Figure 4
may or may not represent the most demanding requirement. It is nevertheless
a valuable guidepost in selecting an appropriate control valve.

While the flow gain is certainly an important defining characteristic of
the control valve, it is not the only parameter that should be considered.
In order to satisfy the required dynamic performance of the system, the
control valve should also possess a satisfactory frequency response which
will be characterized here by its bandwidth. The assumption is that higher
bandwidths will translate into faster changes in the spool position resulting
in a tighter control of the control chamber flow. Tighter flow control means
tighter pump displacement control and, ultimately, a better possible pressure
compensation behaviour.

Estimating the required valve bandwidth, however, can be difficult.
Analysing the step response of the baseline system during the highlighted
event in Figure 4 reveals a displacement rise time of 100 ms and a pressure
rise time of 190 ms. Since the rise in the reference pressure profile during
this event occurs over 40 ms, it stands to reason that a target rise time for the
displacement might be 20 ms. Assuming that, due to the stiffness of the oil
within the control chamber, the valve spool must therefore exhibit a similar
10% to 90% rise time tr, (5) can be used to estimate the required bandwidth
fBW in Hertz.

fBW =
ln(9)

2πtr
(5)

Performing this calculation results in a bandwidth of 17.5 Hz. Direct drive
valves are capable of attaining these bandwidths for a relatively low cost
[18], so a selection of a 20 Hz at ±100% stroke can reasonably be taken
as a starting point for the valve specifications. These valve specifications
(5 [L/min]/bar and 20 Hz at ±100% stroke) could be iteratively refined
through simulations and physical experimentation, but will be assumed as
the nominal valve specifications for this research.

4 Simulation Model

Implementing a control valve with these suggested specifications in simula-
tion allows for an evaluation of the proposed system for comparison with the
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Figure 5 Block diagram giving the general structure of the simulation model describing the
proposed system with a basic PI control law.

baseline architecture. In this context, and assuming a simple PI controller, the
proposed system model can then be expressed by the block diagram given in
Figure 5.

The electromechanical behaviour of the control valve, neglecting ampli-
fier dynamics, can be expressed through the use of a standard second order
LTI transfer function (6) which expresses the normalized spool position xv
response to a proportional voltage command uv.

xv =
ω2
BW

s2 + 2ζvωBW s+ ω2
BW

uv (6)

Where ωBW is fBW expressed in rad/s and ζv is the damping ratio set
to a value of 0.7. This xv is used to determine control valve flow QD when
combined with Kv in the orifice equation for turbulent flow with appropriate
differential pressures as in (7), where ρf represents the density of the working
fluid. This approach is similar to the one in [14].

QD =


Kv|xv|sgn(pA − pD)

√
2|pA − pD|

ρf
xv ≤ 0

−Kv|xv|sgn(pD)

√
2|pD|
ρf

xv > 0

(7)

This flow QD is converted into the main system pressure pA by solving
the system of equations described by (8) through (10). In these equations,
β is the angular eccentricity of the vane pump’s pivoting cam and Kf is the
effective bulk modulus of the working fluid. Meanwhile, (10) approximates
the transmission as a general impedance model resistance.

dpD
dt

=
Kf

VD

(
QD −

∂VD
∂β

dβ

dt

)
(8)
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d2β

dt2
=

1

IS

(
kbL(lf − (bL sin(β) + l0))− CS

dβ

dt
−M1 + τRCpD +Mst

)
(9)

pA = RA1QA +RA2Q
2
A (10)

The terms QA and M1 here represent the effective flow output and
internal moments of the pump, respectively, and come from the displace-
ment chamber module presented in [17] which simulates the rotating group.
These quantities, therefore, are essentially nonlinear functions of the pump
displacement β, line pressure pA, and pump speed n. The term Mst in (9) is
also a nonlinear function of β that introduces some damping and a stiff spring
force when the stator reaches the limits of its motion as defined by the pump
geometry.

It should be noted that while (10) is a simplistic representation of the
automatic transmission load in the case study application, a more realistic
model as in [19, 20] is outside the scope of this work. The objective of
this research is merely to present an electrohydraulic pressure compensated
pump architecture suitable for an automotive transmission application and
not provide a complete transmission model.

5 Basic PI Control Law

As the most commonly used controller design, proportional-integral-
derivative (PID) controllers in various forms solve between 90–95% of all
control problems [21]. Due to the fact that each of the three terms in a general
PID controller has a different interpretation, and therefore function, an initial
part of the design procedure includes the selection of a proper controller
structure for the application at hand [22]. For the automatic transmission
application studied here, a relatively first order process dynamics and a line
pressure set point that is normally constant and low with periodic steps up
to a constant high value preclude the use of a derivative term. In order to
reduce steady-state errors and assure that sufficient pressures are maintained
for proper lubrication and clutch operation, an integral term is desirable. For
these reasons, a standard PI controller as given by (11) was selected.

uv =
5s+ 10

s
ep (11)

Where ep is the difference between the set point pA,ref and the mea-
sured pA as defined in Figure 5. The gains in (11) were found to result
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in a satisfactory response in simulation after some manual tuning as there
are not readily available PID gain formulas for pump controlled pressure
applications as there are for valve controlled ones [23]. A starting point for
this tuning procedure can be easily found using a simplified form of the model
presented in the previous section. Assuming a restrictive nominal differential
pressure, QD can be approximated by (12). Assuming the control chamber
pressure dynamics to be sufficiently fast and the resulting moment on the
stator perfectly balances the internal displacement chamber moments and bias
spring preload, QD can be subsequently thought of as a velocity input to the
stator dynamics equation and (9) can be rewritten as (13).

Q∗
D = −Kv

√
2 (∆p)nom

ρf
xv (12)

β∗ =

(
∂VD
∂β

)−1 (
s+ CS

IS

)
s2 + CS

IS
s+

b2Lk
IS

Q∗
D (13)

p∗A = RA1cn̄β
∗ +RA2 (cn̄β∗)2 (14)

Equation (14) completes this simplified pump model by assuming QA is
close to the theoretical volumetric flowrate of the pump for a mean value of
the speed during the duty cycle in Figure 3 and can therefore be represented
by the product of the speed, stator eccentricity, and a constant c. Combining
(6) with (12) through (14) approximates the plant portion of the system as
diagrammed in Figure 5.

This new representation can then be analysed in MATLAB using auto-
mated tuning methods find control gains that result in a robust response time
less than 20 ms. Despite using such a simplified plant model, this approach
generates PI controller gains that give good results and only need minor fine
tuning to arrive at (11).

6 Experimental Validation

In order to validate the control valve model, the experimental setup intro-
duced in [24] was modified according to the proposed electrohydraulic
control system architecture with a custom plate to adapt an available servo-
valve to the existing pump/valve block interface. A permanent magnet linear
force motor actuates the spool of the implemented direct drive valve which
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Figure 6 Comparison of experimental data and simulated results for the PI controlled
proposed electrohydraulic pressure compensated pump system to highlight the representative
model agreement and responsiveness of the system.

was sized for a 10 L/min flowrate at a differential pressure of 35 bar per
metering edge and exhibited a 60 Hz frequency response at ±50% stroke.

While the flow gain of the implemented valve is suboptimal for this
application and results in flow saturation of the valve at such low differential
pressures, the frequency response exceeds the required specifications given
earlier. Fortunately, with reduced leakages, the control chamber pressure
dynamics are stiff enough that smaller flows can now produce changes in the
displacement more easily. This effect is sufficient enough that proper pressure
compensation behaviour is observed in the measured results given by Figure 6
(black lines) when the PI control law (11) is used.

These measurements not only provide a physical proof of concept that
the proposed system is a capable of satisfying the demands of the case study
application, but also indicate the validity of the simulation model when two
small modifications to the model are made. First, the valve specifications
of the implemented valve are substituted for the proposed ones discussed in
Section 3 of this paper. Second, the coefficients used in (10) were tuned using
additional measurements to characterize the experimental loading conditions.
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Since the transmission load model can be handled separately from the
supply pump model, Figure 6 is therefore sufficient to conclude that the
control valve and pump models discussed in this work may be used to predict
the performance of the proposed system over the case study duty cycle
assuming the suggested valve characteristics. A comparison of the predicted
performance with the baseline performance (see [3] for an in depth discussion
of the baseline control system for the case study application) will therefore
be presented in Section 8 of this work.

7 Cascaded Nonlinear Controller

While PI controllers can be used to satisfactorily solve many control prob-
lems, they are also frequently used as a first approach when designing a
feedback controller as the “bread and butter” of automatic control [22].
Advanced controller designs of many varieties have been developed over the
past few decades and may be applied to numerous applications [25]. Many
of these approaches have been previously applied to fluid power systems and
automotive applications to accomplish various tasks. Thus, the focus here is
only to provide an alternate controller design that may be compared with the
basic PI law as a way to cast the framework for a brief cost/benefit analysis
within the context of an automotive application. Figure 7 diagrams the system
with this alternate controller.

Figure 7 Block diagram of the proposed system simulation model with the cascaded
nonlinear controller.
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As Figure 7 indicates, there are three levels of control in this cascaded
structure. At the highest level, a two degree of freedom pressure compen-
sation law given by (15) outputs a desired pump displacement for a given
pA,ref , pA, and n. The feedforward portion βff of (15) is based on a model
inversion gained by inverting (10) and dividing the result by the theoretical
pump flow as given by (16). The feedback portion βfb, (17), combines a low-
pass filter and a PI law tuned to reduce remaining steady-state errors after
application of the feedforward term that are due to modelling error.

βref = βmax (βff + βfb) (15)

βff =

√
227.75pA,ref + 675.34− 25.99

0.025n

(
100π

s+ 100π

)
(16)

βfb =
62.83s+ 125.7

100(s2 + 12.57s)
ep (17)

The two nonlinear controller blocks depicted in Figure 7 are similar
in construction, but different in purpose. In both cases the controller is
comprised of a local state feedback control law derived using the feedback
linearization approach available in Chapter 46 of [25] (utilizing Lie deriva-
tives which can be thought of as a type of partial derivative) and a model
following control law. The Lie derivatives of the two nonlinear state space
systems are not included here for the sake of brevity, but both are of the so
called ‘standard form’ in [25] and lead to the following observations.

• The relative degree of the vane pump system is three when the state
vector is described by the pump feedback line in Figure 7, β is the
output, and the model described in Section 4 of this work is used to
describe the three state equations. This means that the system can be
transformed into a system that is linear and controllable by means of
a local static state feedback [25] given by (18) in terms of an artificial
input νβ and the Lie derivatives LgL2

fh and L2
fh.

• The term normally included in (18) corresponding to the partial deriva-
tive of L2

fh with respect to pD was neglected as initial simulations
proved that it cancelled out a stabilizing term in the third state equation
of the vane pump system.
• The relative degree of the control valve system is two when the state

vector is described by the valve feedback line in Figure 7 with the state
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equations given by the relationship contained in (6) and the output isQD
as given by (7). The case structure of (7) was removed by combining
the two flow cases using appropriate sign function representations of
the Heaviside step function. For simplicity, the derivative of the sign
function was assumed to be zero everywhere. As before, the relative
degree here indicates that a local static state feedback, (19), with an
artificial input νQ results in a linear and controllable system.

QD,ref =
1

LgL2
fh

(
νβ −

∂L2
fh

∂x1
x2 −

∂L2
fh

∂x2
f2

)
(18)

uv =
1

LgLfh
(νQ − L2

fh) (19)

The artificial inputs in (18) and (19) are given by the model following
control laws (20) and (21), respectively, for errors defined by (22) and (23).
The gains γβ and γQ in (20) and (21) were set to 320π and 80π for this appli-
cation and were tuned using simulations of the vane pump and control valve
subsystems with other parameters, such as the pump speed, held constant and
produced good tracking results.

νβ = −0.001
d3βref
dt3

− 3γβ
d2εβ
dt2
− 3γ2β

dεβ
dt
− γ3βεβ (20)

νQ = −0.01
d2QD,ref
dt2

− 2γQ
dεQ
dt
− γ2QεQ (21)

εβ = β − βref (22)

εQ = QD −QD,ref (23)

The nonlinear controller described in this section is similar to the
inversion-based feedforward controller design presented in [14] and is thus
not a new concept within automotive transmission research. As previously
stated, the purpose of this work is to provide a single alternative to PI control
and is therefore sufficient for the present discussion, as the results in the
following section will show, despite any limitations it may have. It could
be made more robust by augmenting the model following component with
integrator action or a fast-switching sliding mode term, but that will be left to
future work.
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8 Predicted Performance

Figure 8 compares the predicted pressure response of the proposed system
using both PI control and the cascaded nonlinear controller with the measured
response taken from vehicle data where the baseline case study system was
installed. As this figure illustrates, the proposed electrohydraulic pressure
compensation control system satisfies the specific requirements of the case
study application in that it maintains constant mean pressure levels despite
variable engine speeds and responds quickly to changes in the reference.

However, it is clear that there is still room for improvement as the PI
controller results exhibit large pressure oscillations. This is largely due to
chattering in the control signal that arises from trying to damp out exist-
ing, and inherent, pump pressure fluctuations. Improving the robustness and
disturbance rejection properties of the implemented controller, along with
considering more realistic transmission load dynamics, will only help the
proposed system in this respect. The nonlinear controller results are better as
it is capable of cancelling out more of these oscillations, even with a limited
valve bandwidth, through its feedback linearization component.

The ability of the controller (nonlinear or not) to cancel out oscillations
improves with higher control valve bandwidths. Figure 9 provides predicted
responses for the proposed system with identical controllers and a 60 Hz

Figure 8 Comparison of the predicted pressure responses for the proposed system employ-
ing both the basic PI controller and the cascaded nonlinear (CNL) controller with the measured
baseline response for the duty cycle shown in Figure 3.
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Figure 9 Comparison of the predicted performance with the baseline system similar to
Figure 8 but considering a 60 Hz at ±100% control valve.

control valve with the suggested flow gain for comparing to Figure 8. As can
be clearly seen, the higher valve bandwidth coupled with the PI controller
significantly attenuates the pressure oscillations in the system. Meanwhile,
fluctuations with the nonlinear controller increase. This indicates further
tuning of the model following gains is required.

For either controller approach, additional development efforts of this
nature will clearly lead to improved performance. As the work presented
here is intended more as a proof of concept to highlight the potential of
an electrohydraulic pressure compensation control system for an automotive
transmission application than a thorough treatise on the controller develop-
ment as a precursor to actual implementation, no additional development
will be included. However, looking closer and past the depicted pressure
oscillations gives another measure of the proposed system architecture’s
potential.

Figure 10 shows a single 2.5 s step event from the duty cycle to allow for
a more direct comparison of the resulting performance with both controllers
alongside the baseline performance for context. As Figure 10 shows, the
proposed system responds more quickly to a reference step input. In fact,
the proposed system, with the suggested 20 Hz valve, offers a 47% reduction
in the 10% to 90% rise time over the baseline system with the PI controller
and a 58% reduction with the cascaded nonlinear controller. Considering the
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Figure 10 Contracted timescale view of the results depicted in Figure 9 to allow for a more
direct comparison of the step response.

60 Hz valve and the same controllers, as in Figure 10, results in 69% and 77%
reductions, respectively. Surprisingly and despite a sub-optimal flow gain on
the implemented control valve, the measured rise time with PI control in
the experimental setup exceeded even these predictions with almost a 90%
reduction (see also [3]).

9 Summary

While response time is only one metric of the system performance, it does
illustrate the potential of the proposed system in an automotive application.
As the results in the previous section convey, significant improvements in
terms of the pressure response times are possible with a simple PI controller
and an appropriate selection of a 3/2 proportional control valve. This config-
uration only requires the addition of a single pressure transducer to monitor
the outlet pressure of the pump and is thus more economical as a solution
than implementing a more complex controller which only gives marginal
improvements (over the PI) and requires additional sensors and/or nonlinear
observers.

Selection of an appropriate valve is therefore of paramount significance.
Calculations based on available data can aid in determining an appropriate
flow gain and simulations can help to determine a target valve bandwidth
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to adequately meet a given duty cycle. For the case study application, it is
suggested that the valve be sized for a flowrate of 5 L/min at a 5 bar differen-
tial pressure per metering edge and possess a 20 Hz bandwidth at ±100%
stroke and 60 Hz bandwidth at ±40% stroke. This can be accomplished
using currently available permanent magnet linear force motors [26] and an
appropriate spool design.
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