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Abstract

This paper presents main results of an investigation of the tribological system formed by the piston/cylinder assem-
bly of swash plate axial piston machines. Main focus has been given to the influence of a piston macro and micro geom-
etry variation on energy dissipation generated by piston/cylinder assembly. Using the simulation tool CASPAR, which has
been developed at the Institute for Aircraft Systems Engineering, an optimization of the piston shape has been realized
to achieve minimum energy dissipation in a wide range of operating parameters of the axial piston machine. Micro ge-
ometry stands for surface roughness here. Its influence has been investigated within a second task especially in the area
of low speed, where full lubrication is not achievable and therefore mixed friction occurs. For the investigation a special
friction force measurement test rig has been developed, which has also been used for verification of the simulation tool
CASPAR.
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1 Introduction allows the designer to specify sophisticated macro ge-

The achievable operating parameters, the loss be-
haviour and the reliability of displacement machines are
mainly influenced by the design of the sealing and bear-
ing gaps. Primary design parameters are, besides the
choice of material, the micro and macro geometries of
surfaces forming the gaps. Micro geometry denotes the
surface quality and structure, whereas macro geometry
stands for the dimensions of parts and shapes of surfac-
es forming the gaps surfaces. It should be mentioned
here that pumps and motors can only achieve a relative-
ly long service life when a sufficient lubricating film
with an appropriate load carrying ability exists between
the heavy loaded parts having relative motion to each
other. Of course there are operating conditions of a
pump or motor where full lubrication cannot be
achieved, but such an unfavourable situation should
only appear at very low speed or some other extremely
high loading conditions. A well designed displacement
machine has to run in a wide range of operating param-
eters without wear, i.e. mixed friction should be avoid-
ed.

The progress of production technologies, especially
the improvement of possible accuracies, presently
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ometries of parts, like e.g. a contoured piston shape
with diameter differences in the range of a few microns
and a certain curvature.

The aim of the reported research project was to in-
vestigate the influence of surface shape variations of
parts forming the lubricating gap on gap flow para-
meters and energy dissipation, i.e. to investigate the
potential for a further increase of operating parameters
or improve of efficiency by optimization of gap design.
Because full lubrication is not achievable in the whole
range of operating parameters the influence of surface
roughness was also of interest within the reported re-
search work. The investigation was exemplarily made
for the piston/cylinder assembly of a swash plate axial
piston machine, Fig 1. The results can be transferred to
other lubricating gaps as well.

Several investigations concerning the piston/cylin-
der assembly have been accomplished since the early
70s. Friction forces have been measured e.g. by Ezato
Ikeya (1986), Kleist (2002), Manring (1999) and
Tanaka (1999). The temperature behaviour has been
investigated by Ivantysynova (1985) and Olems (2000),
to name only a selection of the newer publications. All
experimental works have in common, that the test de-
vices are relatively simple one or two cylinder ma-
chines with inverse kinematics (rotating swash plate
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and fixed cylinder block) in order to avoid problems,
associated with data transfer from rotating components,
except Olems, who measured the temperature field of
the cylinder block for the first time at the rotating cyl-
inder block and transferred data via telemetry. The
advantages of such an arrangement are the consi-
deration of centrifugal forces acting on the piston and
the possibility to create a realistic instantaneous cylin-
der pressure during the revolution of the cylinder block.
The same measurement strategy was chosen for the
experimental work done within this project. This has
finally allowed to measure piston friction forces under
real operating conditions for many different piston
shapes and roughnesses.
valve cylinder
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Fig. 1: Gaps in swash plate machines

For the theoretical investigations the gap flow simu-
lation tool CASPAR has been used. CASPAR has been
developed at the Institute for Aircraft Systems Engi-
neering at Technical University of Hamburg-Harburg
(Wieczorek and Ivantysynova, 2002) as a special soft-
ware tool to assist and support the design and optimiza-
tion of swash plate axial piston pumps and motors in a
sophisticated way. CASPAR is based on a non-isothermal
gap flow model considering the change of gap heights
due to micro-motion of moveable parts (cylinder block,
slipper and piston) and due to surface deformations for
the connected gaps of a swash plate axial piston ma-
chine. The program allows the calculation of real flow
ripple at the ports, further the calculation of the instan-
taneous cylinder pressure, pressure fields generated
inside the gaps, the internal and external volumetric
losses, viscous friction forces, gap heights and oscillat-
ing forces and moments exerted on the swash plate, see
Ivantysynova et al (2002).

2 Influence of Piston Shape on Energy
Dissipation
When studying the gap between piston and cylinder,

first of all the forces exerted on the piston must be
considered. Figure 2 shows a free body diagram of the
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piston for a certain angular position ¢ of the cylinder
block. Assuming steady state conditions of the pump or
motor all shown external forces are time dependent due
to the pump kinematics and the instantaneous cylinder
pressure, except the centrifugal force F k. These oscil-
lating forces cause a micro-motion of the piston leading
to time dependent gap heights and non-stationary gap
flow even when the machine runs under steady state
conditions. These are boundary conditions, which must
be considered in the simulation model. The simulation
program CASPAR calculates the oscillating pressure
force Fpx by computing the instantaneous cylinder
pressure pp. Further the implemented non-isothermal
gap flow model allows the calculation of the time de-
pendent piston friction force Frx, more details can be
found in Wieczorek and Ivantysynova (2002). The
mathematical model describing the non-isothermal gap
flow, the micro-motion of the movable parts (piston,
slipper and cylinder block) and the instantaneous cylin-
der pressure is solved numerically, where one revolu-
tion of the cylinder block is divided into a certain num-
ber of small time steps. Figure 3 shows exemplarily the
gap between piston and cylinder for a given angular
position of the cylinder block with the unwrapped gap

in the %,y plane. For each time step the pressure field

generated by the gap flow can be obtained solving the
non-isothermal gap flow model based on Reynolds-
equation and energy equation. Figure 4 shows the cal-
culated pressure field exemplarily for a given angular
position of the cylinder block. The load carrying ability
of the gap is given by:

Ip mdy

Foe = [ [ P(0x12) dd dz,c (2)

where according to Fig. 3 for the transformation of the
co-ordinate systems the following relationship is used:

x:%%, §=2.. f=h @

Figure 5 demonstrates the change of pressure fields
between piston and cylinder for a cylindrical standard
piston of a series machine during one shaft revolution.
For space reasons the pressure field is plotted only for a
few numbers of angular postions of the cylinder block.
Using the calculated pressure field with the given pres-
sure for each grid point p;; the flow velocity in direc-
tion of gap circumference X can be obtained:

V. () =u, 2+ 2P 32 g 3)
h 2u ox

The velocity uy in Eqg. 3 represents the relative cir-
cumferential velocity of the piston caused by the rotat-
ing cylinder block. This relative movement of the pis-
ton depends on the friction force between piston ball
and slipper. The machine kinematics allows this addi-
tional degree of freedom of the piston movement; see
Ivantysyn and Ivantysynova (2000). For the simulations
performed in this paper ux=w-dy/2.
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Fig. 2:  Forces acting on the piston

The flow velocity in direction of gap length
¥ yields:
R Z 10p,., N
Vo()) =V, —+——(22-h3 4)
g (2) = Vi h 2 ay( )
Using the derivative of flow velocity with respect to

gap height z the shear stress can be calculated for each
grid point:

oV, U Op(, h (5)
. = . = —+ z_i
RS TR, ai( 2}
and
ov,
Ty =p- y:uvK +67[3 2_D (6)
0z h oy 2

The viscous friction force exerted on the piston in
circumference direction yields:
7Dk Jmax
FT,tan = J. J‘TR dyd)’z (7)

0 0

and in direction of gap length:
7Dk Jimax
Fro= [ [rydyog (®)

0 0

Figure 6 shows exemplarily simulation results ob-
tained with CAsPAR for the friction forces. The simula-
tion was made for a swash plate axial piston machine
with standard cylindrical pistons (S2 in Fig. 8) for
pumping mode with a speed of 3000 rpm and 300 bar
high pressure and 20 bar inlet pressure. As shown in
Fig. 6, the friction force exerted on the cylinder surface
is different from the piston friction force due to differ-
ent gradients of flow velocities on both surfaces. This is
important to consider when verifying the simulation
results by measurements. The developed measurement
device allows to measure only the friction force exerted
on the bushing, see Fig. 12.

When optimizing the gap design besides the friction
and load carrying ability of the gap also the gap flow is
of interest. The flow from the displacement chamber
through the gap into the case of the machine contributes
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to volumetric losses and must be kept as small as possi-
ble. The gap flow is given by:
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Fig. 3:  a) Inclined piston b) resulting gap heights, c) simu-
lation grid

Figure 7 shows exemplarily the calculated gap flow

between piston and cylinder for the standard piston and
the same operating parameters of the swash plate axial
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piston pump. Positive values denote a flow from the
displacement chamber into the case. The mean value of
flow Qsk flowing into the case during one shaft yields:

_ 17
Qsk = ?_([ Qg dt (10)

where T = time of shaft revolution.

For the given combination of operating parameters
and the given small clearance in Fig. 7 (full line) the
Couette flow dominates during the pumping phase, i.e.
the flow flows from the case into the displacement
chamber. The dotted line in Fig. 7 shows schematically
how the flow through the gap changes with increasing
clearance or pressure difference. Assuming same clear-
ance and same speed the gap flow during pumping
phase changes its direction with increasing operating
pressure, i.e. the Poiseuille flow becomes larger and
dominates the resulting flow direction. A similar effect
is achieved with increasing clearance, but this will
affect also the amount of flow during the suction phase.
IDC denotes the inner dead point of the piston and
ODC the outer dead point.

pressure in

R\ *~_hydrodynamic

pressure build-up

400 -chamber ' \
- A

2 ed

[=J (=3

(= =}
L L

pressure p [bar

Fig. 4: Pressure field inside the gap

Fig. 5: Pressure fields for different positions of the cylin-
der block calculated for a cylindrical piston with
CASPAR for pumping mode, pyp=300 bar, n=3000
rpm, v=30 cSt, maximum swash plate angle
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Fig. 6:

Simulated viscous friction forces a) axial direc-
tion/at the piston surface, b) tangential dir. /piston
surface, c) axial dir. bushing surface (pumping
mode, pup=300 bar, p_p=20bar, n=3000 rpm,
v=30 cSt, maximum swash plate angle)
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Fig. 7:  Simulated gap flow (pumping mode, p.p=300 bar,
pLp=20 bar, n=3000 rpm, v=30cSt, maximum
swash plate angle)

2.1 The Optimized Piston Shape

Within the project a large number of different piston
shapes has been analysed using the program CASPAR
(Lasaar, 2003). For all investigated surface variations
the load carrying ability, the piston friction force and
the gap flow were computed for different operating
parameters of a swash plate axial piston machine and
compared with the standard cylindrical piston when
running under same operating conditions. The investi-
gations were made for pumping and motoring mode.
The piston, which has performed best, i.e. has achieved
the lowest energy dissipation in a wide range of operat-
ing parameters is shown in Fig. 8. It should be men-
tioned here that an optimization of piston shape for
both pumping and motoring mode requires always a
compromise, whereas the optimization of surface shape
for only pumping mode or motoring mode respectively
offers a much bigger potential for improvements.
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Fig 8:  Cylindrical and contoured piston geometries

International Journal of Fluid Power 5 (2004) No. 1 pp. 23-36

Figure 9 shows the calculated pressure field for the
contoured piston B35L for again a certain number of
angular positions of the cylinder block and the same
operating parameters of the pump when running with
standard pistons, see Fig. 5.

Fig. 9: Pressure fields for different positions of the cylin-
der block calculated for the contoured piston B35L
for pumping mode, pyp=300 bar, n=3000 rpm,
v=30 ¢St, maximum swash plate angle

Using Eq. 7 and Eq. 8 the resulting friction force
yields:
FTKaII = FTZKax + FTZKtan 11)

Figure 10 shows the resulting piston friction forces
for the contoured piston B35L and the standard piston
S2, plotted over one shaft revolution.
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Fig. 10: Resulting viscous friction forces (pumping mode,
prp=300 bar, p_p=20 bar, n=3000 rpm, v=30 cSt,
maximum swash plate angle)

Figure 11 shows the simulation result for the gap
flow for both pistons. It is obvious that this piston helps
to reduce torque losses and volumetric losses of the

pump.
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Fig. 11: Gap flow for both pistons plotted over one shaft
revolution  (pumping  mode, pyxp=300 bar,
pLp=20 bar, n=3000 rpm, v=30cSt, maximum
swash plate angle)

Simulation results obtained with CASPAR have been
verified by experiment. For this purpose a special test
rig was developed and built at the Institute for Aircraft
Systems Engineering.

3 Friction Force Measurement

3.1 The Measurement Device

The aim of the measurement device shown in
Fig. 12, which is also called tribo pump, is the realiza-
tion of friction force measurements on the pis-
ton/cylinder assembly under conditions and operating
parameters comparable with series swash plate axial
piston machines. The friction force measurements were
made to verify the simulation results, to investigate the
behaviour of contoured pistons at low speed, i.e. in an
area where full lubrication cannot be achieved, and to
investigate the influence of micro geometry of surfaces
forming the lubricating gap.
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Fig. 12: Tribo pump measurement principle
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Fig. 13: Tribo pump — cross section

The proposed test pump design is schematically
shown in Fig. 12. To measure the friction force at the
piston/cylinder assembly on the rotating cylinder block
the standard bushing (11), which is pressed into the
cylinder block has been replaced by a hydrostatically
beared bushing (10). A three axes piezoelectric force
sensor is connected via a lever arm (7) with the bushing
(10) and has been used for measurement of friction
forces applied on the cylinder bushing. A piezoelectric
pressure sensor (4) has been used for measurement of
instantaneous cylinder pressure. To guarantee compa-
rable conditions between simulation and measurement
CASPAR allows reading measured pressure signals as
input data. As mentioned before CASPAR can also calcu-
late the instantaneous pressure by reading the valve
plate geometry, but when reading a measured pressure
profile directly, the calculated gap flow parameters
should fit best. To achieve the highest possible level of
comparability with standard machines the piston pitch
diameter, the diameter of the bushing, the piston stroke
as well as the slipper and valve plate design were made
identically to a standard machine. For space reason the
tribo pump has only three active pistons. For balancing
the cylinder block five auxiliary pistons were necessary,
which are supported by a part of the housing as shown
in Fig. 13 and in the 3D cross section in Fig. 14.
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Fig. 14: Tribo test rig

3.2 Exemplary Measurement Results

The test rig allows to measure friction forces ap-
plied on the bushing in axial and circumferential (tan-
gential) direction. Figure 15 shows exemplarily meas-
urement results obtained for a standard piston mounted
into the tribo pump when running in pumping mode at
1000 rpm and 100 bar pressure difference. For the
measurement of friction forces applied on the bushing
in circumferential direction, i.e. the friction force due to
relative rotation of the piston, it was not possible to
obtain absolute values. The reason for that is given by
the piezo electric sensor principle of the applied force
sensor, which does not allow to measure static values,
but is suitable for measurement of dynamic forces. To
obtain absolute values the sensor needs to be calibrated.
The calibration for the measurement of axial friction
forces was made by using the inner and outer deadpoint
of the piston to define the zero point. In the case of the
tangential friction force measurement the zero point
could not be found. Because for the relative piston
rotation causing tangential friction forces a standstill of
the piston is not easy to define.

That’s why Fig. 15 b shows only the scaling with
the value corresponding to 5 N, but not an absolute
value of the measured friction force.
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Fig. 15: Measured friction forces between piston and cylin-
der a) axial direction, b) tangential direction
(pumping mode, ppp=120bar, p_p=18 bar,
n=1000 rpm, v=30 cSt, maximum swash plate an-
gle, wrier=140 Hz, piston S2)
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Fig. 16: Measured axial friction forces for standard piston S2 (pumping mode,

c)

Ln

=)

500 rpm
6350 rpm
800 rpm
1000 rpm

0

60 120 180 240 300 360
o [°]

HP

1000 rpm
1200 rpm
1400 rpm -
1600 rpm

]_Hlll.' ||‘-|:!

0 60 120 180 240 300 360

swash plate angle, a) 50-200rpm, b) 200-500 rpm, ¢) 500-1000rpm, d) 1000-1800rpm)

a)

ax [N]

30

180°

0° 180°

IDC [p ODC yp IDC

___5_____n=800 rpm_;__
- \Puw=190 bar

004 006 008 0.1
time 7 [s]

b)

180°

¢ [°]
pup=80 bar, =30 cSt,
0° 180°

30 ¢St

0.02 004 0.06 0.08

time 7 [s]

Fig. 17: Measured axial friction forces for two different temperatures or viscosities resp.
(pumping mode, p, =18 bar, $=17°, piston S2, a) pyp=190 bar, n=800 rpm, b) pyp=80 bar, n=1000 rpm)
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Figure 16 shows a series of measurement results ob-
tained again for the standard piston S2 in pumping
mode for different pump speeds starting with 50 rpm up
to 1800 rpm. During all measurements the input tem-
perature of the oil was kept constant at 42°C. For the
used oil HLP 32 this corresponds to a kinematic viscos-
ity of 30 cSt. Figure 17 demonstrates the influence of
viscosity on the tribological behaviour of piston/-
cylinder assembly. Friction force measurements were
made for the same cylindrical piston S2 for two differ-
ent operating parameters and two different oil tempera-
tures at the pump inlet corresponding to 20 ¢St and 30
cSt. The graph on the right side of Fig. 17 shows a
condition where at 1000 rpm and 80 bar high pressure
full lubrication is achieved. The graph on the left side
shows measured friction forces for 800 rpm pump
speed and 190 bar high pressure where the load carry-
ing ability of the gap becomes a critical issue. Especial-
ly the friction force curve for lower viscosity (20 cSt)
shows clearly that the piston after crossing its outer
dead point is not sufficiently balanced by fluid forces
and mixed friction appears.
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5 HP T
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Z
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3.3 Comparison of Simulated and Measured Fric-
tion Forces for the Standard Piston

In case of full lubrication conditions the simulated
piston friction forces should fit with the measured val-
ues. Figure 18 shows exemplarily a comparison of axial
friction forces obtained with the standard CASPAR ver-
sion assuming rigid parts a) and simulation results ob-
tained with an extended program version, where also
elastohydrodynamic effects (EHD) are considered b),
see also (lvantysynova and Huang, 2002 and 2003).
Figure 18c) shows measured friction forces for two
pressure levels. It is obvious from Fig. 18d) that the
EHD model fits better with measurements, especially
on the high pressure side.
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Fig 18: Comparison of simulated and measured axial friction forces for two pressure levels a) rigid CASPAR version, b) EHD
CASPAR version, ¢) measurement d) all in one diagram (pumping mode, n=1000 rpm, p_p=18 bar, pyp=80/120 bar,
v=30 cSt, standard piston S2 and maximum swash plate angle)
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Figure 19 shows a comparison of tangential friction
forces with simulation results again for both program
versions and measured values for two pressure levels.
As mentioned before the measurement of tangential
friction forces had not allowed determining absolute
values. But the shape of the measured and simulated
friction curves fits relatively well.
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Fig 19: Comparison of simulated and measured tangential
friction forces for two pressure levels a) rigid
CASPAR version, b) EHD CASPAR version, c)

measurement  (pumping mode, n=1000 rpm,
pLp=18 bhar, p4=80/120 bar, n=30 cSt)
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3.4 Measured Friction Forces on the Contoured
Piston

Figure 20 shows the dimensions of a contoured pis-
ton, which was manufactured by high precision hard
turning. This piston HB1 has a shape very similar to the
piston B35L with an optimized shape found by CASPAR
simulation runs. Compared to today’s standard piston
production process grinding, the hard turning process
leads to a different surface micro structure even for the
same values of arithmetical mean surface roughness. To
eliminate effects caused by the different surface finish-
ing a cylindrical piston with dimensions of the standard
piston S2 was manufactured by hard turning. This cy-
lindrical piston H6 has a similar value of arithmetical
mean surface roughness as the contoured piston HBL.
This had allowed to investigate the influence of surface
shape on friction forces in a wide range of operating
parameters, i.e. also in the area of mixed friction.

6L
R,=0.305um 54
™
¢ HB1
-— (o o]
S o 18 =
s 2 36 S o
e < RN

Fig. 20: Macro geometry of piston HB1

Figure 21 shows a comparison of measured friction
forces for the cylindrical piston H6 and the contoured
piston HB1 for different pressures at a pump speed of
500 rpm and an inlet temperature corresponding to
30 cSt. Both pistons are manufactured by high precision
hard turning. The contoured piston HB1 has an arith-
metical mean surface roughness of 0.305 um. The value
of the cylindrical piston H6 is given in Table 1. When
comparing the friction force curves measured for the
contoured piston and the cylindrical piston shown in
Fig. 21 it is obvious that the contoured piston improves
the load carrying ability. At higher pressures (190 bar)
the cylindrical piston starts to run under mixed friction,
whereas the contoured piston still achieves full lubrica-
tion. Figure 22 shows that improvements were also
achieved for motoring mode.
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Fig. 21: Macro geometry influence on friction forces pumping mode, n=500 rpm, p p=18 bar, v=30cSt a) pyp=80 bar, b)

Fig.
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prp=150 bar

International Journal of Fluid Power 5 (2004) No. 1 pp. 23-36

d) 20

LP

HP
Pup=120 bar

H6

0.05

0.1
t[s]

0.15

Pup=190 bar

H6

0.05

0.1
t[s]

0.15

b) 607

LP

HP

- —H6

Pup=150 bar

0.05

0.1
I[s]

0.15




Monika Ivantysynova and Rolf Lasaar

. , a) 180° 0° 180°
25 IDC  Lp oDC HP IDC

15

10| [\

— elastic
-10F — rigid

.15t === measurement

I Bax.maxHP

=25 IDC i i ODC i IDC
-180 -90 Oo 90 180 % H1
o [°]

Fig. 23: Comparison of measured and simulated friction b) :
forces for the contoured piston HB1, n=1000 rpm, 0 0.02 0.04 0.06 0.08
pp=18 bar, pyp=120 bar, /yE30 cSt, pumping f[s]
mode 180° 0° 180°
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Figure 23 shows a comparison of simulated and 10l
measured piston friction forces for the contoured piston
HB1 for a pump speed of 1000 rpm and 120 bar high 0l
pressure and a corresponding inlet temperature of 42°C /
(v=30 cst). The full blackline shows the calculated -10 ¢
friction force obtained on the bushing surface using the —F.
EHD CASPAR version. It is obvious that the elasto-
hydrodynamic simulation model fits better with the
measured friction force, especially during the high
pressure phase. During suction stroke both simulation L,
models gives higher pressure forces than the measure-
ment. The authors do not have any explanation for this 0
effect at the moment. <)

Pup=150 bar

I'Bax maxHP

[N]

TB,ax

-40 |

-60 |

4 Micro Geometry Influence . ; ; .
0 0.02 0.04 0.06 0.08

A second topic of the reported research project was 180° 0° 180°

the investigation of the influence of surface roughness °  Ipc  p oDC  mp IDC
on energy dissipation in the gap. Because of missing -
generally valid analytical models for description of
physical effects taking place during mixed friction the
CASPAR simulation does not include any mixed friction
model. With CAsPAR only conditions with full lubri-
cation can be computed. Therefore the investigation of
micro geometry was realized experimentally using the
friction force measurement device presented in section
3. Seven cylindrical pistons with nearly the same diam- ,_f &
eter as the standard piston S2 were made and mounted 5
into the tribo pump. The pistons had a different arith-
metical mean roughness value, which was measured
before the test runs, see Table 1. All pistons are made
from hardened steel. Pistons H1, H2, H3 and H6 were
produced by high precision hard turning. The pistons

Pp=190 bar

. — ! H6
P1 and P2 were polished after grinding and achieved a
much better surface quality than the standard piston. 0 0.02 0.04 0.06 0.08
For all measurements a brass bushing with diameter and ¢ [s]
;3:8922:38 given in the last column (MB) of Table 1 Fig. 24: Micro geometry influence (pumping mode,

n=1000 rpm, pp=18bar, =30 ¢St a)
prp=80 bar, b) pyp=150 bar, ¢) pyp=190 bar)
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Figure 24 shows measured friction forces for all
tested pistons for different high pressures. All meas-
urements shown in Fig. 24 were made for pumping
mode at a pump speed of 1000 rpm and with an inlet
temperature kept constant at 42°C (30 cSt). The meas-
ured friction force curves show clearly the dependence
on surface finish. The results show further that a too
high quality (extremely low arithmetical mean rough-
ness) of the surface does not contribute to a further
decrease of friction. The piston H2 made by high preci-
sion hard turning has achieved the lowest friction. This
can be explained by the different surface structure. The
hard turning process produces a micro geometry with
grooves, which when filled with oil can help to reduce
mixed friction forces. The measurements confirm the
recommendations one can find in literature that an
arithmetical mean roughness of approx. 0.1 um repre-
sents the optimal value for this kind of tribological
system.

Table 1: micro geometries of pistons and bushing

part |[P1 |P2 |H2 |H3 |S2 |H1 |H6 |MB

Ra
[pm]

0.004 | 0.024 |0.07 0.1 0.114 |0.208 |0.35 1.194

dk

[mm 20.697 | 20.697 | 20.703 | 20.703 | 20.699 | 20.703 | 20.699 | 20.724

]

Srel
[-]

1.303 |1.303 |1.013 |1.013 |1.206 |1.013 | 1.206

5 Conclusion

This paper demonstrates the potential of an ad-
vanced gap design using computer simulation. The
presented contoured piston shape has been found by
model based optimization. Here the program CASPAR,
which was developed at the Institute for Aircraft Sys-
tems Engineering, was used. This program includes a
non-isothermal gap flow model, which is solved numer-
ically for the connected gaps of swash plate axial piston
machines. Especially the oscillating forces lead to mi-
cro-motion of moveable parts, which has to be consid-
ered when computing the gap flow in individual gaps. A
modified version of the program CAsPAR allows consid-
ering elasto-hydrodynamic forces. A comparison of
simulated and measured friction forces has shown that
the EHD model fits better with measurements. The
contoured piston improves the load carrying ability of
the gap and allows reducing both volumetric losses and
torque losses of the machine. The measurements have
also shown that a shaped piston can contribute to an
extension of the operating parameter range where full
lubrication is achieved. Finally the experimental inves-
tigations of micro geometry have confirmed that it is
not necessary to polish surfaces of lubricating gaps of
displacement machines.
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Nomenclature

dg piston diameter [mm]
Fax inertia force of of piston [N]
Fax axial piston force [N]
Fok pressure force on piston [N]
Fk fluid force [N]
Fsk reaction force swash plate [N]
Fr friction force [N]
Frs friction force on bushing surface  [N]
Fre slipper friction force [N]
Frx piston friction force [N]
Fok centrifugal force on piston [N]
h gap height [um]
Hk piston stroke [mm]
IDC inner dead centre [-]
3 piston guide length [m]
n shaft speed [rpm]
oDC outer dead centre [-]
p pressure [bar]
Po pressure in cylinder chamber [bar]
Pe housing pressure [bar]
E’HHF?) high pressure level [bar]
PLp (LP) low pressure level [bar]
Qsk gap flow (piston/cylinder) [1/min]
Qs mean gap flow [I/min]
Rg pitch diameter [mm]
Srel relative clearance [-]
t time [s]
T oil temperature [K]
Uk relative circumferential speed of  [m/s]
the piston
Vg piston velocity [m/s]
X,¥,z  Cartesian co-ordinates [mm]
X,¥,Z  co-ordinates (unwrapped gap) [mm]
B swash plate angle ]
o) rotating angle ]
M dynamic viscosity [Pas]
p density [kg/m?]
v kinematical viscosity [cSt]
® angular velocity [rad/s]
OFilter 3dB-frequency of the low pass [Hz]
filter
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