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Abstract

The present paper deals with the improvement to modelling of pneumatic systems. The thermal air process inside the
pneumatic chambers is modelled without using the polytrophic exponent to relate the pressure-density relationship. The
model takes into account the real gases behaviour and the thermal constant time for estimating hest transfer. The poly-
trophic exponent is used only for adjusting the data and to improve the understanding of the system. The validity of this

method is demonstrated by experiments.
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1 Introduction

The pneumatic technology is widely used through-
out manufacturing industry to provide linear motion,
medium force applications. Low cost pneumatic actua-
tors are cheaper, fast enough and they avoid pollution
in the event of external fluid leakage. This technology
can present a real advantage for positioning systems
but, until now, it has been essentially used for pick and
place applications.

During the last fifteen years, numerous elec-
tropneumatic positioning systems have appeared on the
market and, at the present time, most of pneumatic
manufacturers have on offer one or several arrange-
ments prepared for point-to-point control or position
tracking. Nevertheless, industrial positioning applica-
tions have been served primarily by hydraulic and
electric servo drives. The main reason for this is the
difficulty in using compressed air as a control medium.
Firstly, a pneumatic controlled drive has a very low
stiffness, small natural damping, and a natural resonant
frequency in the order of 10 Hz or less. And secondly,
it is very difficult to predict accurately the inherent
non-linear behavior of pneumatic systems in order to
establish a control strategy.

However, the opportunity to produce low cost
widely applicable pneumatic servo drives has attracted
a considerable research interest. Pneumatic actuator
steady-state performance can be determined in first
approximation by coupling the actuator and the regula-
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tion valve. In this way a prediction of the real working
conditions (i.e. input power, cycle time estimation, etc.)
cannot be achieved, especialy if the design specifica-
tions require fast operation of the system with common
speed control layouts.

Although the linear models can only represent ap-
proximately the dynamics of the physical system, they
have been used as an aid to the design of suitable con-
trol strategies for pneumatic servos (Weston et al, 1984;
Virvalo, 1989 and Brun et al, 1999). Different non-
linear control models have been proposed for describ-
ing the global behavior of the pneumatic chambers
(Brun et al, 1999 and Scavarda et al, 1994), but often
they are later linearized in the vicinity of an equilibrium
position. Usually, these models produce an improved
performance when used in position or tracking control,
even considering the polytrophic hypothesis, the gas as
perfect and some other simplifications.

The main loss of accuracy in predictive models of
pneumatic systems is due to the lack of good models
for gas thermodynamics, variable orifices and piston
friction (Maré et al, 2000). The objective of this paper
is to present a smple way of modeling these factors
and their order of magnitude. The classical meter-out
layout for speed control is used to show the method
accuracy.

2 GasDynamicsin Pneumatic Systems

In genera, fluid system components of reduced
characteristic length are supposed to be lumped pa-
rameter systems when the fluid conditions inside them
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can be described as a function of time aone. Thus, an
actuator chamber will be considered a concentrated
pneumatic capacity, while a local flow resistance will
be accepted to be a pneumatic resistance with the corre-
sponding causality relationship. For some components
of sufficient length (e.g. for transmission lines), a dis-
tributed parameter model has to be used. The character-
istic equations for gases in pneumatic tubes can be
found in literature (Arp, 1975).

The circuit that will be analyzed here is schemati-
cally shown in Fig. 1. It consists of a double acting
pneumatic cylinder that is connected to a two-position
five-way valve and a speed control valve. In modeling,
it is accepted that the pneumatic chamber is a thermo-
dynamic accumulator while passages through direc-
tional control valve act like pneumatic resistances.
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Fig. 1:  Pneumatic meter-out circuit for speed control

A pneumatic chamber is a thermodynamic accumu-
lator where the gas total energy, E, depends on the
mass, m, contained in the volume, V, and the specific
internal energy per unit mass, e. Inside the pneumatic
chamber, the specific internal energy of the air, consid-
ered a homogeneous non-reactive substance, is defined
by

V2
e=u +?+ gz (€]

The momentum variation will not be considered
within the control volume and the global mass potential
term, z, will be omitted in the following explanation.
Changes in E, being then E = U, occur because of the
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convection of energy (H ), the heat conduction through
the accumulator internal walls (Q,) and the port (Q.),
and the boundary mechanical work (pV). From a

causality point of view, the mass and energy transport
flows required for the pneumatic accumulator are out-
puts for the pneumatic resistance in conductance form.
The sign of the mass flow, m, is dictated by the sign of
the pressure drop across the valve.

Basic models of pneumatic actuators chambers as-
sume that the gas process in compression and expan-
sion is polytrophic (Andersen, 1967 and Sorli et &,
1999). A common practice is to assume that the proc-
esses involved are isothermal, adiabatic or in general
polytrophic. The polytrophic hypothesis guarantees
good resultsin afast and easy way by using mechanical
variables (i.e., neither temperature nor enthalpy are
needed), and not considering either the thermal and
mechanical coupling or the gas thermal behavior. But
the value of the polytrophic exponent used in calcula-
tions is often unknown and researchers have used dif-
ferent values that have proven in some cases to be inac-
curate. For example, it has been found experimentally
that the mean polytrophic exponent may exceed 1.8
when the non-ideal gas properties are considered in a
real compression process (de las Heras, 1997).

The polytrophic exponent method has been progres-
sively improved by considering, firstly, that the process
is adiabatic with isentropic conditions and ideal gas
(Wang et al, 1987). More recently, the isothermal
model has been successfully used in designing position
controllers (Scavarda et al, 1994). lkeo (lkeo et al,
1992) showed that the waveform of pressure and dis-
placement agree well with experimental results when a
polytrophic of n = 1.1 is selected. Unfortunately, such a
partial description of chamber thermodynamics is not
accurate enough to provide useful predictive models
since lkeo et a (1992) observed that it was not possible
to predict the temperature waveforms using a polytro-
phic exponent. It is important to notice here that an
expansion process with n = 1.1 in an open system, like
the pneumatic chamber, could be closer to adiabatic
than to isothermal.

Other models use the energy and conservation prin-
ciples to develop the set of equations that relate pres-
sure and temperature evolution during the overall proc-
ess (Maré et al, 2000 and Kagawa et al, 1990). These
models were not extended to the case of real gas and
they do not use the thermal time constant for estimating
the amount of heat transfer. The main virtue of the
thermal time is that can be directly compared in magni-
tude with the process time in order to know if the proc-
€ss, in expansion or compression, could be considered
adiabatic or not.

2.1 Temporal Changes of Thermodynamic Vari-
ables

The agorithm begins with the first principle applied to
the pneumatic chamber. With the piston moving, the
only mechanical work per time unit present is the pV

term, and hence;
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. d p
Q-pV=—|pedV + p(e+—]vd9 2
dt\J J p

The specific internal energy, e, appears in both in-
tegral terms in the right side of Eq. 2. The first right
side term can be easily integrated if it is assumed that
the product of density and specific energy is uniformly
distributed inside the pneumatic chamber. This is ac-
ceptable for a discharge process when the ratio between
the nozzle (or valve) area and the square of the cham-
ber characteristic length is small and, consequently,
local convective effects are only important in a small
region near the outlet vent.

It is common to use the hypothesis of local equilib-
rium, which means that the process occurs as a succes-
sion of statesin nearly static equilibrium. Although that
is essentialy incorrect, the continuous variation of the
uniformly distributed average pressure can be admitted
for small vessels. The same is not true for temperature
because of the local differences of density caused by
the flow and the heat transfer. However, following the
explanations of Deckker and Chang (Deckker, 1968), it
seems that the instantaneous temperature, as calculated
from the experimental pressure, corresponds acceptably
well to the average of the local temperatures experi-
mentally measured. For the effect of the heat transfer
near the wall the thermal boundary layer width, &, can
be estimated with Eqg. 18 if one wants to take it into
account when integrating Eq. 2.

In order to evaluate the convective term of Eq. 2,
further considerations are required. The gas kinetic
energy flow is much lower than the convected enthal py
flow in the inlet and outlet ports (about a thousand
times). Nevertheless, the Reynolds number in control
orifices is high enough in order to consider a uniform
velocity distribution in the whole input and output
sections. For that reason, with a uniform flow, the other
thermodynamic variables are assumed to be uniform
aso in the cylinder ports and Eq. 2 can be completely
integrated.

Furthermore, it is going to be assumed that the am-
bient conditions and supply pressure and temperature
are constant (in experiments, a five-percent variation in
pressure supply can be observed when movement be-
gins due to system limited capacity effects). The possi-
ble internal and external leakage, the influence of pipe
connections at the actuator inlets and the lumped resis-
tive, inductive, capacitive or propagation effects in
pipes are ignored. In practice the piston speed never
exceeds a few meters per second and thus the gas ki-
netic energy is typically much lower than the intrinsic
gasinternal energy.

With the above assumptions: e = u. It is also as-
sumed that properties of air flowing into the control
volume, V, through the area, Q, (subscript “i”) are dif-
ferent from those inside, and those flowing out are the
same as those inside. Then Eq. 2 becomes for a single
input:

Q- pV=U—m(ui+ﬂ],with m> 0 ©)
P
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and for asingle output:

Q- p\/:U—m[u+£j,withm<0 4
Yo,

The mass flow-rate has been taken positive when
flowing into a pneumatic chamber. In this way, the
instantaneous mass in each chamber can be calculated
by:

t
m=m,+ ~l'mdt (5)
0
and the instantaneous volumeis:

t
V=v0+det (6)
0

The external heat, Q, in the previous relations takes
into account the heat transfer between the air and the
cylinder wall, and the heat conduction through the inlet
and outlet ports:

Q=Q,+Q @)

The heat exchanged with the wall Q,, can be evalu-
ated using the thermal constant time, 7, derived from
the averaged heat-transfer coefficient of the cylinder
surface by:

Q= A (T, -T)=me, 2

®)

T

Equation 3 and 4 can be rewritten using Eq. 7 to be-
come:

U=Q, +{mh +Q}-pV,withm>0 9)

U=Q, +{mh+Q}-pV,withm<0 (10)

The switching between Eqg. 9 and 10 depends on the
direction of flow, which is determined by a pressure
balance between valve inlet and outlet. Here h is the
gas enthalpy that can be calculated by ¢, T, being ¢, a
function of temperature. This reticulation takes into
account the total power transmitted through the valve
(mh +Q,) and not just the enthalpy flow (mh).

The conduction heat, Q, is assumed to be propor-
tional to the temperature difference of the gas upstream
and downstream the valve, i.e. inside and outside the
chamber. It can be omitted in first approximation be-
cause it isonly needed if one wants to simulate the total
equilibrium in adiabatic conditions (if not, the gas can-
not reach it). No real system is completely adiabatic,
and that is the reason why there is always a thermody-
namic flow (heat conduction, Q,,) leading the system to
the total equilibrium condition where gas temperature
equals wall temperature.

In practiceit is better to work with temperatures and
pressures instead of enthalpy. With:

U =rmu+mu (11)

and, for a real gas (al properties referred to the gas
inside the pneumatic chamber):
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du=c,dT {Tg—p

~pld [ij (12
T » P
it is easy to transform Eg. 9 and 10 into the form (with-

out heat conduction, Q. ):
(m—vj} (13)
AV

G o
withm<O.

The pressure is derived integrating T and using the
desired gas state law and the corresponding initial con-
dition and gas density. The mean gas density is being
calculated at every integration step with Eqg. 5 and the
instantaneous volume from Eg. 6, depending on piston
speed and the corresponding piston area.

Since for an ideal gas,

S _ et 2P
T_mcv{ A, (T, —T)+(hg h)m+TaT

withm> 0, and

T:

ap
{aAN(FW —T)+Ta—_|_

1
mc

Vv

=p (15)

the Eq. 13 and 14 become, using again Eq. 8
T :M—i{p(\/ ——mj—cp(l's—T)m} (16)
P

7,  mc,

withm> 0, and

totu=T —i{p(\/——m} (17)
7 mc, P

withm<O0.

This reticulation replaces the usual polytrophic rela-
tion between gas volume and pressure. Furthermore, it
allows working with temperatures (even in the real gas
case with Eq. 13 and 14), and uses the thermal constant
time for estimating the heat exchanged with the sur-
roundings. The amount of heat transfer depends on the
mechanical process time or frequency, but an exact
value of the thermal time constant is not needed when
modeling if one compares its order of magnitude with
other characteristics times. For example, an isothermal
process occurs when the thermal time constant, z, isan
order of magnitude lower than the characteristic me-
chanical process time, usually the process time: 7.
Pourmovahed and Otis first introduced the thermal
constant time for pneumatic accumulators (Pourmova-
hed et al, 1990).

In transient thermal processes it is often assumed
that the process is isothermal near the wall and tends to
be isentropic further towards the internal region of the
volume. The thermal boundary layer width, &, is being

estimated by
L ko 1/2
T
~ = 18

(Re Pr)llz [po CpO] ( )

In the case of pneumatic systems, 7 is the process
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time and it usually depends on valve size, thermody-
namic stagnation conditions and cylinder geometry.
The order of magnitude of zis estimated by

O(r) =

(19
7C py

Thus, 6 can be calculated with variables in the
steady state stagnation condition. For example, with air
at normal conditions (Pr = 0.69), a volume of character-
istic length 0.1 meters and time 7 equal to 0.25 seconds
(Re = 2600), the wall thermal effect penetrates the
vessel 2.4 millimeters. With air at 7 bar abs, 6 becomes
only 1 millimeter and the process would be nearly
isentropic inside of the cylinder. In conventional indus-
trial applications where process times are getting
smaller as systems become faster, the adiabatic ap-
proximation works well because there is not enough
time to transfer heat (zr > 7). Thus, why does an iso-
thermal polytrophic index of 1.1 fit experimental data?

2.2 About the I nstantaneous Polytr ophic I ndex

It is accepted that the polytrophic index indicates the
amount of heat received by the gas and it has been used
in both open and closed pneumatic systems. The polytro-
phic relationship can be written

n_ .n

PL P2

Equation 21 could also be used in order to describe a

polytrophic process if one considers that p = pRT isvalid

between two states (1, 2) separated by time At.
h _ T

n-1 "~ n-1
P1 P2

PL_ P2 20)

(21)

Deriving Eq. 20 and 21, assuming n to be constant in
At, we obtain:

bRy T 22)
plp plp
which is easy to introduce into a computer program
(see Eq. 13 or Eq. 16).

This equation is worth considering with alittle thor-
oughness. The state equation for an idea gas and the
Gibbs equation for the internal energy, both expressed
per unit of mass and time and using the specific vol-
ume, v=1Up, are:

pv+ po = RT (23)
Ts-po=u=c¢T (24)
Equation 23 and 24 combined give
pv+ po = R (Ts-po) (25)
C,
Dividing by po and including Eq. 22, we get:

n=y-RTS (26)
G, pv
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An equation equivalent to Eq. 26 for real gases as a
function of the compressibility factor, z, defined in p =
zp RT, has been derived by de las Heras (de las Heras,
1997). In the same reference, the T $ product for an
amount of mass of gas m contained in a variable vol-
ume chamber in a quasi-static charging process is de-
duced to be

1, :
Ts=—(mh-h+Q,) (27)
The T'$ product is calculated while discharging by
Ts=1o, (28)
m

Therefore, using Eqg. 27 and 28, it is possible to
adapt Eq. 26 for both processes. Then

N 7_05 mh-h+Q, (29)

[

is valid for the air in the pneumatic chamber when the
flow comesin, and

Rl Q,

T G MY
(GGH
o

(30)

has to be used when the air is emptying the chamber.

It is evident now from Eq. 29 that an adiabatic load-
ing process (with Q, =0) is not with n= ybecause of the
existence of enthalpy flow. In an adiabatic and reversible
discharging process the specific entropy remains constant
following Eq. 28 and n= y from Eq. 30, but not the total
entropy since the systemislosing mass.

An analysis of the mean order of magnitude of the
termsin Eq. 29, for 7 = 1.17, shows that

7 T
O(m(h=h+Q,) _7-1 ™ ps{l J

n)Y) e . :% (31)
O[ p[V _mj] (y—DCpy Ps
P
Ikeo et al (1992) results are confirmed with

o(n)= 7—5@:11 (32)

As demonstrated, (de las Heras, 1997), when the in-
ternal irreversibilities are included in Eq. 27 and 28, the
polytrophic index can be bigger than the specific heat
ratio, which until now was accepted to be the polytro-
phic upper limit for the ideal gas.

2.3 Compressible Flow through Valves and Ori-
fices
The International Standard 1SO 6358 (1989) intro-
duces a simple analytic method for controlling, measur-
ing, conducting or guiding the air flow in pneumatic
circuits which is directly applicable to al types of
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pneumatic components. This pattern establishes a sim-
plification of the theoretical equation for the isentropic
mass flow rate of compressible fluid through conver-
gent nozzles first obtained by Saint-Venant in 1839.
When the upstream Mach number can not be neglected,
the mass flow rate was deduced by Mo (Mo, 1989).

The non-ideal nature of real gases and the fact that
the expansion process cannot be regarded as isentropic
deflect the real behaviour of the nozzle from the theo-
retic characteristic obtained by Saint-Venant. The real
flow path is adapted by using two experimental coeffi-
cients: the sonic conductance C and the critical pressure
ratio b. The 1ISO 6358 shows how to obtain these pa-
rameters by means of tests at steady flow.

Recently, an alternative method for obtaining the
sonic conductance of pneumatic valves, C, has been
presented (de las Heras, 2001). This new method uses
the characteristic unloading time defined in a transitory
discharge process and proposes an experimental proce-
dure a lower cost than the 1SO 6358. Furthermore,
with this method the test rig needed is not so large and
a precise measure of the variables involved in the dis-
charge, pressure, mean temperature or specific volume,
isnot required either.

The maximum theoretical mass flow rate is obtained

for chocked flow, with I’Eb:%=0.52, for y = 1.4.

When a gas expands in a convergent nozzle it is not
possible to take a pressure at outlet p, lower than the
value p,s, Which corresponds to the maximum mass
flow rate, because the pressure wave for the decrease of
p. does not come back upstream. In other words, the
flowing gas does not perceive that the downstream
pressure has decreased because is moving at the speed

of sound. In the subsonic path, where r =&> b, the
P,

flow-mass rate drops nearly dliptically with r increas-
ing, and so it is reasonable to define the term

o= 1_(%j2 (33)

Generally, the method presents the following for-
mulation in terms of the valve conductance, C. The
mass flow rateis:

m=CK;pyp@ (34)

where w is obtained from Eqg. 33 in the subsonic case,
and the stagnation temperature correcting ratio is:

Ki= = (35)

when r < btheflow ischoked and o= 1.

It is usually accepted that the nozzle geometry is a
very important local factor in the mass flow rate char-
acteristic. Definition of C in the ISO Standard is based
on test conditions at steady flow in which the upstream
pressure is maintained constant, and consequently, the
nozzle perceives a system with infinite capacity.

The contributions of the adjacent chamber of vol-
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ume V and capacitance C, and the resistance associated
with the system valve-line, R, are included in the de-
termination of C when the study is carried out by
means of the unloading characteristic time, 7. It has
been demonstrated recently (de las Heras, 2001), that
the eguivalent sonic conductance of the RC pneumatic
system can be evaluated using the expression:

K11
YPy Ty Ty

c (36)

Thisisadirect consequence of the C dependence on
the RC system time, 7. In this way, any given pneu-
matic element will conduct different flow rates depend-
ing on the system to which it is connected to and, con-
sequently, it is not possible to determine the true effec-
tive conductance of the element by the steady flow test
indicated by 1SO 6358. Furthermore, the sonic conduc-
tance obtained by Eq. 36 is smaller than the one ob-
tained by the SO 6358, and explains why the effective
mass flow through some valves is significantly smaller
than one expected when using the C estimation sug-
gested by the SO Standard.

3 Model Experimental Validation

Test circuit is shown in Fig. 1. A speed control valve
in meter-out layout controls the cylinder speed. This is
the way used in most common industrial applications
because it is accepted that the actuator speed gets bigger
increasing supply pressure. With meter-out regulation,
both chamber pressures are high enough to reduce the
influence of friction variation due to changes in ambient,
seal and wall temperatures. Furthermore, cylinder speed
can be controlled and stick-dip phenomenon is avoided
except for extremely low velocities.

The conductance of the speed control valve in Fig.
1 was found to be a function of the valve switch posi-
tions (Table 1). The critical pressure ratio resulted of
0.3 for both flow valves. The main data concerning the
actuator and working conditions have been summarized
inTable 2.

The diding friction model is reduced to Eq. 37
wherein the diding coefficients have been evaluated by
adjusting the experimentd data (Fig. 2). Karnopp's ap-
proach (Karnopp, 1985) was used for the stick friction
model due to its proved computationa efficiency
(Haessing et al, 1991). The results of tests show that
Coulomb friction level at zero velocity is influenced by
the mean value of chamber pressures (p;+p,) due to seal-
ing design and its effect on normal force distribution. On
the other hand, the pressure difference (pi—p.) approxi-
mates the slope of the viscous friction. In fact, both pres-
sures do not have the same effect in diding, probably due
to sed asymmetries and to a non-uniform lubrication
(coefficient k, in Eg. 37). The effective eadticity
modulus of the materials in contact was verified by Virto
to be the most significant magnitude of the diding (Virto
et al, 2000).
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Fig. 2.  Friction force data for the actuator (label is p;-p,
bar, positive direction of dliding)

Experiments were carried out for all the positions
(from switch 1 to 4) of the speed control valve and for
4 and 7 bar absolute supply pressures. In initial condi-
tion, the command V. to the 5/2 valve is absent and the
piston is retracted. The signal V¢ causes the rod extends
and the start of data acquisition. After that, chamber
pressures and the actuator stroke and velocity were
recorded during some cycles of operation and the cycle
mean times computed and compared with the simulated
ones. In Fig. 3 measured velocity is compared with the
simulated one. It can be observed that both curves
agree quite well over the cycle.

Table1l: Speed control valve conductance for four
valve positions

Valve positions C [L/min/bar]
Switch 4 141
Switch 3 2.68
Switch 2 13.2
Switch 1 210
1 [
] — Simulated
] ——Experimental
0.5 Tﬁ\
] el
E o \
-05 ]
1 w—
1 ]
0 0.25 05 0.75 1

o

Fig.3: Actual and simulated velocity during a cycle for
switch 2 and ps=4 bar abs (Tc (exp) = 2.62 )
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Table2: System data during experimental tests and
used in simulation

Actuator total stroke 450 mm
Piston diameter 45 mm

Rod diameter 15 mm
External force 0 N
Atmospheric pressure 0.98 | bar
Ambient temperature 292 K
Thermal constant time 5 S
Directional control valve .
conductance (al bias) 490 | L/min/bar
Speed control valve conductance | See Table 1

Cycle times aobtained from experiments are compared
with the simulation results in Fig. 4 and 5. Deviations
between the actual and simulated cycle times are less than
3.5 % for al the cases. However, it is interesting to note
that the cycle time was quite similar for both supply pres-
sure with al the positions of the speed control valve. For
example, one can observe in Fig. 5 that when supply
pressure changes from 4 to 7 bar, the result is only aten-
percent cycle time decrease. We can aso observe that the
plot of cycle time vs. valve conductance follows a hyper-
bolic law: a decrease in cycle time needs an increase in
valve conductance, and hardware fixes the limits.

14
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I % |
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Fig. 4. Cycle times vs speed control valve switch for ex-
perimental and simulated results (ps= 7 bar abs)
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Fig.5: Cycle times for experimental and simulated results
vs. control valve conductance for 4 and 7 bar
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In Fig. 6 the trajectory lines obtained for the four
positions of the speed control valve are showed. A
good agreement can be observed concerning the shapes
of the response. A steady-state motion follows the
quick start-up, where the velocity is function of con-
ductance of the control valve and the rod chamber
pressure. It is been observed that during the start-up in
meter-out circuits the pressure in the piston chamber
increases quickly. Cushion effect generated by the
movement of the piston compressing air in the rod
chamber is more evident for small speed control valve
conductances (valve positions 3 and 4).

1

075

0.5

=L

0.25

0 025 05 0.75 1
e

Fig.6: Normalized trajectory lines for the four switch
positions of the speed control valve and ps= 4 bar
abs

Although it is not evident from Fig. 6, the initial
piston movement is identical for all the positions of the
speed control valve until pressure in the rod chamber
reaches the stationary value. This shows the inadequacy
of meter-out velocity regulation for short actuators
where the steady-state movement will not be achieved.
The cushion effect is not present in meter-in regulation
where the steady-state is achieved quickly and, for this
reason, the cycle time is not much longer in meter-in
than in meter-out circuits, and the control over the
piston velocity becomes easier.
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Fig. 72 Smulated mean gas temperatures during a cycle for
switch 2 and ps= 4 bar abs
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Figure 7 and 8 show the predicted results obtained for
the averaged gas temperature and polytrophic index for
each chamber. After the quick start-up in both directions
of movement, the smulated mean gas temperature ap-
pears to reach a Stationary value. Looking at the instanta-
neous polytrophic index changes shown in Fig. 8, it is
evident that the polytrophic index is not constant. How-
ever, a mean polytrophic index of 1.1 fits experimental
data, as it has aready been said, and can be used for de-
signing proposes. The low-level temperature value ob-
tained for the piston chamber when the rod starts the
return movement it is aso significant because it fdls
down to 235 K. This is a consequence of the quick dis-
charge of air contained in this chamber. Pressure p; drops
from supply pressure to exhaust pressure, and can produce
condensation of water. Air in the rod chamber does not
become so cool because pressure p, held a amost the
same valuefor full cyclein meter-out layouts.
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Fig. 8. Smulated instantaneous polytrophic index during a
cyclefor switch 2 and ps= 4 bar abs

When the piston movement begins, the polytrophic
index n; tends to reach the isothermal value as air con-
tained in the piston chamber is pressurized as it is ob-
served in Fig. 8. Meanwhile, in the rod chamber the
polytrophic n, increases to 1.4 and remains at this value
until steady-state motion of piston is achieved and
pressure p, remains practically constant. The polytro-
phic index can be estimated using Eq. 29 and 30 if the
system can be considered adiabatic, i.e., whilet << 7.

During the return stroke the piston chamber is de-
pressurised quickly. For the rod chamber, one can ex-
pect n, reaching the isothermal level (because is charg-
ing and n; reached it in the forward movement) but the
simulated value is about 1.4. This is a consequence of
the comparison in magnitude of numerator and de-
nominator of Eq. 29. The quick return motion observed
in meter-out circuits is caused mainly by the fast re-
laxation of air in the piston chamber while is being
depressurised. Being the rod chamber pressure similar
to the supply pressure when the return stroke begins
(i.e., p2 = ps), the flow incoming the rod chamber ism=
0. Using Eq. 29, we  deduce that

pV >>m(h,—h)+Q, =0 and then n, = % Obviously,

when Vv-"1=0, i.e, the gas density is congtant, the
P

polytrophic n, of the rod chamber grows up to infinite.
During the return stroke the polytrophic index of the
piston chamber follows Eq. 30 in an adiabatic process
and, hence, n; = ¥

4 Conclusions

The air compression process and fluid flow in pneu-
matic systems has been discussed in this paper. Useful
relationships that will help designers to improve their
models using real gas state laws, gas interrelation with
its surroundings by the thermal time constant, and the
total energy transmitted at the ports have been presented.
Pneumatic models should incorporate a stick-dlip fric-
tion agorithm in order to adjust the actuator complete
dynamics.

The method presented in this paper allows the accu-
rate prediction of cycle times. The accuracy of the
algorithm was confirmed by experiments and can be a
good reference point for understanding the pneumatic
servomechanisms in which the compressibility effects
are important, and the volume of the fluid concerned is
variable. Models developed using this paper could be
structured as a component library and used to identify
the behaviour of more complex systems.

Nomenclature

b critical pressureratio [-]
% gas velocity [m/s]
Cyv gas specific heat at constant volume  [Jkg/K]
Co gas specific heat at constant pres-  [Jkg/K]
sure
e specific internal energy [Jkg]
g gravity [m/s’]
h specific enthalpy [Jkg/K]
k gas conductivity [Im/K /4]
m mass of gas [kg]
n mean instantaneous polytrophic [-]
index
p mean absolute gas pressure [Pa]
r pressure ratio [-]
s gas specific entropy [Jkg/K]
t time [s]
u specific intrinsecal internal energy  [Jkag/K]
z compressibility factor [-]
A equivalent valve area, nozzlearea  [m?]
C  sonic conductance [m®/s/Pa]
E gastotal internal energy [J
F force [N]
K gascharacteristic constant [sKYZ/m]
L characteristic length [m]
O() order of magnitude operator
Pr Prandtl number, Pr = cyu/k [-]
Q amount of heat exchanged per unit  [J/s]
of time
R gas constant [Jkg/K]
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Re  Reynolds number, Re= pL%ut [-]

T spatially averaged absolute gas [K]
temperature
Tc  cycletime [s]
H enthalpic flow [J4
m mass flow rate [kg/s]
VvV  volumechangerate [m?g]
o  averaged heat-transfer coefficient  [¥m?/K/s]
o thermal boundary layer width [m]
y gas specific heat ratio [-]
U gas dynamic viscosity [kg/m/s]
w subsonic term defined in Eq. 33 [-]
P spatially averaged gas density [kg/m?]
T characteristic time []
Q  generic surface [m?]
Subscripts

0 stagnation condition, initial condition
1 up-stream, actuator piston chamber
2 down-stream, actuator rod chamber
am  amosphere

exp experimental

friction

air flowing into the chamber

sonic condition, sound

wall

exhaust port

normal condition

supply port

temperature, thermal
Unloading/discharging

cHdmwzms » — ™
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